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A Method for Studying the Effect of Extreme Pressure Additives 
on Rubbing Metal Surfaces 


By ALLAN A. MANTEUFFEL! and GEORGE WOLFRAM! 


When a film of lubricant separates two moving metal surfaces, it may be subjected to radical 
changes in temperature as the severity of the forces changes. This paper is concerned with a 
technique which measures the temperature of the lubricant after it leaves the area of rubbing 
metal surfaces. Special attention was given to: (A) the changing load conditions, (B) the 
changes in frictional force, (C) the effect of phosphate coating of the metal surface, and (D) the 
effect of different lubricant compositions. A modification of the Shell Four-ball EP Lubricant 
Tester has been made which permits automatic recording of a temperature—load curve which 
registers the temperature and frictional forces with either constant or changing load. 

The work has shown that as the load increases at a uniform rate, there may be drastic and 
sudden changes in lubricant temperature which depend on lubricant composition as well as on 

metal surface composition. 


Introduction ¢ 


IN the petroleum industry the annual expenditures toward 
the development of improved gear lubricants are very sub- 
stantial. Individual companies are not only concerned with 
lubricant quality to satisfy customer requirements, but also 
with performance levels as defined by Ordnance Specifi- 
cations such as Mil-L-2105 and the more recent Mil-L- 
002105A. Customer requirements and Ordhance Specifica- 
tions are sometimes synonymous. Many’tests have been 
devised to help predict the field performance level of a 
lubricant and to study the mechanisms generally associated 
with gear lubrication. No single test is known which can be 
used to predict ultimate lubricant performance; however, 
some procedures do yield valuable information which may 
be applied to the whole problem. 

An adaptation of a simple bench test has recently afforded 
the opportunity to observe more closely the phenomena 
related to the rubbing of metal surfaces lubricated by 
different oil compositions. The Shell Four-ball EP test 
machine has been modified to record automatically the 
temperature of the lubricant immediately after it leaves the 
area of contact between rubbing metal surfaces. As regular 
increases are made each second in the load applied to the 
rubbing surfaces, the temperature changes are recorded on 
a chart. Thus, there is generated a “temperature—load”’ 
curve. Separate and simultaneous automatic recordings of 
the changes in frictional force are made on the same chart 
that shows the temperature versus load relationship. The 
effects of blend composition on frictional force changes and 
on lubricant temperature changes with progressive increase 
in load have been observed. At selected points along the 
temperature—load curve, measurements of the rubbing sur- 
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face scar areas have also been made to determine the rela- 
tionship of wear to temperature and load. The influence of 
phosphate coating of steel balls on the temperature—load 
relationship has also been observed. The temperature—load 
characteristics of specific lubricants have been developed 
with phosphate coated balls and with uncoated steel balls. 
This paper will be concerned with a discussion of the test 
procedure, the data developed and the interpretation of the 
data in relation to composition of lubricant and metal surface. 
At the present date the full significance of all the data ob- 
tained has not been determined, yet the method is felt to have 
merit and should be disclosed for consideration by others. 


Description of test apparatus and procedure 


Apparatus 

The conventional Shell Four-ball EP Lubricant Tester 
familiar to the industry has been modified and adapted for 
the subject new test procedure. The apparatus has been 
described (1) as consisting of three contacting balls (usually 
steel) held in a fixed position relative to each other and a 
rotating fourth ball above and in contact with each of the 
other three. The fourth ball is pressed against the three 
stationary balls with an adjustable force and rotated at a 
constant speed. For our work this speed has been 1800 rpm. 
The points of contact are lubricated by an oil in a cup or 
pot surrounding the four-ball assembly. 

The Four-ball EP Tester has beenadapted to record 
automatically lubricant temperature changes due to 
regular and progressive increases in the load applied as 
shown in Fig. 1. 

The following modifications of the conventional ap- 
paratus have been made: 

(1) A new ball pot was built and equipped with a rigidly 
mounted iron—constantan thermocouple and a ball- 
locating device to assure the same relative position of 
the thermocouple and balls for each test run as shown 
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(2) 
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in Fig. 2. The lubricant level is at least } in. above the (3) 
top rotating ball. The thermocouple, positioned just 

off of the center of the four-ball pyramid, “senses” (4) 
the temperature of the oil as it leaves the immediate 
area of the rubbing metal surfaces. This position, 
determined by experimentation, was found to give 
the maximum lubricant temperature that could be 
measured. Slight changes in thermocouple position 
result in significantly lower oil temperatures. This 


SHAKER MOTOR 
WEIGHT xaaamued 


LOADING WHEEL 
AND GUARD 


BALL SHAKER 


An oil retainer ring was provided for the ball pot to 
minimize oil loss due to splashing (Fig. 2). 

A frictional force adaptation for automatically record- 
ing changes in the frictional force at the rubbing 
metal surfaces is shown in Fig. 3. Details of this 
device are explained in Appendix A. 


Procedure 
The test procedure for automatically recording the 
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Fic. 1. Automatic loading device for Four-ball EP Lubricant Tester. 


may be considered a “‘stream’’ temperature and is 
not the lubricant film temperature in the metal con- 
tact area nor is it a bulk oil temperature. The tem- 
perature data are registered on a continuous chart 
recorder. 

The chart recorder was also equipped with an auto- 
matic timing device which would produce a “blip” the 
(mark) in the curve at one-minute intervals. This 
instrument was used to draw a continuous tempera- 
ture curve with time references coincident with 
uniform increase in load of 10 kg/min or 167 


g/sec. 
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temperature-load curve and the simultaneous automatic 
recording of the frictional force is as follows: 

A set of steel balls (SAE 51200 steel, 4 in. diameter) 
is “broken-in” at a predetermined load (usually 20 kg) 
for one minute with lubrication furnished by the test oil. 
With the test machine still running the temperature of 


oil at the thermocouple is continuously recorded on 


a chart while the load is increased at a uniform rate 
equivalent to 10 kg/min until the oil temperature at the 
thermocouple reaches approximately 400 F, or until 
welding of the test balls occurs at the rubbing metal 
interface. 







HERMOCOUPLE 


THERMOCOUPLE IS LOCATED TO SENSE LUBRICANT 
TEMPERATURE AS IT LEAVES RUBBING CONTACT AREA. 
LOCATION IS CONSTANT FOR EACH TEST RUN. 


Fic. 2. Schematic diagram of ball cup and thermocouple. 
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Fic. 3. Frictional force torque arm adaptation. 


Type of data developed 


Temperature—load curves have been developed by means 
of this modified Four-ball procedure for many different 
lubricant formulations. An examination of the curves 
developed has indicated that under the same test conditions 
each formulation has a different and characteristic tem- 
perature-load curve. Repeatability of curves is usually 
excellent when re-runs are made on the same formulation. 
This is demonstrated in Fig. 4, showing the curves of three 
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Fic. 4. Type of curve generated and repeatability of temperature— 
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separate test runs on the same lubricant with reasonably 
close facsimiles. Although the temperature—load curve is 
developed through an entirely different mechanism, the 
picture portrayed is somewhat analogous to an infra-red 
scan in that any changes in lubricant composition will 
change the configuration of the curve. 

Figure 5 shows abrupt variations in lubricant temperature 
causing a major change in the general pattern of the 
temperature-load curve. These changes are preferably 
called transition points. The temperature—load curve for 
the specific mineral oil (no additive) shown in Fig. 5 















300 7 
PAY 
250 
o4 
200.4 
150 A 
|. STRAIGHT MINERAL OIL C 
2.SURFACTANT IN MINERAL OIL C 
3.A FATTY ACIDIN MINERAL OIL C 
100 = Pf 4,SULFUR ADD IN MINERAL OIL C 
5EP ADD IN MINERAL OIL C 
50-4 





300 400 


TEMPERATURE °F 


500 


Fic. 5. Temperature—load curves showing effects of different 
types of component additives. 


exhibits a fairly uniform temperature rise which is approx- 
imately proportional to load thereby leading to the conclu- 
sion that the frictional forces as evidence by temperature 
remain relatively constant throughout the test. This pattern 
is typical of only one type of straight mineral oil which we 
have studied and cannot be considered representative of all 
mineral oils (without additives). Although the temperature 
recorded is that of the oil leaving the rubbing metal sur- 
faces, the influence of heat loss through metal parts can be 
observed in the slope of the curve at the higher tem- 
peratures. 

Any deviation from the basic mineral oil curve is un- 
doubtedly the result of changes in the frictional forces 
influenced by chemical activity of compounded oils at the 
rubbing interface. In their work on Mechanisms of Boundary 
Lubrication, Bowden and Tabor (2) had come to a similar 
conclusion. Differences from the basic mineral oil temper- 
ature-load curve due to the addition of different compo- 
nents are illustrated in Fig. 5. 

The curves developed for various types of straight mineral 
oils are shown in Fig. 6. It is interesting to note that the 
most highly refined mineral oil shows drastic temperature 
increases at very low load which probably results from the 
absence of polar type compounds. 

The direct relationship of friction and temperature is 
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Fic. 6. Temperature-load curves showing effects of different 
types of mineral oils. 


most important in this work. Some of the temperature—load 
curves shown in this presentation are accompanied by 
simultaneous recordings of frictional force. Figure 7 illus- 
trates the temperature—load curve for a multi-purpose gear 
oil and the corresponding frictional force curve for the same 
lubricant. Both curves were recorded automatically and 
simultaneously. Two simultaneous curves have been found 
to yield a more complete story of lubricant potential than 
does either curve run separately. 
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Fic. 7. Coincidence of frictional force curve with temperature— 
load curve. 


One possible explanation of the data is that boundary 
lubrication conditions prevail throughout this test and that 
the conditions change from very mild to severe as the test 
progresses (3). Pure hydrodynamic lubrication is not 
present as evidenced by wear (increasing scar diameter) 
from the very beginning of the test. 

From observations of a great number of temperature—load 
curves for different known compositions, it has been noted 
that there is a relationship between chemical composition 
and the occurrence and the location of the transition point. 
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For example, an evaluation has been made of gear lubri- 
cants containing multi-component additives similar to those 
commercially available additives used to meet Ordnance 
Specification Mil-L-002105A. Any small change in the 
proportions of the components will be reflected in the 
changing shape of the curve and the location of the transi- 
tion point. A fairly uniform pattern of the temperature—load 
curve such as shown for Lube X in Fig. 8 can be changed 
to that shown for Lube Y in Fig. 8 by merely varying} the 
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Fic. 8. Effect of varying the proportion of additive components 
upon the pattern of temperature—load curves. 


proportion of the additive components while maintaining 
a constant total additive content. There is here a potential 
tool which may help in the choice and quantity of gear oil 
additive components required for different levels of field 
performance. 

The quality and quantity of the additive cannot always 
be related to the shape of the curve. The additive may 
induce an unexpected transition point with subsequent 
increases in frictional force, in scar diameter and in tem- 
perature. Thus it is possible through this test to observe 
immediately and record that an additive can contribute to 
“premature” film breakdown as well as to the healing of 
contacting metal surfaces. It is possible to observe the 
mechanical and chemical factors at work to re-establish a 
chosen norm which is reflected in the general slope of the 
curve. At those points along the curve where chemical 
activity appears to re-establish lower frictional force, the 
temperature may drop drastically (in some cases over 100 F 
in less than 5 sec), may increase very slowly, or again may 
increase at the anticipated normal rate. 

Observations of wear diameters at various critical points 
on selected temperature—load curves have led to a number 
of interesting conclusions. After a characteristic curve had 
been developed for a lubricant, specific points along the 
curve were selected for observation of wear diameters. A 
series of independent tests were then run from the initial 
break-in load to the preselected point. A fresh oil sample 





a 











A Method for Studying the Effect of Extreme Pressure Additives on Rubbing Metal Surfaces 161 


and a new set of test balls were used for each run of the 
series. After the test was stopped at the preselected point, 
the ball scar diameters were measured and the nature of 
the scar was recorded. Typical curves observed in this work 
are shown in Fig. 9. Table 1 expands the data obtained for 
two different gear lubricants with known performance 
levels. These levels were established by comparative tests 
in which the performance levels of reference lubricants 
defined in the new rating system (4) were known. 
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Fic. 9. Relationship of scar diameter to temperature—load curve 
developed. 


TABLE 1 


Measurements at Critical Points 











At At At At 
Lube Point A | Point B | Point C | Point D 
I (8-90 level) (4) load, 
kg 90 240 270 290 
Temperature, F 160 305 460 485 
Scar diam., mm 0.503 1.54 2.28 2.48 
Pressure, psi 210,000 | 62,000 | 31,000 | 29,000 
At At At At 


Point E | Point F | Point G | Point H 





II (6-90 level) (4) Load, 


kg 80 95 120 170 
Temperature, F 160 165 340 435 
Scar diam., mm 0.503 0.804 1.43 2.07 
Pressure, psi 187,000 | 88,300 | 36,000 | 24,000 

















The observations drawn from the data obtained from the 
testing of lubricants I and II are: 


(1) There is a uniform increase in wear from the initial 
break-in load to the transition points B or F for a 
uniform temperature-load curve. 

(2) At the transition points B and F (Fig. 9) the pressure 
and temperature activate specific chemical compo- 


nents of the lubricant which interact very rapidly 
with the rubbing metal surfaces. This reaction mod- 
erates and the rapid rate of temperature rise subsides. 
A decrease in frictional force at this point was also 
observed. This we have confirmed with a radio- 
traced element in the lubricant. In another series of 
tests on the same formulation as Lubricant I but 
with the additive prepared with radiotraced sulfur as 
one of the EP elements, the amount of combined 
sulfur in the ball scar and in the debris surrounding 
the scar was shown to be five times greater at Point C 
than at Point B. No sulfur combined with metal was 
noted at Point A and the increase in combined sulfur 
at Point D was only slightly higher than that at 
Point C. The rate of sulfur reaction with metal was 
highest in the transition area of the curve. 

(3) In the progression along the temperature—load curves 
shown in Fig. 9 for Lubricants I and II, different 
types of scars are produced on the test balls. These 
scars vary from small, uniform, perfect circles as 
found in the induction period of the curve to the 
rough crater-like scar with burred edges as found in 
the transition period of the curve. With some gear 
oils very large perfect circle scars can occur after the 
transition period suggesting a healing effect of the 
extreme pressure additive. 


Effect of Phosphate Coating 


Experience has shown that the type of coating on the 
rubbing metal surfaces has a marked effect on frictional 
forces which are reflected in temperature of the lubricant. 
The “break-in” of newly machined gear teeth is usually a 
critical period in the life of the gears. For this reason 
phosphate coating (5) of the gear teeth has been used as a 
means of protection during this critical “‘break-in” period 
of mating gear teeth surfaces. The Four-ball Temperature— 
Load test has been run to determine the effects produced by 
the phosphate coating of the test balls. The coating applied 
to the balls was of the same fine grain structure as preferred 
by industry for coating of differential gears. A comparison 
of the temperature—load curves of a lubricant is made in 
Fig. 10. The comparison shows the difference in tempera- 
ture-load curves when the same lubricant and the same test 
procedure were used with both “‘uncoated”’ and “‘phosphate- 
coated”’ test balls. The curves in Fig. 10 were produced 
with a Military L-002105A approved gear lubricant. 

The observations drawn from the temperature—load 
curves compared in Fig. 10 are: 

(1) The general configuration of the curves for coated 
and uncoated test balls are almost identical for the 
same lubricant except that the characteristic transi- 
tion points for curves produced with phosphate- 
coated balls take place at higher temperatures and 
loads than the same characteristic transition points 
on curves produced with uncoated balls. 

(2) Almost all of the curves produced with phosphate- 
coated balls show higher temperatures for given loads 
than curves produced with uncoated balls (see Fig. 
10). The comparisons, of course, are made on the 
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same lubricants for each set of curves. The increased 
heat for a given load implies greater frictional force 
when phosphate-coated balls are used. To the casual 
observer this may seem contrary to what would be 
expected since experience has shown that phosphate 
coating has simplified the problem of initial break-in 
of gears and countless other applications. The 
phosphate coating reduces the criticality of the break- 
in period of rubbing parts to a point where EP 
additive usually needed for break-in can be reduced 
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Fic. 10. Effect of surface coating upon temperature—load curves. 


or eliminated. One would associate this with reduc- 
tion in frictional force. Yet the authors’ work has 
shown that the heat involved is actually increased. 
The phosphate coating at the rubbing interface has 
a delaying action on the influence of the chemical 
components of the lubricant as evidenced by the 
same temperature-load patterns at higher loads and 
temperatures. This is even more interesting when 
one considers that there is only a very small amount 
of soft phosphate coating around the perimeter of 
the rubbing interfaces. 


The flexibility of the temperature-load test procedure 
can be appreciated when it is realized that the progressive 
loading can be stopped at any particular level and that the 
test can be continued as a ‘‘temperature—constant load” 
test instead of a temperature—progressive load test. An 
example of the use of the temperature—constant load curve 
in comparison with the temperature—progressive load curve 
may be seen in Figs. 11, 12, 13 and 14. Figure 11 shows the 
relation of the frictional force curve to the temperature- 
progressive load curve for a Military L-002105A approved 
lubricant on phosphate-coated balls. Figure 12 shows the 
frictional force curve and the temperature—constant load 
(130 kg) curve for the same Military L-002105A approved 
lubricant on phosphate-coated balls. Figure 13 shows the 
relation of the frictional force curve to the temperature— 
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Fic. 11. Relation of frictional force curve to temperature—progres- 
sive load curve for a Military L-002105A approved lubricant on 
phosphate-coated balls. 


progressive load curve on phosphate-coated balls for a 
Gear Oil A which failed to lubricate properly phosphate- 
coated gears under severe high torque conditions. Figure 14 
shows the frictional force curve and the temperature- 
constant load (130 kg) curve for the same Gear Oil A on 
phosphate-coated balls. 

The constant load of 130 kg was arbitrarily selected for 
observation because Gear Oil A which failed on phosphate- 
coated gears showed a seizure on the temperature—progres- 
sive load curve (Fig. 13) at a slightly lower load of 123 kg. 
Under a constant load of 130 kg (Fig. 14) a seizure occurs 
at 270 F after 14 min. In contrast, Fig. 12 suggests that the 
Military L-002105A approved lubricant after penetrating 
the phosphate coating on the balls quickly established a 
constant low frictional force. 
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sive load curve for Gear Oil A. 
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Fic. 14. Frictional force curve and temperature—constant load 
(130 kg) curve for Gear Oil A. 


Use of radioactive elements 


Work has been initiated to investigate further the mech- 
anisms involved in boundary lubrication and the effect of 
individual EP elements on these mechanisms. By means of 
this Modified Four-ball Test procedure, lubricants which 
contain radioactive EP elements are being evaluated. After a 
characteristic curve is developed for a specific lubricant, 
quantitative measurements of the radioactive elements are 
made on the ball scars that develop at the major transition 
points of the characteristic curve. 


Summary 


The Shell Four-ball EP bench test machine has been 
modified to record automatically temperature changes of 


the lubricant immediately after it leaves the area of the 
rubbing metal surfaces while regular and progressive in- 
creases are made in applied load. Simultaneously automatic 
recordings are made on the same chart of changes in fric- 
tional force and the accompanying changes in temperature 
and load. From the curves developed certain conclusions 
have been drawn, namely: 


(a) Each lubricant tested has a characteristic curve when 
the same test conditions prevail. 

(b) A definite relationship exists between the temper- 
ature—load curve and the frictional force curve of the 
same lubricant. 

(c) The study of wear diameters at the transition points 
on the temperature-load curve reveals that very 
rapid wear occurs together with a rapid drop in unit 
pressure during these periods of severe boundary 
lubrication. Radioactive element studies show that in 
this area there is increased chemical activity between 
the metal surface and active EP elements in the 
lubricant. 

(d) Differences in surface condition of the rubbing 
metal produce a marked effect upon temperature— 
load characteristics. Curves obtained with a lubricant 
on phosphate-coated balls have essentially the same 
configuration as the curves obtained with the same 
lubricant tested on uncoated balls. However, the 
curves generated with the coated balls will show 
transition points and weld points at higher tem- 
peratures and pressures than the curves generated 
with the uncoated balls. 

The authors feel that while much remains to be done in 
the interpretation of the data presented, the Four-ball EP 
bench test apparatus and procedure, as modified, present a 
new and promising means of studying the influence of EP 
additives in lubricants and their effect on boundary 
lubrication. 


Acknowledgments 


The authors express their appreciation to the following 
who have helped to make this work and paper possible: 
P. R. Chapman, J. O. Schimmel and R. G. Moyer 
of The Pure Oil Research Center for their contri- 
bution in developing the modified apparatus and test 
procedure. 


REFERENCES 


1. Precision Screntiric Company; Instruction Manual for the 
Shell Four-ball Extreme Pressure Lubricant Tester, introduc- 
tory page. 

2. Bowpen, F. P. and Tasor, D.; Friction and Lubrication of 
Solids (Oxford University Press, London), 2nd ed., 1954, 
Chap. X, pp. 200-227. 

3. Brox, H.; “Fundamental Mechanical Aspects of Boundary 
Lubrication”, Trans. SAE, vol. 46, No. 2, 1940, pp. 54-63. 

4. Sanps, T. P.; CRC Report on Project No. CM-25-58, 
January 2, 1958, pp. 2 and 3. 

5. ASME Handbook, Metal Engineering Processes, Sec. 8.4, 
p. 414. 








164 ALLAN A. MANTEUFFEL AND GEORGE WOLFRAM 


APPENDIX A 
Automatic recording device for frictional force 


The Poco method for recording frictional force on the 
Four-ball EP machine makes use of a differential trans- 
former connected mechanically to the torque arm of the 
ball-pot holder. When the frictional force changes, it causes 
the torque arm to move by virtue of its connection to a 
spring. Movement of the torque arm displaces the armature 
of the differential transformer and changes its output 
which is amplified and rectified to move a pen on a recorder. 


The recorder chart is driven by a clock mechanism so that 
a torque-time curve is drawn and coincides with the 
temperature-load curve, that is drawn as a result of lubri- 
cant temperature changes. To facilitate reading the chart 
the pen drive circuit is equipped with an interrupter which 
causes the pen to mark 1-min time intervals on the curve. 
The differential transformer and torque spring are cali- 
brated with dead-weights so that the pen position on the 
chart can be used to determine actual torque. If the load 
on the balls is known at a particular point on the torque 
curve, the coefficient of friction can be calculated. 











Extreme-Pressure Lubrication and Wear. 
The Influence of Contact Stress on 
Metallic Wear 


By A. DORINSON! and V. E. BROMAN?! 


The wear of a steel pin terminating in a truncated 120° cone rubbing on the flat surface of a 
rotating disk was studied in relation to the initial contact stress. With white oil as the lubricant, 
three ranges of initial contact stress were employed: 152,000-157,000 psi, 67,000—76,000 pst 
and 47,000 psi. Typical time-dependent wear curves for the two higher pressure ranges were 
multistage in character, showing first a sharp rise in the amount of wear, then a levelling-off 
and finally a transition to rapid wear again. At 47,000 psi initial contact stress, wear was a 
linear function of time. A compounded extreme-pressure lubricant was studied at 250,000 psi 
and at 148,000-156,000 psi initial contact stress. The time-dependent course of wear in these 
cases showed only two stages: the initial sharp rise and the levelling-off. The significance of 
the early phases of an experiment on metallic wear with respect to the mechanism of extreme- 
pressure lubrication is discussed. 


Introduction 


THE investigation which is being reported here was under- 
taken as an exploratory study into the influence of contact 
stress on lubricated metallic wear in the extreme-pressure 
domain. Contact stress as a parameter in metallic wear has 
not been given as much attention as has total load. Burwell 
and Strang (1), using a modification of Holm’s layer-wear 
theory (2), presented an expression for the depth-rate of 
wear as a function of contact stress, but on close examina- 
tion this equation turns out to be a special case of a mech- 
anism which relates the volume-rate of wear to the total 
load applied. Archard (3) analyzed a model surface com- 
posed of asperities located at various levels and came to 
the conclusion that the volume-rate of wear is a function 
of the applied load. 

In his experimentation Archard (3) used a stationary 
cylindrical pin, the end of which rubbed on a rotating ring. 
Although no specific figures are given for the areas of con- 
tact between specimen pieces, it seems highly probable 
from the wear volumes reported that these areas were large 
and proportionately changed but little with progressive 
wear; i.e. the experiments were carried out under relatively 
low and fairly constant nominal contact stresses. Burwell 
and Strang (1) used two types of rider: a cylinder of small 
cross section and a pin terminating in a truncated cone, 
these rubbing against the flat surface of a rotating disk. 
Their experiments were carried out over a range of contact 
stresses extending well into the extreme-pressure region. 

To a certain extent the authors’ work parallels that of 
Burwell and Strang. But in addition to investigating metallic 
wear in the presence of a non-polar hydrocarbon lubricant, 
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as they did, the authors have included a study of wear in the 
presence of a compounded extreme-pressure lubricant. 


Experimental technique 

Basically the wear apparatus employed was a rotating disk 
upon which a stationary slider rode under load, as shown 
diagrammatically in Fig. 1. The apparatus was sturdily 
constructed; in particular the holder for the rider was 
mounted in a rigid, carefully-aligned set of guides, and the 
rider was fitted snugly and accurately into the holder. 

A rider terminating in a 120° truncated cone, such as 
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Fic. 1. Schematic diagram of apparatus. 


was employed by Burwell and Strang (1), was also used in 
this work. This geometry allows the contact stress to be 
conveniently adjusted over a wide range, high contact 
stresses to be attained with applied loads of reasonable 
magnitude and wear to be measured accurately and sensi- 
tively. Wear was monitored by measuring the diameter of 
the truncated area with a filar-head measuring microscope 
sensitive to 2x 10-5in. 


TO VARIABLE SPEED MOTOR 
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One of the undesirable consequences of the geometry of 
a rider terminating in a truncated cone is the decrease in 
contact stress as the area of contact is enlarged by wear. 
This can be minimized by adjusting the load to compensate 
for the increase in area. Another technique is to restrict the 
pressure drop to some reasonable figure, say 10,000 psi for 
an initial contact stress of 200,000 psi. If the load is 22 Ib, it 
is easy to show that forty-two incremental measurements 
differing by 2 x 10-5 in. can be made as the contact stress 
drops from 200,000 psi to 190,000 psi. 

In this study, however, it was decided to operate at 
constant load, allowing the contact stress to decrease as the 
area on the end of the rider enlarged. Because the rider 
traced out a reiterated path on the disk, this technique is 
designated as the constant-load, single-track procedure, 
details of which are given as follows. 


Constant-load Single-track Procedure 


(1) The rider specimen is placed in the holder and, in 
the presence of the lubricant under study (if any) at 
a previously selected speed and under low load, an 
initial flat area is worn on the conical tip of the pin 
by rubbing against the disk specimen. The dimen- 
sions of this area are ascertained by measurement, 
and the load necessary to furnish the required pres- 
sure is put on the spindle. 

(2) The wear experiment proper is started on a fresh 
track on the disk. The rider specimen is accurately 
replaced in the holder with the aid of a scribed 
locating mark and, at the selected speed in the 
presence of the lubricant under investigation, is 
allowed to rub on the disk for a designated time. 

(3) The rider is removed from the holder and the 
dimensions of the worn area are measured. 

(5) The rider is again replaced in the holder and the 
wear process is resumed. As many repetitions of the 
wear and measurement process are carried out as 
are necessary for the experiment. 

The specimen pieces used in this investigation were made 
of AISI 1045 steel through-hardened to an average value 
of 50 Rockwell C, with a maximum deviation of +2 
hardness units from piece to piece or from location to 
location on the same piece. The flat surfaces of the disks 
were dry-ground to an average surface roughness of 4+ 1 
microinches. Other than thorough flushing with benzene 
and hexane, no special techniques were used to clean the 
specimen pieces. Unless the specimen piece is reduced and 
outgassed in vacuo, the surface will always be contaminated 
with oxide and perhaps also with the last solvent used. 
There may actually be an advantage in carrying out 
experiments with specimen pieces whose surfaces are 
covered with oxide, such as would be encountered in 
ordinary rubbing wear. 

Lubricant was applied dropwise to the disk just before 
it entered into contact with the pin. A few runs were also 
made with the disk immersed in lubricant. At the contact 
stresses prevailing in this investigation, it made no detect- 
able difference whether the disk was lubricated dropwise or 
by immersion. 


Wear as a function of contact stress. Experimental 
results 


The first data to be considered here were obtained by 
the constant-load, single-track procedure at 100 ft/min with 
white oil, viscosity 18.14 cs at 100 F, purified by percola- 
tion through silica gel, as the lubricant. This can be re- 
garded as a case of extreme-pressure wear in the presence 
of an indifferent lubricant.! In Fig. 2, which shows data 
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Fic. 2. Wear, increase in radius, by constant-load, single-track 

procedure. Lubricant, white oil. Rubbing speed, 100 ft/min. 

Load and initial pressure: I 2368 g, 157,000 psi; II 2518 g, 
152,000 psi; III 2368 g, 152,000 psi; IV 2343 g, 157,000 psi. 


from quadruplicate experiments in the range 152,000- 
157,000 psi initial contact stress, the authors have plotted 
the time-dependent course of wear as radius of the wear 
scar on the rider in order to compare their results with the 
depth-rate form of Burwell and Strang’s expression (1), 
which requires a linear increase in wear scar radius with 
time. Figure 3 shows the results of these same experiments 
in terms of net volume worn from the rider in order to see 
whether a linear volume-rate mechanism is operative. 
Other experiments were carried out at 67,000—76,000 psi 
and at 47,000 psi initial contact stress. Detailed data are 
presented in Tables 1-3. 

Figures 2 and 3 illustrate the typical problems in inter- 
preting the data. Curve III exemplifies a case where one 
experiment shows a significant deviation from the other 
members of the set. Curves I and II each show a random 
discontinuity. The sources of deviation can be separated 
into two categories, manipulative and systematic. Manipu- 
lative deviations are those arising from the way the experi- 
mental apparatus is handled; in this experimentation the 
most obvious manipulative uncertainty is non-uniformity 
in the replacement of the rider in its holder after each 





1 In the absence of lubricant, at the pressures employed in this 
investigation, the steel rider was worn to a depth of 0.030 in. in 
less than 30 sec. 
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measurement. This is probably responsible for the random 
discontinuities in a given wear curve. General differences 
of significant magnitude between individual wear curves, 
however, are probably not manipulative, but instead 
reflect such systematic influences as small differences in 
hardness and metallographic structure of individual rider 
specimens. 

Once the uncertainties in data such as are depicted in 
Figs. 2 and 3 have been assessed, attention can be directed 
to what is revelatory. On the whole, three distinct stages 
are observed in each individual curve: (a) an initially 


rapid phase, (b) a phase characterized by a levelling-off in 
the extent of wear, and (c) a sudden transition to a state of 
rapid wear at substantially constant rate. Three out of the 
four curves in Figs. 2 and 3 follow this course closely; the 
fourth shows a sudden transition from a rapid initial wear 
rate to one somewhat less rapid. 

It will be noted in Curves I and II of Figs. 2 and 3 that 
the data for the latter part of each experiment were taken 
at five-minute intervals. This raises the question as to 
whether the sparsity of the data might conceal further 
levelling-off phenomena such as are observed in the initial 
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Fic. 3. Wear, net volume, by constant-load, single-track procedure 

Lubricant, white oil. Rubbing speed, 100 ft/min. Load and 

initial pressure: I 2368 g, 157,000 psi; II 2518 g, 152,000 psi; 
III 2368 g, 152,000 psi; IV 2343 g, 157,000 psi. 
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Fic. 4. Wear, increase in radius, by restored-pressure procedure. 
Lubricant, white oil. Rubbing speed, 100 ft/min. Pressure, 
155,000 psi. 
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portion of each curve. Figure 4 shows the results of an 
experiment! in which the data are spaced closely enough to 
demonstrate more convincingly the reality of the transition 
to rapid wear. The average rate of wear in terms of radius 
enlargement is 6 x 10-5 in./min for the time interval from 
20 sec to 2 min of running. The average rate of radius 
enlargement for the next four minutes is 17 x 10-5 in./min. 
There are five data points in the first portion of the curve 
and five in the second. The maximum variation of the slope 
between two consecutive data points from the average is 
3x 10-5 in./min for the first portion of the curve, 5 x 10-5 
in./min for the second portion. The overall rate of radius 
enlargement from the second to the tenth minute is 
14x 10-5 in./min; this includes the last two points, where 
the average drops off to 11 x 10-5 in./min. 

Figures 5 and 6 show the average wear behavior in the 
three ranges of initial contact stress studied. The curves 
were constructed from the averaged data of several wear 
experiments in each stress range. The composite curves for 
the ranges 152,000-157,000 psi and 67,000-76,000 psi 
follow the multistage course of wear described above. 
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Fic. 5. Average wear, increase in radius, by constant-load, single- 

track procedure. Lubricant, white oil. Rubbing speed, 100 ft/min. 

I 152,000-157,000 psi, initial. II 67,000-76,000 psi, initial. 
III 47,000 psi, initial. 


Neither composite is consistent over its entire course with 
a constant volume-rate mechanism or a constant depth-rate 
mechanism. The data for 47,000 psi initial contact stress 
fit either of these mechanisms. This is a consequence of 
the geometry of the truncated conically-tipped rider in 
relation to the low rate of wear at this pressure, as demon- 
strated by the quantitative treatment given in the Appendix 


(Pp. 173). 





1 This experiment was run under somewhat different condi- 
tions than the experiments depicted in Figs. 2. and 3 The load 
was adjusted after each measurement to restore the contact stress 
to 155,000 psi. If anything, this procedure would be expected to 
work against the levelling-off phenomenon. It is probably respons- 
ible for the earlier onset of transition to rapid wear. 


Since the curves shown in Figs. 5 and 6 were constructed 
from averaged data, one must have cause to believe that the 
discontinuities observed there validly represent a physical 
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Fic. 6. Average wear, net volume, by constant-load, single-track 

procedure. Lubricant, white oil. Rubbing speed, 100 ft/min. 

I 152,000-157,000 psi, initial. II 67,000—76,000 psi, initial. 
III 47,000 psi, initial. 


phenomenon and do not arise from the averaging of the 
original data. This doubt can be reasonably dispelled by an 
examination of the individual wear curves constructed 
from the data shown in Tables 1-3. The discontinuities 
observed in the early stages of the individual wear curves 
occur in a consistent manner and are readily distinguishable 
from the random discontinuities characteristic of manipu- 
lative uncertainties. Another point to be considered is 
whether the spread of the individual data allows reliable 
discrimination between the composite curves for the dif- 
ferent contact stresses. An analysis of the standard devia- 
tions of the individual data from the points shown in Fig. 5 
revealed that the composite curves for 152,000—-157,000 psi 
67,000-76,000 psi and 47,000 psi initial contact stress 
could be reliably distinguished from each other. A similar 
analysis for Fig. 6, which depicts the wear in terms of 
volume, showed that one cannot distinguish among the 
curves until well after the transition. This is not surprising, 
since the formula for the volume wear of a truncated conical 
rider involves the difference of the cubes of the initial and 
the final radii. 

Having thus examined the effect of experimental uncer- 
tainties on the data, one can justifiably consider that Figs. 
5 and 6 reveal the following facts about the effect of initial 
contact stress on the wear of the specimen pieces in the 
presence of white oil: (A) Wear is more severe at higher 
initial contact stresses. (B) At a high enough initial contact 
stress wear becomes multistage in character, passing from 
a levelling-off phase to a condition of rapid wear. (C) The 
higher the initial contact stress, the more pronounced is 
this transition. 

In contrast, Figs. 7 and 8 show the average course of 
wear for a naphthenic base oil containing a very effective 
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TABLE 1 
Wear Data at 152,000-157,000 psi Initial Stress 


Constant-load, Single-track Procedure 
White oil 100 ft/min 
Specimens: Hardened AISI 1045 


TABLE 2 
Wear Data at 67,000-76,000 psi Initial Stress 


Constant-load, Single-track Procedure 


White oil 100 ft/min 
Specimens: Hardened AISI 1045 









































| Net Net 
Time,| Load, Radius, Area, volume, | Pressure, Time, | Load, Radius, Area, volume, | Pressure, 
min g 10-3 in. 10-5 in? | 10-® in® psi min g 10-3 in. 10-5 in? 10-° in? psi 
0 2343 3.23 3.267 | — 1.57 x 105 0 2218* 4.83 7.313 a 6.70 x 104 
1 3.31 3.449 | 1.75 1.49 1 4.89 7.493 2.57 6.50 
2 3.40 3.616 | 3.39 1.42 2 4.94 7.656 4.76 6.40 
3 3.47 mane | 4.89 1.36 3 5.03 7.964 8.82 6.15 
4 3.53 3.915 | 6.22 1.32 4 5.04 7.980 9.28 6.10 
20 4.77 7.126 | 45.24 0.72 5 5.04 7.980 9.28 6.10 
| 7 5.05 8.020 9.74 6.08 
0 2368 3.25 SK — 1.52 9 5.06 8.044 10.20 6.07 
1 3.36 3.541 | 2.18 1.47 14 5.12 8.225 13.02 5.94 
2 3.40 3.609 3.01 1.44 19 5.15 8.314 14.46 5.87 
3 3.42 3.667 | 3.43 1.42 24 5.19 8.442 16.40 5.80 
4 3.43 3.689 3.64 1.41 2% 5.24 8.524 17.38 5.73 
20 4.37 5.994 | 29.70 0.87 34 5.24 8.622 18.86 5.67 
0 2368 3.33 ce — 1.57 0 1968 4.34 5.903 =~ 7.35 
1 3.49 3.824 | 3.38 1.36 1 4.40 6.061 2.08 7.15 
2 3.54 3.936 | 4.50 1.32 2 4.40 6.068 2.08 7.10 
3 3.59 4.049 5.65 1.29 + 4.44 6.171 3.50 7.00 
a 3.61 4.094 6.12 1.27 6 4.52 6.398 6.41 6.80 
9 3.88 4.740 13.26 1.10 8 4.57 6.541 8.28 6.60 
14 4.33 5.888 26.76 0.89 13 4.77 7.130 16.19 6.10 
19 4.61 6.674 36.91 0.78 18 4.93 7.630 23.02 5.70 
24 4.80 7.222 44.54 0.72 23 $13 8.262 32.20 5.20 
0 2518 3.46 3.652 — 1.52 0 1868 4.15 5.421 — 7.60 
1 3.61 4.094 3.40 1.36 1 4.17 5.460 0.63 7.53 
2 3.65 4.184 4.36 £.32 2 4.19 5.499 1.26 7.47 
3 3.68 4.251 5.09 1.30 + 4.21 5.566 1.90 7.40 
4 3.72 4.334 6.08 1.28 6 4.27 5.727 3.86 7.18 
9 4.15 5.394 18.17 1.03 8 4.37 6.000 6.24 6.85 
14 4.42 6.137 27.16 0.90 13 4.50 6.339 11.88 6.48 
19 4.69 6.909 37.33 0.80 18 4.57 6.537 14.49 6.28 
24 4.96 7.728 48.73 0.72 23 4.66 6.816 17.97 6.03 
0 1018 3.19 3.202 -- 7.00 
commercial extreme-pressure additive. The characteristics 4 re or a “4 
of the compounded oil are listed below. 4 3 36 3515 331 6.37 
0.63% Sulfur 6 3.40 3.610 4.14 | 6.20 
1.10% Chlorine 8 3.44 3.708 4.99 6.04 
mpi im is x67 | 4205 | 1026 | 532 
A .26 4 
80.3 co at 100 F 20 3.79 4.505 13.29 | 4.97 
The same constant-load, single-track procedure used for 


the study of white oil was employed here; rubbing speed 
was 100 ft/min and the lubricant was fed dropwise to the 
region of contact. Initial contact stresses were 250,000 psi 
and 148,000—156,000 psi respectively in two sets of experi- 
ments. Data are shown in Table 4. Figure 9 shows the 
curves for individual experiments with compounded oil 
compared with the averaged curve for white oil at 152,000- 
157,000 psi. 

As can be seen from Figs. 7 and 8, wear with the com- 
pounded extreme-pressure oil does not follow either the 
constant-volume or the constant-depth rate over the entire 
course of an experiment. The most striking influence of 
extreme-pressure compounding is the elimination of the 
transition to accelerated wear observed with white oil. 





* These data were not used in Fig. 5. 


Consequently, even though the average wear curve for 
compounded oil at 250,000 psi lies above the average curve 
for white oil at 152,000-156,000 psi in its early stages, 
nevertheless the amount of metal worn away in the presence 
of compounded oil is eventually less than the amount worn 
away in the presence of white oil as the course of wear 
proceeds. In the early stages of wear in the presence of 
compounded oil, the effect of compounding at equivalent 
contact stress (148,000-156,000 psi) is to decrease wear 
relative to white oil, while at 250,000 psi the influence of 
the higher contact stress is manifest even though the oil 





TABLE 3 
Wear Data 47,000 psi Initial Stress 
Constant-load, Single-track Procedure 
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White oil 100 ft/min 
Specimens: Hardened AISI 1045 
Net 
Time,| Load, Radius, Area, volume, | Pressure, 
min g 10-3 in. 10-5 in? 10-9 in’ psi 
0 973 3.80 4.547 — 4.70 x 104 
1 3.82 4.583 0.53 4.67 
3 3.84 4.637 1.06 4.60 
8 3.90 4.768 2.69 4.50 
13 3.96 4.926 4.37 4.35 
18 4.10 5.286 8.49 4.05 
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Fic. 7. Average wear, increase in radius, by constant-load, single- 

track procedure. Rubbing speed, 100 ft/min. I white oil, 152,000- 

157,000 psi, initial. II compounded oil, 250,000 psi, initial. III 
compounded oil, 148,000—156,000 psi, initial. 
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Fic. 8. Average wear, net volume, by constant-load, single-track 

procedure. Rubbing speed, 100 ft/min. I white oil, 152,000- 

157,000 psi, initial. II compounded oil, 250,000 psi, initial. III 
compounded oil, 148,000—156,000 psi, initial. 


TIME, MINUTES 


Fic. 9. Wear, net volume, by constant-load, single-track procedure. 

Rubbing speed, 100 ft/min. I white oil (average), 152,000-157,000 

psi, initial. Compounded oil, load and initial pressure: II 4875 g, 

250,000 psi; III 2175 g, 250,000 psi; IV 2418 g, 152,000 psi; 
V 2643 g, 148,000 psi. 


contains extreme-pressure compounding. The individual 
curves of Fig. 9 demonstrate that these effects are not 
masked by the deviation between duplicate experiments. 


TABLE 4 
Wear Data for Compounded Oil 


Constant-load, Single-track Procedure 























100 ft/min Specimens: Hardened AISI 1045 
Net 
Time,| Load, Radius, Area, volume, Pressure, 
min zg 10-3 in. 10-5 in? 10-® in? psi 
0 2418 3.30 3.403 —- 1.56 x 105 
1 3.43 3.692 2.67 1.44 
2 3.46 3.756 3.32 1.41 
3 3.48 3.799 3.75 1.40 
4 3.50 3.833 4.19 1.39 
9 3.55 3.964 5.32 1.34 
14 3.58 4.032 6.01 1.32 
19 3.60 4.077 6.48 1.30 
24 3.62 4.111 6.95 1.24 
0 2643 3.53 3.914 a 1.48 
1 3.56 3.992 0.68 1.46 
2 3.58 4.037 1.15 1.44 
3 3.60 4.083 1.61 1.42 
a 3.64 4.174 2.56 1.39 
9 3.68 4.243 3.54 1.37 
14 3.70 4.289 4.03 1.36 
19 3.72 4.359 4.53 1.33 
24 3.74 4.394 5.03 1.32 
0 4875 3.70 4.287 = 2.50 
1 3.98 4.952 7.49 2.16 
2 4.02 5.067 8.65 2.11 
3 4.03 5.092 8.95 2.10 
a 4.05 5.142 9.54 2.09 
9 4.14 5.362 12.28 2.00 
14 4.15 5.414 12.59 1.98 
19 4.20 5.532 14.17 1.94 
24 4.24 5.624 15.46 1.91 

















Extreme-Pressure Lubrication and Wear. The Influence of Contact Stress on Metallic Wear 171 


TABLE 4—continued 
Wear Data for Compounded Oil 


Constant-load, Single-track Procedure 














100/ft/ mins. Specimens: Hardened AISI 1045 
| | | 
| Net 
Time | Load, Radius, | Area, volume, Pressure, 
min. g 10-3 in. | 10-5 in? | 10-° in? psi 
o | 2175 | 246 | 193 | — | 250 
1 2.75 | 2.320 3.57 | 2.06 
2 | 288 | 2.468 | 5.44 | 1.94 
3 | 292 | 2610 6.05 | 1.83 
4 | 2.96 | 2.694 | 668 | 1.77 
9 | 3.06 | 2.872 8.32 | 1.67 
14 | 3.09 | 3.020 8.84 | 1.58 
19 | 3.20 | 3.153 | 1081 | 1.52 
24 | | 3.24 | 3.217 | 11.56 | 1.49 
' | \ 
Discussion 


Except for the data at 47,000 psi initial contact stress, 
one cannot fit the time-dependent progress of wear as 
observed by the authors to either a constant depth-rate basis 
as presented by Burwell and Strang (1) or to the constant 
volume-rate presentation of Archard (3). There is no single 
value for the wear rate in a given experiment over its entire 
course. No doubt the reason for this is that the specimens 
were not subjected to a preliminary wearing-in, as was 
employed by Burwell and Strang (1) and by Archard (3). 
Consequently, the authors were able to observe phenomena 
that would be missed if the first measurement were not 
made until considerable wear-in time had elapsed. 

In the authors’ opinion, some of the phenomena of most 
significance to the understanding of extreme-pressure 
lubrication occur during the initial stages of rubbing con- 
tact. This is exemplified by the comparison of wear in the 
presence of a compounded lubricant and in the presence of 
white oil (Figs. 7 and 8). Wear in the presence of com- 
pounded lubricant does not exhibit the sudden transition 
to an accelerated rate characteristic of wear in the presence 
of white oil. 

If one assigns this much significance to the transition, 
one must give some consideration to the evidence for its 
reality. Not all of the experimental data the authors ob- 
tained are as clear-cut in this respect as the curve shown in 
Fig. 4. For a number of experiments, especially those carried 
out at initial contact stresses in the range 67,000—76,000 psi, 
straight lines passing through the origin can be drawn 
without any of the data points showing serious deviation 
from its respective line. However, the deviations of the 
early points are systematic rather than random; they lie 
above the respective lines in each case. Moreover, the depar- 
ture from linearity is retained in the averaged curves of 
Figs. 5 and 6; if the deviations of the original data were 
random, one would expect the averaged curves to be 
straight lines without any signs of inflection. It should also 
be noted that the data points of the individual wear curves 
in the presence of compounded lubricant, as shown in Fig. 
9, do not exhibit any evidence of a transition. 

The early stages of wear, as depicted in Figs. 7 and 8, 

M 


take much the same general course, regardless of whether 
the lubricant is a compounded oil or white oil. There is a 
more or less rapid rise in the amount of wear, followed by 
a levelling-off. At approximately equivalent initial contact 
stress, the total amount as well as the rate of rise is less for 
the compounded oil than for white oil. When the initial 
stress is higher for the compounded oil than for white oil, the 
amount and the rate of rise is also higher. But, because of 
the transition exhibited by the wear cu:ve for white oil, 
eventually the compounded oil shows the less wear even at 
the higher stress. A comparison of the data in Tables 1 and 
4 indicates that this behavior cannot be ascribed to pro- 
gressive decrease in contact stress by enlargement of the 
wear scar on the rider. 

What is the significance, then, of the transition in the 
presence of white oil for extreme-pressure lubrication? A 
clue to a possible explanation can be had by examining the 
work of Kerridge (4) and of Kerridge and Lancaster (5), in 
which the relation between the wear of a rider and the trans- 
fer of wear particles to the other surface was studied. The 
early stages of the authors’ wear curves resemble the early 
stages of the time-dependent course of metal transfer ob- 
served in the work cited above. Now it should be kept in 
mind that the authors’ disk specimens had a ground surface 
of 3-5 microinches average roughness. It seems logical, 
therefore, to ascribe the levelling-off to the deposition of 
transferred material in the valleys of the grinding marks on 
the disk and to the wearing down of the high spots, i.e. to 
a smoothing out of the wear track. If the lubricant is white 
oil, the pressure-dependent appearance of a wear transition 
signifies the failure of the lubricant to keep primary wear 
particles from agglomerating in response to the high inter- 
face temperature of the area of contact. These agglomerates 
harden as they are formed and cause severe abrasion of the 
rubbing surfaces. However, if the lubricant contains an 
extreme-pressure additive, the primary wear particles react 
with the additive agent to become more or less coated with 
non-metallic reaction product which inhibits agglomeration. 

Figure 10 illustrates the deposition of wear particles on 
the surface of the disk specimen in the presence of white 
oil. At 157,000 psi initial contact stress, the track on the 
disk is quite rough after 24 min rubbing time and seems to 
consist essentially of a heavy layer of deposited material 
which does not entirely obscure the original grind marks. 
Score marks caused by large, hardened agglomerates which 
were trapped under the rider are evident. At 47,000 psi 
initial contact stress, the amount of transferred material is 
much smaller, the grind marks are more evident, there is 
less roughening and damage on the track, and only one 
deep score mark is seen. 

One must not omit from consideration the fact that the 
experiments reported here were run under conditions of 
decreasing contact stress because of the progressive increase 
in the area of the wear scar on the rider. This could con- 
ceivably be responsible for the levelling-off phase. Figure 11 
shows a somewhat idealized! graph of wear rate as a func- 
tion of contact stress for two of the individual experiments 





1 Idealized in the sense that the wear-rate data have been 
smoothed out by a chord-area plot. 
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with white oil. Inspection of this diagram does not reveal 
any simple relation between contact stress and wear rate. 
In both cases the time interval from the initiation of the 
experiment to the transition is characterized by linear 
decrease in wear rate with decreasing pressure. There is no 
clear-cut indication that contact stress exerts a controlling 
influence on the magnitude of the wear rate in this region. 
In the high-pressure experiment the wear rate (increase in 
radius of wear scar) drops from 4.0 x 10-5 to 2.4 x 10-5 in./ 
min over the pressure range 134,500—127,000 psi, whereas 





Fic. 10. Wear tracks on disks by constant-load, single track-proce- 
dure. Lubricant, white oil. Rubbing speed, 100 ft/min. Time, 
24 min. Top, 157,000 psi, initial. Bottom, 47,000, psi, initial. 


in the low-pressure experiment the wear rate drop over 
this same interval occurs in the pressure range 73,500- 
71,000 psi. But on the other hand, the high-pressure 
experiment shows an initial wear rate of 16 x 10-5 in./min 
at 157,000 psi, dropping to 4.7 x 10-5 in./min at 136,000 psi 
after one minute of rubbing; these figures can be associ- 
ated with the level of the plateau prior to transition in the 
time-dependent wear curve. After transition, both the high- 
pressure and the low-pressure experiments exhibit a phase 
where the wear rate remains constant even though the con- 
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Fic. 11. Wear rate and contact stress. Lubricant, white oil. 
Rubbing speed, 100 ft/min. I 2368 g, 157,000 psi, initial. II 
1968 g, 73,500 psi, initial. 


tact stress is decreasing as wear proceeds. The magnitude 
of the wear rate in this phase seems to be influenced by the 
contact stress at which transition occurs, being 7.8 x 10-5 
in./min in the stress range 127,000—89,000 psi for the high- 
pressure experiment and 3.7 x 10-5in./min in the range 
71,000-52,000 psi for the low-pressure experiment. 

It also becomes pertinent to discriminate between load 
and contact stress. It will be noted from the data that in a 
number of cases higher contact stress is attained through 
higher loading, although the increase in load is propor- 
tionately much less than the increase in pressure. Figure 12, 
which shows the effect of the same load applied at two 
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Fic. 12. Wear and contact stress at same load by constant-load 

single-track procedure. Rubbing speed, 100 ft/min. Lubricant, 

neutral base oil. Load, 2118 g. I 168,000 psi, initial. II 48,000 psi, 
initial. 
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different pressures, demonstrates the validity of contact 
stress, as distinguished from the load by which it is attained, 
as a parameter in metallic wear. The time-dependent wear 
curve for the lower initial contact stress lies below the curve 
for the higher contact stress. 

In spite of the complexity of the observed phenomena, it 
is possible to construct a picture of extreme-pressure 
metallic wear which allows for the influence of contact 
stress. It can be postulated that the wear rate at the very 
start of an experiment is strongly dependent on contact 
stress but that this dependence is quickly obscured by the 
deposition of transferred material onto the path traced out 
on the moving surface of the disk specimen. The influence 
of this deposition appears to over-ride the effect of contact 
stress, since the wear rates tend to decrease rapidly to 
very low values which bear no direct relation to pressure. 
In the presence of an indifferent lubricant such as white oil, 
transition to a state of sustained rapid wear occurs. This 
stage is characterized by a constant wear rate which is not 
influenced by the decrease in contact stress with further 
wear. The magnitude of this wear rate seems to depend on 
the stress at which transition occurs and could well be 
associated with the effect of pressure on the agglomeration 
of primary wear particles. In the presence of an effective 
extreme-pressure lubricant, the initial wear rate is decreased 
but is still pressure-dependent. The transition after 
levelling-off is replaced by low wear at a steady rate which 
shows a small but distinct pressure-dependence. 

The course of wear after the transition in the presence of 
white oil to some extent parallels the data presented by 
Archard (3); i.e. the volume worn away is a linear function 
of time. An examination of the inter-relation of load and 
contact stress with respect to wear in this region would 
undoubtedly be of interest. But it is unlikely that this stage 
of the wear process is of critical significance in the mech- 
anism of extreme-pressure lubrication, for the differentia- 
tion of wear in the presence o1 au .xtreme-pressure lubri- 
cant from wear in the presence of white oil seems to depend 
on occurrences prior to the transition. 
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APPENDIX 


The geometrical consequences of wear 
mechanisms for a conically-ended rider 


1. The Constant-volume Rate Mechanism 


V = kot [1] 
7 
V = ri cot 6 [2] 
(see Fig. 13) 
7 \ 
ri cotO = Ryt [3] 


3 i 
r= (—s . tan a) [4] 
7 
2. The Constant-depth Rate Mechanism 


h = Ret [5] 
r = htand [6] 
y = het . tan [7] 


Y = “he . tan? [8] 


radius of the worn area 

depth of the worn area 

volume worn away 

half-angle of cone 

time 

rate constant for volume mechanism 
rate constant for depth mechanism. 
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Fic. 13. Wear geometry of a conically-ended rider. 


3. Consequences of a, Truncated Cone 


Figure 14 shows the change in the radius of the wear 
scar if wear proceeds by the constant-volume rate-mech- 
anism (volume plots as a straight line), and also the change 
in volume worn away if wear proceeds by the constant- 
depth rate mechanism (radius then plots as a straight line). 
Assume that the initial measurement is made on a trun- 
cated cone; this is equivalent to a translation of the co- 
ordinate axes as shown in the figure. If the value of the 
rate constant ky or ky is small enough, the curvature of the 
non-linear functions in this region would depart little from 
linearity. Thus, if the experimental measurements were not 
sensitive enough, one would be unable to distinguish 
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Fic. 14. Wear relations for a truncated cone. 


between a linear radius function and a linear volume func- 
tion because of the intrinsic deviation of the primary data. 
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DISCUSSION 


Discussor: R. P. STE1yN (Engineering Department E. I. du 
Pont de Nemours and Company, Wilmington, Delaware). 


Messrs. Dorinson and Broman have contributed in a real 
sense to our basic knowledge of sliding wear. Their pains- 
taking investigation on the very initial stages of wear rather 
than on the overall wear behavior fills a gap of noticeable 
proportions. They are to be warmly commended for a fine 
piece of work. 

This discussion agrees in principle with the authors’ 
conclusions on the evidence of their experimental work. I 
have only one question, and that is whether Messrs. 





Dorinson and Broman have seen any evidence of oxidation 
during the wear experiments. If one slides SAE 1045 steel 
against SAE 1045 steel under the high contact pressures 
and speeds used in this investigation, oxidation of wear 
debris and lubricants is difficult to avoid. It has been shown 
by many, including myself,! that oxide films play an 
important role in sliding wear. It is not far-fetched that a 
difference in wear behavior between the sliding experi- 
ments in white oil and in compounded oil are partly, if not 
wholly, caused by the different oxidation characteristics of 
the lubricants used. It would surely be very interesting to 
carry out the same tests under a protective blanket of pure 
argon. 


Closure 


The authors’ thank Mr. Steijn for his kind comments 
and cogent discussion on this paper. 

In reply to the question raised, the authors wish to state 
that in almost every experiment both the track on the disk 
and the scar on the rider were more or less discolored with 
brownish material, which was assumed to be ferric oxide. 
Infra-red spectroscopy indicated that the white oil used as 
the lubricant also had been oxidized. 





1R. P. Steyn; Trans. ASME, Series D, J. Basic Engng., vol. 
81, No. 1, March, 1959, pp. 56-78. 
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The authors agree that experiments carried out in a non- 
oxidative environment would shed some light on the role of 
oxygen in extreme-pressure lubrication and wear. If the 
oxidation characteristics of the lubricant be the major influ- 
ence on the control of wear, then compounded oil and white 
oil should exhibit about the same effectiveness in an 
atmosphere of argon. But if the mechanism of extreme- 
pressure additive action be as the authors postulate it, then 
the superiority of the compounded oil relative to the white 
oil should be substantially unchanged in an oxygen-free 
atmosphere. 

Atmospheric oxygen is an ever-present factor in ordinary 
rubbing and wear, and there is a real need for the elucida- 


tion of how it enters into the mechanism of wear, particu- 
larly at high contact stresses and rapid rubbing speeds. 
However, in the authors’ opinion, any real progress on this 
score will require a solid factual foundation of wear 
phenomenology, especially micro-phenomenology. It is 
interesting to note that Archard and Hirst! have made an 
excellent contribution to this aspect of the problem. Their 
work suggests that similar techniques applied to the initial 
phases of wear under high-speed, high-stress conditions 
would give rewarding results. 


1 J. F. ARcHARD and W. Hirst; “An Examination of a Mild 
Wear Process,”’ Proc. Roy. Soc., vol. 238, 1956, p. 515. 
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Extreme-Pressure Lubrication and Wear. 
The Influence of Rubbing Speed on Metallic Wear at Two Contact Pressures 


By A. DORINSON! and V. E. BROMAN! 


The wear of steel against steel lubricated with white oil was studied at two contact pressures, 
155,000 pst and 70,000 psi, in the rubbing speed range 100-1000 ft/min. The time-dependent 
wear curves were multistage in character, showing first a sharp rise in the amount of wear, 
next a levelling-off and then transition to rapid wear again. Some of the curves had a second 
levelling-off phase. The data were examined also in terms of the distance traversed at the 
various speeds. No clear cut conclusions about the influence of rubbing speed was achieved 
by this latter method of treatment. It is shown on theoretical grounds that examination of the 
data with respect to time-dependence is the more revealing treatment. 


Tue work being reported here is part of an exploratory 
study on lubricated metallic wear under extreme-pressure 
conditions. The authors have already reported on the 
effect of contact stress (1). Rubbing speed is another ob- 
vious parameter to be investigated. This paper presents the 


TABLE 1 


Wear Data at 155,000 psi Initial Contact Stress 


Constant-load, single-track procedure 


Lubricant: white oil Specimens: hardened AISI 1045 


























A : | | 
results of a study of metallic wees at rubbing speeds Time, Radius, Pressure, Radius, | Pressure, 
ranging from 100 ft/min to 1000 ft/min. This range covers min 10-3 in. psi 10-3 in. psi 
the operating speeds of most of the lubricant bench testing eres = ies 

. sae : ubbing spee min 
ei se as many of the speeds prevailing in other Load: 2611 ¢ Load: 2403 g 
ypae & maenary. 0 3.44 155x105} 3.31 | 1.55105 

n a 1 3.58 1.44 3.58 1.32 
Experimental conditions 2 373 | 1.32 3.71 | 1.23 
The experiments were carried out on the pin and disk 3 3.84 1.25 3.86 | 1.14 
apparatus used for the contact stress study. Basically the : - je a | a 
apparatus consists of a pin with a truncated 120° conical 14 5.07 0.71 5.17 | 0.63 
tip riding under load on the flat surface of a rotating disk. 19 5.40 0.63 5.48 | 0.56 
The load was kept constant for each experiment and the 24 5.60 0.58 5.85 | 0.49 
. ? isk. 1 
rider traced out a reiterated path on the disk. Details of the Rubbing speed: 500 ft/min 
procedure are given in the previous paper (1). Load: 2726 g Load: 2508 g 
The specimen pieces were made of AISI 1045 steel, 0 3.52 1.55 3.37 | 1.55 
through-hardened to 50+ 2 Rockwell C. The flat surfaces 1 4.17 1.27 4.14 | 1.02 
of the disk were dry-ground to an average surface roughness : 4.34 1.02 4.39 | 0.92 
of 4+1 microinches. The lubricant was white oil with a 3 4.42 0.98 4.46 | 0.89 
‘ A x 5 4 4.75 0.85 4.53 0.86 
viscosity of 18.14cs at 100F, purified by percolation 9 5.79 0.57 516 | 066 
through silica gel. Application of the lubricant was drop- 14 6.80 0.51 6.23 | 0.45 
wise just before the disk entered into contact with the pin. 19 7.41 0.35 6.75 | 0.39 
Two series of experiments were carried out: one under 24 7.81 0.31 7.14 | = 0.35 
an initial contact stress of 155,000 psi at rubbing speeds of Rubbing speed: 600 ft/min 
200, 500, 600, 700 and 1000 ft/min; the other under an Load: 2277 g | Load: 2659 g 
initial contact stress of 70,000 psi at 200, 500, 600, 700, 0 3.22 1.55 Sar 1) as 
800, 900 and 1000 ft/min. 1 3.53 | in) ae ee 
2 439 | 0.94 | 4.67 | 0.86 
. 3 4.69 | 0.74 een ee 
Expartmental results — cae 4 5.17 060 6 | «(5.21 | «(069 
The data obtained in this study are given in Table 1 for 9 6.17 0.42 | 6.00 | 0.52 
the experiments at 155,000 psi initial contact stress and in . yr mee pe | ose 
Table 2 f i i initi : . | . | ¥. 
able 2 for the potas at 70,000 psi initial contact 24 790 0.26 | 7383 | 0:30 
Contributed to the American Society of Lubrication Engineers. Rubbing speed: 700 ft/min 
MS received 12th April, 1960. Load: 2507 g 
1 Sinclair Research Laboratories, Inc., 400 East Sibley Boule- 0 3.37 1.55 
vard, Harvey, Illinois. 0.75 | 32.78 0.001 | 





176 

















Extreme-Pressure Lubrication and Wear. The Influence of Rubbing Speed on Metallic Wear at Two Contact Pressures 177 

































































TABLE 2 TABLE 2—continued 
Wear Data at 70,000 psi Initial Contact Stress | | 
Time, Radius, Pressure, | Radius, | Pressure, 
Constant-load, single-track procedure min 10-3 in. | psi | 10-3 in. | psi 
Lubricant: white oil Specimens: hardened AISI 1045 
| Rubbing speed: 800 ft/min 
Time, | Radius, | Pressure, | Radius, |  Presure, 1) et ae ee. 
min a ee in. Psi 1 3.86 | 6.40 442 | 6.40 
2 a.) Se 445 | 6.30 
Rubbing speed: 200 ft/min 3 3.91 | 6.20 4.60 | 5.90 
Load: 1219 g l Load: 1189 g 4 3.99 5.90 4.83 5.30 
0 3.50 | 7.00x10#} 3.46 | 7.00x 104 4 40 | 6400 3.00 5.00 
1 3.64 | 6.50 | 3.54 6.70 14 4.92 | 4.00 5.05 4.90 
3 3.68 630 | 3.58 | 6.50 24 5.24 | 3.50 5.12 4.77 
4 3.69 6.28 3.64 | 6.30 ' 
9 3.78 | 6.00 3.86 | 5.60 Rubbing speed: 900 ft/min 
14 4.04 5.20 4.05 | 5.10 Load: 1780 g Load: 1279 g 
19 4.26 4.70 4.24 | 4.60 9 4.23 7.00 3.58 7.00 
24 4.37 4.50 4.31 | 4.50 1 4.52 6.10 3.69 6.60 
2 4.55 6.00 24.18 0.15 
Rubbing speed: 500 ft/min : = on | 
Load: 1391 g Load: 1638 g 9 5.58 4.00 | 
0 3.74 7.00 4.06 | 7.00 14 5.67 3.90 
1 3.92 | 6.40 419 | 6.60 19 $70 3.85 | 
2 3.99 6.10 4.24 6.40 24 5.72 | 3.80 | 
3 4.10 5.80 4.27 | 6.30 
; Me re >= | aan Rubbing speed: 1000 ft/min 
: |S. | Load: 1963 
14 4.86 4.10 485 | 4.90 o | 44 | 7.00 | 
19 4.90 4.06 4.89 4.80 0.5 35.62 | 0.10 
24 4.92 4.00 4.91 4.70 | 
Rubbing speed: 600 ft/min ; 
: ‘ stress. These tables show the radius of the wear scar on the 
Load: 1187 g Load: 1746 g é 
0 3.45 | 7.00 4.19 | 7.00 end of the rider. The area of the wear scar is calculated by 
1 3.62 | 6.40 423: | 6 the formula 
2 3.80 5.80 4.32 | 6.60 
3 3.97 | 5.30 4.35 | 6.50 A = 7 [1] 
4 4.09 5.00 441 | 6.30 
) 4.54 | 4.00 4.61 | 5.80 where r is the radius, and from the applied load the contact 
a | oa aan pres en stress is computed. The tables show the contact stress at 
2 | a a io) ee the end of each time interval. If it is desired to know the 
: Gear Lakers net volume worn away, this can be computed by the 
Rubbing speed: 600 ft/min formula 
Load: 1392 g | Load: 1560 g - 
0 S08 .| 720 | Ce: | 7 V = — cot 0(r3—193) [2] 
1 3.81 | 6.70 | 6 | Oe 3 
2 3.85 | 6.60 | am | 6s . 
3 3.86 | 6.56 | 4.24 6.10 where r is the radius of the wear scar at any given time 
; re | aa rs | “4 interval, ro is the initial radius and @ is the half-angle of 
14 4.58 4.70 | 4.72 4.90 the conical tip of the rider. 
19 5.08 | 3.80 | 4.75 | 4.86 For the most part duplicate experiments were run for 
24 5.32 | 3.50 4.76 | 4.80 each combination of contact stress and rubbing speed. The 
: averaged time-dependent course of wear for various speeds 
Rubbing speed: 700 ft/min at 155,000 psi in terms of net radius of the wear scar is 
* : a ae 7 | . a —_ ee shown in Fig. 1. Figure 2 is a similar plot for the results at 
° A x | . ° x s 
1 3.74 6.50 | 4.7 6.30 ee 
2 3.83 6.20 4.63 6.20 It will be observed that for both pressures at each 
3 3.93 5.90 4.75 6.10 of the speeds studied the course of wear is similar to that 
+ 4.01 5.70 4.84 | 5.60 already observed in previous work (1); i.e. a relatively rapid 
9 4.37 4.80 5.02 | 5.20 increase in the size of the wear scar in the initial stages 
14 4.44 4.60 5.07 5.10 sas 
19 4.49 4.50 S33 5.06 
24 4.51 4.47 5.12 5.04 1 The data for 100 ft/min were taken from the authors’ previous 











study (1). 
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followed by a levelling-off, and then a transition to rapid 
wear again. Some of the curves in Fig. 2 also show a second 
levelling-off phase in the last stages. 

To test whether the averaged curves shown in Figs. 1 and 
2 could validly be distinguished from one another, the data 
from individual wear experiments in Tables 1 and 2 were 
plotted and the deviations between duplicate experiments 
for a given speed were compared with the differences be- 


tween curves for adjacent speeds. Figure 3 shows the 
individual curves from the data at 155,000 psi initial con- 
tact stress. It is seen that the differences shown among the 
averaged curves in Fig. 1 are valid. The curves in Fig. 2 
fall into two groups, one in which the averaged curves for 
100 ft/min and for 200 ft/min can be distinguished from 
the other wear curves but not from each other, and the 
other group in which no valid distinction can be made 
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Fic. 1. Effect of rubbing speed on the average time-dependent course of wear 
at 155,000 psi initial stress. 
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Fic. 2. Effect of rubbing speed on the average time-dependent course of wear at 70,000 
psi initial stress. I 100 ft/min; II 200 ft/min; III 500 ft/min; IV 600 ft/min; V 700 ft/min; 
VI 800 ft/min; VII 900 ft/min. 

















~ 


Extreme-Pressure Lubrication and Wear. The Influence of Rubbing Speed on Metallic Wear at Two Contact Pressures 179 


among the averaged curves for 500, 600, 700, 800 and 
900 ft/min, except in the last stages. 

There is a critical speed beyond which the course of 
wear assumes catastrophic proportions. At 155,000 psi 
initial stress, wear becomes catastrophic at 700 ft/min, the 
pin being worn 0.030 deep (to the limit of the stop on the 
load spindle) in 45sec. At 70,000 psi initial stress the 
critical speed lies somewhere between 900 and 1000 ft/min. 


Discussion 


Figures 1 and 2 show wear as a time-dependent process, 
but the course of wear may also be depicted in terms of 
rubbing distance as the independent variable. Figure 4 
shows the distance-dependent plot for the experiments at 
155,000 psi initial stress. On cursory examination, Fig. 4 
seems to indicate that rubbing speed at 155,000 psi initial 
contact stress has a relatively minor influence on wear as a 
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Fic. 3. Individual wear curves at 155,000 psi initial stress. 
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Fic. 4. Effect of rubbing speed on average wear at 155,000 psi initial stress as a 
function of rubbing distance. 
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function of distance traversed. In contrast to Fig. 2, where 
the time-dependent course of wear falls into two groups in 
which lower wear is associated with lower rubbing speed, 
the distance-dependent course of wear for 70,000 psi 
initial contact stress shown in Fig. 5 distinctly exhibits a 
reversal of order for wear at 100 and 200 ft/min as well as 
some anomalous sequences for the other speeds. 

In previous work (1) the authors have shown that a com- 
pounded extreme-pressure lubricant reduces initial wear as 


compared with white oil and eliminates the transition to 
destructive wear. This led to the opinion that some of the 
phenomena of most significance for the understanding of 
extreme-pressure lubrication occur during the initial stages 
of a wear experiment. Therefore, a critical examination of 
the initial portions of the wear curves shown in Figs. 4 and 
5 seems in order. 

Figure 6 shows the curves for the first 2000 ft of rubbing 
contact at 155,000 psi initial stress on an expanded scale. 
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Fic. 5. Effect of rubbing speed on average wear at 70,000 psi initial stress as a 
function of rubbing distance. 
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Fic. 6. Early stages of the distance-dependent average course of wear at 155,000 psi initial stress. 
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The discrimination possible among these curves is indi- 
cated by symbols marking the maximum deviations of the 
data. Excluding the anomalous initial point for 600 ft/min, 
there is a definite trend toward increased initial wear with 
increasing rubbing speeds. No such discrimination can be 
made among the curves for 70,000 psi initial contact stress 
as seen in Fig. 7; the uncertainty of the data points is for the 
most part of the same order of magnitude as the differences 
among the various curves. 

Because the time-dependent presentation of the course of 
wear at 70,000 psi initial contact stress allows a certain 
amount of distinction to be made with respect to the 
various rubbing speeds, it becomes pertinent to inquire 
which is the significant independent variable from the 
fundamental point of view, time or rubbing distance? The 
implication in the use of rubbing distance seems to be that 
opportunity for wear depends on the total area traversed by 
the rider. This, however, is not the only reasonable model 
which can be advanced for the wear process. One of the 
authors (2) has considered the case where the primary wear 
process is a time-controlled adhesion of one surface to 
another. The sum total of material transferred by this 
adhesion depends on a rate factor for adhesion k and a rate 
factor for lump removal g. The amount of wear is given by 
the expression 


W = kgKt [3] 


where K is a constant which embodies such fixed para- 
meters as surface rugosity, hardness, applied load, nominal 
area of the rider, etc.; and ¢ is the duration of the rubbing 
process. 

According to Eq. [3] the amount of wear for a given set 
of specimen pieces under given conditions will be a time- 
dependent function of the adhesion factor k and the lump 
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removal factor g. Reasonable grounds can be found for the 
dependence of k and g on the interfacial temperature of 
the rubbing surfaces, and since there is a theoretical basis 
for the dependence of interfacial temperature on rubbing 
speed, Eq. [3] can be transformed to 


W = fi(V) fo(V)Kt [4] 


where k = f\(V) and gq = fo(V), the values of k and g 
increasing with increase of rubbing speed V. 

If t is replaced by its equivalent d/V, where d is the 
distance traversed in time ¢, then Eq. [4] changes to 


W = fi(V) f(V)K(a/V) (5] 


For a given distance d; the effect of the value of V in 
fi(V) and f2o(V) is opposed by the value of V in d;/V. There 
is therefore no necessity that the distance-dependent func- 
tion W should give an orderly set of curves for changing 
values of the parameter V. The value of W will depend on 
the product fi(V)fo(V)K(d;/V). On the other hand the 
time-dependent Eq. [4] says that W will increase with 
increasing V, which is on the whole what is observed in the 
time-dependent results of this study. 

In using Eq. [4] in the above argument, the implication 
has been that k, g and K remain constant for a given 
rubbing speed. The complex nature of the wear curves, 
with their levelling-off and their transition stages, indicates 
the inapplicability of this assumption. The previous work 
on the stress-governed course of wear (1) included some 
evidence for significant changes in surface condition as 
wear progresses, especially in the initial stages. This may 
effect substantial changes in the values of g and K during 
the course of a wear experiment. Therefore, the use of 
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Fic. 7. Early stages of the distance-dependent average course of wear at 70,000 psi 
initial stress, 
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Eq. [4], even for qualitative purposes, would best be con- 
fined to comparison of small increments of wear at analogous 
locations on the various wear curves. 

Figure 8 is a comparison of the early stages of wear as a 
distance-dependent plot for three rubbing speeds at 155,000 
psi and at 70,000 psi initial contact stress. Figure 9 is a 
similar plot with time as the independent variable. The 
influence of rubbing speed on wear is more pronounced at 
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the higher contact stress; there is a wider separation be- 
tween the various curves at 155,000 psi than at 70,000 psi. 
Also, if the curves in Fig. 9 are any indication, it takes 
about a fivefold increase in rubbing speed to put a curve 
for 70,000 psi at the same general level as one for 155,000 
psi. 

The data obtained in this investigation were all examined 
in terms of the net radius of the wear scar on the end of the 
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Fic. 8. Comparison of effect of rubbing speed on average distance-dependent course 
of wear at 155,000 psi and 70,000 psi initial stress. 
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Fic. 9. Comparison of effect of rubbing speed on average time-dependent course 
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rider. In view of the theoretical relations developed between 
the volume-rate of wear and the load applied (3, 4), it 
might be wondered whether a volume treatment of the 
wear data of the present work would have been more 
revealing. But it has already been shown in the authors’ 
previous work (1) that converting the radius data to net 
volume worn away, other than straightening out the slight 
downward concavity of the post-transitional portion of the 
curve, does nothing to change the general appearance of 
the plotted course of wear. In view of the still incompletely 
studied relation between the initial and post-transitional 
stages of the wear process, the full significance of post- 
transitional wear as a volume function remains unre- 
solved. 


Acknowledgment 


The authors thank the Sinclair Research Laboratories, 
Inc. for permission to publish this communication and for 
support in conducting these studies. 


REFERENCES. 


1. Dortnson, A. and Broman, V. E.; ‘“‘Extreme-pressure Lubri- 
cation and Wear. The Influence of Contact Stress on Metallic 
Wear,” Trans. ASLE, vol. 3, No. 2, 1960, pp. 165-175, this 
issue. 

2. Dortnson, A.; “A Theory of Cutting-Tool Wear and Cutting- 
Oil Action,” Trans. ASLE, vol. 1, 1958, p. 131. 

3. BurweL, J. T. and Strano, D. C.; “On the Empirical Law 
of Adhesive Wear,” J. Appl. Phys., vol. 23, 1952, p. 18. 

4. ArRcHarD, J. F.; “Contact and Rubbing of Flat Surfaces,” J. 
Appl. Phys., vol. 24, 1953, p. 981. 








Bench Test of Cam and Tappet Wear in Additive Oils 


E. H. LOESER! 


Differences in the wear of automotive cams and tappets were determined in a bench-type 
tester with a group of oils used earlier in an extensive field car study. The rate of wear in all oils 
decreased with running time, providing scuff failure had not occurred. The incidence of scuff 
failure during the bench tests was similar to that in field cars. The wear of hardenable cast 
iron cams and tappets increased with the concentration of zinc dialkyl dithiophosphate. Cam 
wear was increased when barium phenate was added to an oil and decreased when a sulfurized 
olefin was present. Neither of these additives affected tappet wear. These effects, with the 
exception of the increased wear in high concentration zinc dithiophosphate oils, were too small to 
be significant in dynamometer and field car tests. However, the direction and magnitude of the 
zinc dithiophosphate effect was similar in the bench and field tests. Metallurgy and design 
factors were shown to have a major effect on valve train wear and must be controlled when the 


additive effects are being determined. 


Introduction 


ProBLEMs of valve train failures in overhead V-8 engines 
arose shortly after they were introduced. Through the 
combined efforts of the automotive and petroleum indus- 
tries, the incidence of this trouble has been reduced to a 
relatively low percentage. Three types of failure, in order 
of decreasing seriousness, were scuffing, spalling and exces- 
sive smooth wear of cams and tappets. Scuffing was 
characterized by deep grooves, rapid surface roughening, 
welding and catastrophic tearing away of surface metal. A 
spalled surface contained holes of irregular shape caused 
by rupture of metal below the surface and by subsequent 
flaking out of small metal particles. Smooth wear, as con- 
sidered in this paper, was the gradual loss of metal by 
frictional abrasion and, to some extent, by corrosion. The 
initial investigations of valve train failures reported results 
obtained by bench, laboratory engine and field car tests 
(1-10). These studies indicated no general agreement as to 
causes of the failures nor as to the validity of the test pro- 
cedures. It was realized that a large number of variables 
were involved and an extensive test program was needed. 
The CLR? Camshaft and Valve Tappet Wear Group 
was formed for the purpose of developing techniques for 
evaluating the compatability of oils with valve gear of 
different designs and metallurgical combinations. A co- 
operative field test was conducted to obtain the data which 
would serve as a basis for developing a laboratory test or 
tests to correlate with camshaft and valve tappet wear in 
service. Thirty laboratories representing the petroleum and 
automotive industries operated 295 cars for approximately 
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one year on this program. No restrictions were placed on 
the type of operation during the test period. Sixteen car 
makes were selected, representing a wide range of cam and 
tappet design. Eight combinations of cam and tappet 
materials and four reference oils of different additive com- 
position were used. Ayres, Bidwell, Pilger and Williams (11) 
reported the field results, which included wear measure- 
ments and subjective observations on the condition of all 
the test parts. 

While the field program was being carried out, several 
laboratories ran engine dynamometer and bench tests with 
the CLR oils. The field study has been very valuable in 
itself, but little information has been published on the 
results of bench and laboratory engine tests. 

In the present paper attention is focused on bench tests. 
Earlier experience with conventional bench tests indicated 
they had been of slight value in the evaluation of the wear 
properties of engine oils. Havely et al. (2) found no cor- 
relation between engine wear and values obtained on the 
Four-ball Wear, Four-ball EP, SAE, Timken or Falex 
testers. Ambrose and Taylor (1) concluded that Timken and 
Falex results did not correlate, while the Four-ball and the 
“Cylinder and Ring-wear Machine” results did correlate 
with engine results. Crosthwait et al. (4) stated that the 
usual laboratory bench tests for wear and EP properties were 
of little value in predicting valve train wear. Etchells et al. 
(9), and Loeser et al. (12, 13) have described cam and tappet 
bench type testers which appeared to differentiate between 
the wear properties of oils in conformance with limited 
engine test experience. The objective of the present paper 
is to report wear results obtained in the CLR oils with this 
type of bench tester and to evaluate the degree of agreement 
between these results and those observed in field car 
engines of similar design and metallurgy. Dynamometer 
engine wear data are included for comnarison. The inci- 
dence of scuff failures is noted. Some of the applications in 
which the bench tester has been of value, as well as possible 
limitations of the apparatus, are pointed out. In general, 
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the information should provide a clearer picture of the 
relative importance of the variables, particularly that of oil 
composition in the wear of cams and tappets. 


Apparatus and materials 


All of the bench testing was done with the Cam and 
Tappet Lubricant Tester shown in Fig. 1, and described 
in an earlier paper (12). It consisted of the first quarter 
section of a V-8 engine valve train having the camshaft 
driven at 1750 rpm with an electric motor. The tappets 
were held against the rotating cams by spring-loaded 
pushrods, which transmitted the load to the tappets by 
direct, mechanical (non-hydraulic) contact. The springs 
were designed so that the load on the flat of the cam was 
always about one-seventh of the load on the cam nose. A 
1.4-lb inertia weight on each pushrod duplicated that in the 
automotive engine. The oil, in which the camshaft was 
partially immersed, was maintained at 200+5F by an 
automatic temperature regulator. 


within fairly narrow specification limits. The tappet faces 
had been finished to 4 micro-inches r.m.s. before they were 
phosphate treated. 

Tappet rotation was assured by the use of a spherically 
crowned tappet (25 in. crown radius), riding slightly off 
the center of the tapered cam (taper was 7.5 +0.5 minutes). 
The tappets were selected so that the tappet contact face 
eccentricities were less than 0.0003 in. from one edge. 

The five oils used in the bench test program were: 

Base Oil Solvent-treated Mid-Continent oil /with VI 

improvers to attain 10W-30 viscosity grade. 


Oil 1 Base Oil, barium phenate. 

Oil 2 Base Oil, barium sulfonate and zinc dialkyl 
dithiophosphate (0.2% zinc in the oil). 

Oil 3 Base Oil, one-half the barium sulfonate in oil 2, 
one-half the barium phenate in oil 1, and zinc 
dialkyl dithiophosphate (0.05% zinc in the oil). 

Oil 4 Same as oil 3 except that 0.5% of the sulfurized 


olefin replaced the zinc dialkyl dithiophosphate. 





Fic. 1. Cam and tappet lubricant tester, top view showing push- 
rod load assembly. 


The test pieces, i.e. the first quarter (four cams) of a 
hardenable cast iron camshaft and the hardenable iron tap- 
pets, were carefully selected from production parts. Because 
of this selection the variability of geometrical design and 
metallurgy was considerably less than that found in auto- 
motive ciigines. It was thus more probable that the test 
measured the effect of oil composition on wear. The 
finished cams were hardened to a minimum of 49 Rock- 
well C; their surface roughness was 10 to 12 microinches 
r.m.s. The cams were not surface-coated. 

The hardness of the tappets was about 61 Rockwell C, 
and the microstructure of the tappet faces was controlled 


Oils 1-4, the reference oils used in the CLR field survey, 
were in the Supplement 1 additive level. 


Test procedures 


A test cycle was begun by operating a set of samples at 
290-Ib load, 1750 rpm, 200 F oil temperature for 100 hr. 
The camshaft and tappets were removed for wear measure- 
ments and then re-installed, and the test continued for an 
additional 100 hr (a total of 200 hr). Wear measurements 
were then made. 

During the test series a few tappets scuffed, particularly 
when the base oil was used. The scuffed tappets were 
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immediately removed, and the test was continued with the 
remaining unscuffed tappets. The scuffed cams and tappets 
were not included in the wear results. 

The tester was thoroughly cleaned with kerosene after 
each test cycle to remove additives and oxidation products 
which might influence the subsequent test. 

Statistical methods were used to select a random order 
for performing the ten runs (two runs with each oil). 


Wear Measurements 


The wear was determined from profile recorder tracings 
of the mating surfaces of the test pieces and from the weight 
loss of the tappets. This profile recorder was used for 
recording magnified profiles of the cam and tappet surfaces. 
Pen-drawn charts were obtained which showed the shape, 
horizontal spacing and microinch height of the surface 
irregularities. The tracings were made across the cam noses 
parallel to the shaft axis, and across the diameter of the tap- 
pets, before and after the test pieces were run in the tester. 
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Fic. 2. Effect of oil composition on cam nose wear as shown by 
profile tracings. Test conditions: 200 hr, 290 Ib, 1750 rpm, 200 F. 


The series of cam nose tracings in Fig. 2 shows that the 
depth and width of the wear tracks on the cams varied 
markedly with the additive composition of the oil. The 
tracings magnified the cam profile twenty times in the 
horizontal and 2,500 times in the vertical direction. The 
cam nose wear depth is the difference in the vertical height 
between the reference line, which is the contour before the 
cam was run, and the deepest valley in the wear track. In 
the case of the cams run in oils 1, 3 and 4, enough of the 
unworn cam surface remained at the edge to establish the 
placement of the reference line. In the case of the cam run 
in oil 2, the wear was much greater and extended over both 
edges of the cam. In this instance the location of the refer- 
ence line was approximated by means of an empirical 
relationship which had been derived from the wear scar 
width measured along the side of the cam. 

The profile tracings of tappets, in Fig. 3, show similar 
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Fic. 3. Effect of oil composition on tappet face wear, as shown by 
profile tracings. Test conditions: 200 hr, 290 Ib, 1750 rpm, 200 F. 


variation in amount of wear with oil composition. The 
tracings magnified the tappet twenty times in the horizontal 
direction and 1000 times in the vertical. The tappet wear 
depth was determined in the same manner as the cam wear 
depth. The weight of the tappets before and after a test run 
was determined to the closest 0.0002 g on an analytical 
balance, using an underweight tappet as a tare. The tap- 
pets were carefully cleaned with benzene and stored in a 
desiccator before weighing. 


Results and discussion 


Bench Test 


The bar graphs in Fig. 4 report the measured wear depth 
at the cam nose and tappet face during the bench test runs. 
Each graphed value was the average of eight values for each 
oil (two runs, with four tester positions in each run), less 
those pieces ruined by scuff failure. The larger limit for 
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each bar is the average value after the 200-hr run; the 
smaller is the 100-hr value. The average deviation from the 
mean value was about +20%. The bar graphs in Fig. 5 
give the weight loss of the tappets in each of the oils. 

These data showed that the bench test clearly differenti- 
ated among CLR oils in regards to cam and tappet wear. 
The tappet wear ratings of the oils by the two methods of 
measurement, wear depth and weight loss, were consistent. 
The cam and tappet wear in each of the five oils was less 
during the second 100-hr than during the first 100 hr of 
running. Taking the average of all wear values, 78% of the 
total 200-hr wear had occurred when the 100-hr mark was 
reached. In all oils except oil 4, the cam wear was larger 
than the tappet wear. The relative ratings of the oils, in 
regards to cam and tappet wear, was the same after 100 hr 
as after 200 hr. 

Using the wear values in the base oil as the basis of com- 
parison, observations were made of the effects of the 
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Fic. 4. Effect of oil composition and running time on the average 
cam and tappet wear depths. 


individual additives. Cam and tappet wear increased with 
concentration of zinc dialkyl dithiophosphate in the oils 
containing antioxidants and detergent additives. The in- 
crease in wear of cams was greater than of the tappets. A 
similar increase of cam and tappet wear with zinc dialkyl 
dithiophosphate concentration was observed earlier in oils 
containing no other additives (13). Barium phenate (oil 1) 
increased cam wear slightly; sulfurized olefin (oil 4) de- 
creased cam wear. Neither of these additives affected tappet 
wear. 
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Fic. 5. Effect of oil composition and running time on tappet wear 
as measured by weight loss. 


An analysis of variance of the wear data confirmed the 
significance of test duration and oil composition. The fol- 
lowing variables must also be considered significant: 
position in the tester, duration—position interaction, 
duration-oil composition interaction. The position-oil 
composition interaction was not significant. 


Correlation of Bench, Dynamometer and Field Results 


Two sources of wear data for cams and tappets in the 
CLR oils were available for correlation with the bench test 
results. Similar valve train design and metallurgy were 
included in the extensive field survey reported by Ayres, 
Bidwell, Pilger and Williams (11) and in several laboratory 
engine tests (14, 15). Table 1 summarizes the operating 
conditions of the dynamometer and bench tests used in the 
comparison of wear results. The controlled variables during 
the field tests were: spring load, jacket temperature, cam 
and tappet metallurgy, oil, and interval of oil change. Since 
no restrictions were placed on the operation of the field 
cars, the variables influenced by driving conditions were 
not controlled. The mileage accumulated by a car driven 
for one year in field service was probably between 8,000 
and 15,000 miles. 

When the tappet wear results for all the field cars (11) 
using hardenable cast iron tappets and cams were consid- 
ered, the differences in the wear among the four CLR oils 
were not marked. The differences in engine design in these 
field cars, such as variations in cam width, crowned vs. flat 
tappets, tapered vs. flat cams, and coated vs. uncoated 
cams and/or tappets, may have an “averaging out” effect on 
the tappet wear results. Therefore, the field test results for 
car 6 were chosen for correlation purposes, since the engine 
design of this car was most like that of the bench tester. 
Wear results obtained with CLR oils 1, 2, 3, and 4 for 
hardenable cast iron tappets run on hardenable cast iron 
cams in the bench, dynamometer and car 6 field tests are 
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indicated low tappet wear in all four oils. The bench and 
field tests differentiated more markedly the influence of the 
oil on tappet wear than did the dynamometer test. Tappet 
wear in oil 2 was rated highest by all three methods. 

The effect of oil composition was greater on cam than on 
tappet wear. The field car data (11) for all cars using 
hardenable cast iron cams showed significantly more wear 
in oil 2. The cam wear values in Fig. 7 indicated good 
correlation between bench, dynamometer and car 6 field 
results. The large peaks in all three curves, corresponding 
to oil 2, indicated much greater cam wear than tappet 
wear. (See Fig. 6.) 

In general, the amount of cam and tappet wear after the 
200-hr bench test was of the same order of magnitude as 
found for the dynamometer and field tests. It should be 











Dynamometer Bench 
Engine C Engine C Engine P Engine D Cam and tappet tester 
Engine speed, rpm 3150 3150 2000 1200 3500* 
Load, h.p. None None None None — 
Sump temperature, F 240 255 _ 200 200 
Jacket temperature, F 180 200 —_ 180 oom 
‘Test time, hr 24 24 300 40** 200 
Pushrod load, Ib 240 240 180 235 290 
* 3500 rpm engine speed is equivalent to a camshaft speed of 1750 rpm. , 
** 2 hr at 1200 rpm followed by 1 hr stopped, for total of 40 hr running time. 
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Fic. 7. Correlation between bench, dynamometer and car 6 field 
tests. Average cam nose wear depths in CLR oils. 


pointed out that the profile recording method, used to 
measure wear of the bench test pieces, was more sensitive 
and accurate than the dial indicator or micrometer methods 
used to measure the dynamometer and field test specimens. 
Furthermore, in the field tests, wear values were grouped. 
For example, in computing average wear values, 0.0005 in. 
was used for any experimental value between 0.0000 and 
0.0010 in. The sensitivity of the field data was thus re- 


duced, particularly in the low wear range. 
The results from the bench and field tests were complete 








Bench Test of Cam and Tappet Wear in Additive Oils 


TABLE 2 
Cam and Tappet Wear, 95°, Confidence Interval 
Wear, thousandths inch 











Oil 1 Oil 2 Oil 3 Oil 4 
Cams 
Bench (200 hr) | 0.35-0.76 | 1.43-2.89 | 0.72-1.45 | 0.17-0.19 
Field car 6 0.5 -0.9 | 1.9 -4.6 | 0.5-0.9 0.5-0.9 
Field cars 8-9 1.2 -2.2 | 1.4 -2.4 | 1.0-1.6 1.6-2.4 
Tappets 
Bench (200 hr) | 0.27-0.39 | 0.68-1.18 | 0.51-0.73 | 0.24-0.38 
Field car 6 0.7 -1.3 | 1.0 -2.6 | 0.6-1.0 0.5 -1.3 
Field cars 8-9 1.0 -1.4 | 0.9 -1.5 | 0.3-1.3 1.3 -2.3 




















enough to permit calculation of the 95% confidence 
intervals shown in Table 2. Since there was no appreciable 
overlapping of the bench tester wear ranges for the four 
oils, this tester appeared to be sensitive enough to dis- 
tinguish between each of the four oils. On the other hand, 
the data for field car 6 indicated higher wear in oil 2 than 
in the other three oils, while the wear in oils 1, 3 and 4 was 
not significantly different. The cam and tappet metallurgy 
in field cars 8 and 9 was the same as in field car 6, but the 
cam width and acceleration were different. The wear 
ranges in Table 2 for field cars 8 and 9 appeared to be 
independent of the oil used in the engines. Thus, the 
design factor influenced the wear ratings of the CLR oils. 
The incidence of scuff failures observed during the bench 
test investigation was 9%, which correlated well with 4% 
for field car 6 and 10% for field cars 8 and 9. Robinson, 
Thomson and Webbere (16) used a similar bench tester to 
evaluate the wear of carburized steel tappets run on 
hardened cast iron cams in the four CLR oils. Bench and 
field car ratings are shown in Fig. 8. The amounts of tappet 
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Fic. 8. Correlation of tappet machine results with field tests* 
Carburized steel tappets on hardenable cast iron cams in CLR 
oils (16). 


wear in the bench test were about one-tenth of the wear 
found in the field cars. This may have been due to the 
comparatively short duration of these bench tests (24 hr). 
However, definite correlation was evident, oil 2 showing 
least wear and oils 1 and 4 greatest wear in both bench 
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and field tests. Only oil 3 showed any discrepancy, since 
the bench test rated this oil as borderline. 

The metallurgy of the mating parts appeared greatly to 
influence the anti-wear properties of an oil. Of the four 
CLR oils, the largest amount of wear of hardenable cast 
iron tappets occurred in oil 2, while the smallest amount of 
wear of carburized steel tappets took place also in oil 2. 


Summary 


A relatively inexpensive bench test originally developed 
for rapid evaluation of the anti-scuff properties of engine 
oils has been used to determine the smooth wear of auto- 
motive valve train parts. Because of the controlled selection 
of test pieces and a more accurate method of measuring the 
wear, the reproducibility and sensitivity of the bench wear 
results were found to be better than observed in field car 
engines. If the relative ratings of the oils in regards to cam 
and tappet wear were desired, the test time could be re- 
duced, since the oils were rated in the same order after 
100 hr as after 200 hr of running. 

The relative wear ratings in a group of CLR oils cor- 
related with limited dynamometer and with extensive field 
car results. An oil containing a high concentration of zinc 
dialkyl dithiophosphate showed the most definite effect on 
valve train wear. This oil increased both cam and tappet 
wear in engines using hardenable cast iron cams and tap- 
pets. On the other hand, it reduced the wear of carburized 
steel tappets run on hardenable cast iron cams. Valve train 
wear can be controlled by means of cam and tappet metal- 
lurgy and engine design as well as by the use of oil additives. 

This bench tester should have value in the investigation 
of variables, other than oil—design-metallurgy factors, 
which influence wear; e.g. surface coatings, surface finish, 
geometry of mating parts, load, and speed. 
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Friction and Wear of Refractory Compounds 


By K. P. ZEMAN! and L. F. COFFIN, Jr.1 


The sliding characteristics of the borides, carbides, nitrides, and silicides and oxides of several 
metals were investigated in air at temperatures up to 2000 F. Tests were of the crossed-cylinder 
type and friction and wear effects measured under repetitive sliding conditions. 

Correlation of the friction and wear characteristics with known or predicted solid solubility 
was only fair. High hardness coupled with low fracture strength and excessive brittleness of 
these materials produced fracturing of asperities and abrasive wear before a true measure of 
the adhesion could be obtained. Oxidation products were found to provide some lubrication at 
elevated temperatures, particularly the formation of B2O3 on boron carbide. However, none 

was effective at room temperature. 


Introduction 

OPERATING temperature for propulsion and power systems 
have steadily increased throughout the years. This requires 
the introduction of new and improved materials capable of 
satisfactorily withstanding these operating conditions. 
Designing for these higher temperatures (2000 F or 
higher), however, is almost impossible without requiring 
some moving parts to function at or near these tempera- 
tures. Moving parts in turn require bearings and seals, 
which aside from needing high-temperature strength, hard- 
ness, oxidation resistance, and resistance to thermal shock, 
must also have low friction and wear. The refractory com- 
pounds are a class of materials known to satisfy the hardness 
and oxidation resistance requirements. The present investi- 
gation was undertaken to learn more of the elevated tem- 
perature friction and wear characteristics of these materials. 

The primary purpose of this investigation was to deter- 
mine the fundamental criteria that could be established for 
the use of refractory compounds rather than what specific 
materials would make good bearings or seals. It would be 
important to determine, for example, whether adhesion 
between members of a refractory compound couple could 
be predicted by such things as solid solubility, as reported 
for metal couples by Ernst and Merchant (1) and Coffin (2), 
or relative positions in the periodic table as used by Good- 
zeit (3), for metal couples. If these criteria are not valid it 
is of interest to know why they fail and what physical or 
chemical effects can provide a basis for selection. 

The amount of information available on the friction and 
wear characteristics of refractory compounds at elevated 
temperatures is very sparse. Bowden (4) reports that 
B. Mordyke has been studying the friction behavior of the 
refractory carbides up to 5400 F in vacuum. Brenza and 
co-workers (5) have studied the wear of tungsten carbide, 
chrome carbide and titanium carbide with various metal 
infiltrants against themselves and various metal alloys for 
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seal applications at 1000 F. They also, studied boron 
nitride, silicon carbide and molybdenum: disilicide along 
with aluminum oxide and various flame-sprayed coatings. 
Peterson and Murray (6) investigated the friction and wear 
of similar materials in slow dry rubbing contact up to 
1600 F in air. Pin and disc wear tests have been carried out 
in air up to 1050 F ambient on some of the refractory 
borides, nitrides and silicides by Baskey (7). 

This paper describes compatibility experiments of cer- 
tain commercially pure refractory compounds against 
themselves, and in various combinations in dry rubbing 
contact in air up to 2000 F. From the results of these 
experiments it is believed that a better appreciation of the 
importance of these materials and their physical properties 
to bearing and seal application can be realized. 


Selection of refractory compounds 


The borides, carbides, nitrides, and silicides of the IVA, 
VA, VIA groups of the transition metals are known to have 
high-temperature strength and hardness. In addition, the 
high-temperature properties of the carbides and nitrides of 
boron and silicon are also satisfactory. Many of the com- 
mon oxides are also known to have high-temperature 
strength and hardness. The properties of all of these mat- 
erials were reviewed, and those with the best oxidation 
resistance were selected for study. Some transition metal 
compounds were not chosen because of insufficient property 
information. 

All of the borides, carbides, nitrides, and silicides 
selected were two-element compounds, whereas three of 
the oxides chosen were compounds of two oxides. The 
choice of these complex compounds allowed the study of 
the validity of intermediate compound formation theories, 
found for metals (3). 

The refractory compounds investigated, together with 
their melting points, are given in Table 1. The materials 
used were of a purity and strength as high as was possible 
to obtain from commercial sources. No binders were used 
in their preparation, even though these could increase the 
strength and eliminate the need for hot-pressing during 
fabrication. However, the presence of binder materials 
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could very easily obscure the results obtained, and add to 
the complexity of any chemical reactions that might occur 
at the interface of a couple. 


TABLE 1 


Refractory Compounds Examined 








Chemical Melting point, 
Material formula F 

Titanium diboride TiBe 5400 
Zirconium diboride ZrBe 5500 
Titanium carbide TiC 5880 
Chrome carbide CrsCe 3740 
Silicon carbide SiC 4890 
Boron carbide BaC 4260 
Titanium nitride TiN 5301 
Boron nitride BN Sublimes 5330 
Silicon nitride SisNa Sublimes 1900 
Quartz (fused) SiO2 _ 
Aluminum oxide AlsOs 3720 
Magnesium oxide MgO 5070 
Mullite 3Al203-2SiO2 3330 
Spinel MgO-Al2O3 3830 
Zircon ZrO2-SiO2 4390 
Vanadium disilicide VSiz 3180 
Tantalum disilicide TaSie 4350 
Molybdenum disilicide MoSiz 3400 
Tantalum disilicide TiSie 2800 











Test apparatus and procedure 


The friction and wear testing methods adopted in this 
study were dictated necessarily by the materials to be 
tested and the goal of reaching 2000 F or higher. 

The use of refractory compounds made it desirable to 
have specimens that were not too complicated in shape. 
The most straightforward shape of specimen to prepare 
was a circular cylinder. Therefore, a test incorporating 
crossed cylinders was chosen. Here mating specimens were 
of the same size and shape, and could be re-used by a 
relatively simple grinding and lapping operation. 

The apparatus designed for this investigation is shown 
schematically in Fig. 1 and pictorially in Fig. 2. Two 
stationary specimens are mounted horizontally on opposite 
sides of a vertical specimen, but at slightly different heights, 
while the vertical specimen is held at one end and rotated 
by a collet. Because of the differential expansion of the metal 
coliet and the ceramic refractory specimen, a spring-loaded 
clamping is desired to maintain contact pressure during 
temperature changes. Any clamping method must avoid 
sliding metal surfaces at high temperatures if reliable 
performance is to be attained. To achieve this, a collet has 
been designed which depends on the deflection of a cant- 
ilever beam with an applied moment (Fig. 1). The moment 
is applied to each jaw by means of a spring-loaded draw bar 
in the center of the collet. The design is such that the point 
of application of the draw-bar force is not required to shift 
with change in the draw-bar force. The collet and draw bar 
(at the collet end) are both made of a high-temperature 
cobalt base alloy containing Ni, Cr, W, Ti and Ta. 

The stationary specimens are each held in place at either 


end by two arms. The end beveling of the specimens pro- 
vides a more reliable seating and clamping action by the 
arms. Because of the need for high strength at 2000 F, 





“ A" | Big DRAW BAR- 

















COLLET _| 











| ROTATING SPECIMEN 


STATIONARY SPECIMENS 
(SUPPORTED BY ARMS NOT 
SHOWN } 


.750 DIA. 








SECTION “A’-"A" 





Fic. 2. Photograph of test apparatus. 
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coated molybdenum is used for the arms. The design allows 
the arms to be of simple shape which permits ease in 
coating. The clamping action is developed by a force 
applied through a stainless steel bolt (located in the low- 
temperature zone) which squeezes the arms together on 
the specimen. One arm is flexible while the other arm is 
made rigid for clamping and for effective transmission of 
the friction tangential force. The bolt also facilitates the 
spreading of the arms for insertion and removal of speci- 
mens. The L-shaped arms holding the stationary specimens 
are pivoted on bearings whose centers are in line with 
the point of contact between the specimens and maintain a 
constant lever arm with wear of the sliding couple. Applica- 
tion of normal loading of the contacting materials is 
accomplished by weights at the end of the extended arms 
as shown in Fig. 2. 

Frictional forces are measured by strain gages on an 
I-shaped cooling block supporting the specimen arms. The 
strains are recorded on a continuous strain gage recorder. 
Because the specimens are dead-weight loaded, it is possible 
to calibrate the recorder to read the friction coefficient 
directly. There are four gages on each I-block, arranged in 
a bridge circuit so as to be insensitive to the normal load. 

A furnace is mounted on a hydraulic jack to facilitate 
raising and lowering. Each of the three windings of the 
furnace can be controlled separately, resulting in very flat 
temperature distributions within the furnace. An antici- 
pator circuit minimizes temperature fluctuations. 

In order to compare the friction and wear resistance of the 
various materials, all tests were run under standard condi- 
tions of load, speed and duration. Hence for the bulk of the 
tests reported, the normal force applied was two pounds, 
the rotational speed was about 14 rpm (2.7 ft/min) and 
tests were continued for 1000 revolutions. The rotational 
speed chosen was dictated principally by the ability of the 
recording pen to follow the stick-slip action of the sliding 
process. 

Qualitative measures of the sliding behavior were also 
made on each couple following a test. The appearance of 
the wear scar on the stationary member and the wear track 
on the rotating member were carefully examined and 
photographed. The nature and the amount of the debris 
that was accumulated by the interaction of the two materials 
was also noted. 


Background for frictional characteristics of couples 


Theories have been developed for metallic couple 
behavior which relate the physical and chemical properties 
to sliding characteristics. One theory for friction and 
surface damage in metallic couples is based on solid 
solubility (1, 2). It has been found by testing many metal 
couples that when there is little or no mutual solid solu- 
bility, the friction and wear characteristics are appreciably 
better than for those couples with complete or partial solid 
solubility. Therefore, in planning the present investigation 
couples of refractory compounds were chosen which are 
known to have little or no solid solubility. Other couples 
were selected which have complete or partial solid solu- 
bility in an effort to determine the influence of this effect. 
In many cases solid solubility information was not available 


for refractory compounds. Hence, couples were also 
selected on the basis of relative lattice structures and 
atomic sizes. 

Schwarzkopf and Kieffer (8) discuss the lattice structures 
and the types of bonding suggested for these materials. 
Because of the metallic nature of borides, cardides, nitrides 
and silicides of the IVA, VA and VIA groups, bonding is 
believed metallic. Therefore, use of atomic sizes could be 
justified. Using the: Hume-Rothery rule for solid solubility 
between metals, namely, that solid solubility will be limited 
by lattice distortions if the atomic sizes differ by more than 
15%, one might predict that solid solubility will not occur 
between two refractory materials if the metal atoms differ 
by more than 15% and the non-metal atoms differ between 
themselves by more than 15%. In addition, when the non- 
metal atoms are in interstitial positions, it is necessary that 
Hagg’s rule be obeyed, namely that the substitution of the 
non-metal atoms can occur only if non-metal-to-metal 
atomic radius does not exceed 0.59. 

Another possible action influencing the frictional charac- 
teristics of refractory compound couples is the tendency for 
or against intermediate compound’ formation at the inter- 
face during sliding. If intermediate compounds are formed 
these compounds may cause interface or bulk shearing, 
depending on whether the compound formed has a lower 
or higher shear strength than the materials of the couple. 
Any compound so formed should also be insoluble in 
either member of the couple so that the effect of its forma- 
tion will be limited. 

Possible environmental reactions can be visualized which 
would have effect on the friction characteristics. For 
example, from thermodynamic considerations some of the 
refractory compounds should oxidize in air, because of the 
lower free energy of the respective oxides (9, 10). However, 
the kinetics of these reactions will determine the tem- 
perature at which a sufficient amount of oxide will form to 
influence the friction and wear, both at that temperature 
and subsequent lower temperatures. 

The fracture strength is also of utmost importance in 
determining the frictional characteristics. This is brought 
out by considering how dry sliding of these compounds 
may occur. The coefficient of friction, f, is defined as the 
tangential force, F, divided by the normal force, W, or 

f= FW (1] 
Following Bowden and Tabor (11), because two surfaces 
do not form a perfect interface when placed together but 
rest on asperities, the true normal force at each asperity is 
unknown. However, the normal force can be approximated 
by the hardness, H, times the area of the asperities, A, or 


W = HA [2] 


The shear force can also be approximated by the stress, S, 
applied at the asperities to cause sliding motion, times the 
area of the asperities or 


F=SA ; [3] 
Substituting [2] and [3] into [1] and simplifying, 


f= S/H [4] 
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when sliding occurs, the resulting damage depends upon 
whether shearing occurs at the interface or in the bulk 
material. In refractory compounds factors which may 
enhance interface shearing with the resultant low friction 
and wear, are low shear strength surface films or viscous 
oxide formation or lack of solid solubility. Factors which 
may cause shearing and separation beneath the surface are 
high surface interactions (high adhesion), solid solubility, 
surface reactions, or compound formation. Thus for the 
desirable effect of shearing at the interface to occur, it is 
necessary that the condition 


Sintertace < S < Stracture [5] 


be met. Dividing by the hardness, H, condition [5] then 
becomes 


Stracture 


aft [6] 


Thus the upper bound to the friction coefficient and the 
condition for interfacial sliding is determined by two 
material properties, the shear strength and the hardness. 
For unlubricated sliding metal couples, it is often possible 
to satisfy the conditions for interface sliding because the 
quantity Stracture/H is sufficiently high (about unity (11)). 
If non-alloying couples (2) or especially designed metals 
such as copper-lead alloys or babbit metals (11) are em- 
ployed, the quantity Sintertace/H can be maintained well 
below 1.0, and favorable sliding conditions result. 

In the case of the refractory compounds, the hardness H 
may be tenfold higher than for metals. Unfortunately, the 
shear strength, Stracture, is not similarly high but remains 
the same order of magnitude as many metals. It should be 
borne in mind that the quantity Stracture is not a true shear 
strength, but involves, to a high degree, a direct tensile 
action as sliding occurs and asperities are broken or pulled 
from the mating surfaces. This further lowers the quantity 
Stracture below the bulk fracture shear strength. The net 
result is that the right hand term of [6] is now considerably 
less than 1.0, possibly as low as 0.1. Hence the quantity 
Sintertace/H must be even less for interfacial sliding. There- 
fore, adhesion forces have to be exceptionally small to 
avoid bulk shearing and high wear associated with removal 
of material. 


S interface 


Test results and discussion 


Before reporting and discussing the results, a word of 
caution is in order. As was mentioned, the low value of 
Stracture/H for refractory compounds requires that any 
influence tending to lower the adhesion must be very effec- 
tive if interfacial sliding is to occur. Therefore the theories 
that hold for metal couples as discussed above may break 
down for this class of materials because of the over-riding 
influence of the low fracture strength and high hardness. If 
attempts are made tc evaluate the adhesion at the start of 
the test before debris is formed from bulk fracture, the 
results may be obscured by the presence of surface films 
that have not yet been worn away. Even though the 
experiments were designed to evaluate sliding criteria, the 
occurrence of fracturing inadvertently obscures the evalu- 
ation of these criteria. 


A. Solid Solubility 


Complete solid solubility would promote increased 
adhesion and cold-welding to produce high friction and 
wear from bulk shearing. High temperatures would in- 
crease this effect because of higher diffusion rates, provided 
a chemical reaction such as oxidation does not obscure the 
results. 

The couples that would obviously have the greatest solid 
solubility are those of identical materials. Table 2 shows 


TABLE 2 
Couples Having Complete Solid Solubility 

















Wear 
Temper-| scar | Coefficient 
Couple ature, | diam., of 
mm friction 

TiBe—TiBe2 1100 1.1 2.40 
siC—SiC 1200 2.0 0.78 
SisN4—SisN4 1200 2.7 0.90 
AlzOs—Al2O3 600 2.6 1.08 

‘a | 1200 1.2 0.80 

BG a | 1400 1.6 0.82 
MgO—MgO 1800 | 1.6 0.39 
3Al203-2SiO02—3Al203 + 2SiO 1200 | 3.6 1.05 
MgO: AlzOs—Mg0O - AlsOs 1200 |. 2.7 0.88 
ZrO2 - SiO2z—ZrOsz - SiO | 1200 | y Be 1.00 
MoSiz—MoSiz ; 1200 1.6 0.83 
TiSiz—TiSie | 1200 2.5 0.82 

> | 
VSiz—TaSiz | 1220 3.1 0.78 
> 

MoSie—TiSie | 1200 2.2 0.85 

— Rotating member. | 








the results with couples which are identical and should 
have complete solid solubility. Also shown in Table 2 are 
couples believed typical examples of solid solubility, these 
include VSig against TaSig, and MoSig against TiSig. All 
other tests performed which should have exhibited solid 
solubility effects were believed improved by oxidation 
products at high temperatures or water vapor films at room 
temperature, 

These tests usually show the friction coefficient to be 
greater than 0.65 and in many cases greater than 0.80. The 
wear scar (WS) diameters are greater than 1.5 mm. Experi- 
ence has shown that for these materials generally a wear 
scar diameter of 1.2 mm or less is considered good for a 
test of 1000 revolutions with a load of 2 lb and a rotation 
speed between 13 and 16 rpm. 

Table 3 summarizes the friction and wear results for 
couples with no known or predicted solid solubility. Those 
couples which showed evidence of interfacial sliding include 
TiC against AlgOg and SiOz against SiC. Both of these 
tests have a coefficient of friction less than 0.50 and have a 
wear scar less than 1.0. Other such couples tested are 
included in Table 3, but from the magnitude of the friction 
coefficients and wear scars, bulk shearing rather than inter- 
facial sliding occurred. 

Summing up these results, it was observed that if there 
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TABLE 3 
Couples Having no Solid Solubility Known or Predicted 














Wear 
Temper-| scar | Coefficient 
Couple ature, diam., of 
mm friction 
Couples exhibiting interfacial sliding 
> 
TiC—Al2O3 | 136 0.6 0.26 
—_ 
SiC—SiO2 | 1230 0.7 0.42 
Couples exhibiting bulk shearing 
> 
SiO02—3Al2O3 - 2SiO2 | 1200 3.8 0.87 
” ” | 1200 3.8 0.72 
> | 
S$iO2—ZrOz - 2SiO2 | 1200 1.6 | 0.88 
” ” 1200 3.4 0.69 
es | 
AlzO3s—3Al203 . 2SiO2 | 1200 | 2.8 1.00 
> 
AlzOs—MgoO - Al2O3 | 1200 i2 0.88 
” ” | 1200 | 1.2 0.90 
AlzOs—ZrOz - SiOz | 1200 | 1.7 1.02 
ae 
3AlaO3 - 2Si02—MoSie 1200 | 26 0.82 


— Rotating member. 





is known or predicted solid solubility, the coefficient of 
friction is 0.65 or greater and the wear scar diameter is 
greater than 1.5 mm. If there is no solid solubility known 
or predicted, the coefficient of friction was found in some 
cases to be less than 0.5 and wear scar diameter less than 
1.2mm. The inability to distinguish between the excep- 
tions of the latter case and those with solid solubility does 
not allow the solid solubility criterion to be used with 
confidence. 


B. Effect of Intermediate Compound Formation 


Several couples tested had no solid solubility, but were 
capable of forming intermediate compounds (12). Figures 
3 and 4 show the coefficient of friction and wear of one such 
couple, SiOz rotating against AloO3, as a function of 
temperature. At 1400 F and above a chemical reaction 
appears to be affecting the results; however, below this 
temperature the coefficient of friction ranges from 0.30 to 
0.76, and the wear-scar diameter up to 2.4 mm. 

Another insoluble couple tested which was capable of 
forming an intermediate compound was MgO vs. SiOz, 
shown in Figs. 5 and 6. With MgO rotating the wear-scar 
diameter was less than 1.2 mm and some polishing of the 
wear track and scar was observed in the temperature range 
600-1600 F. 

Figures 7 and 8 show the coefficient of friction and wear 
respectively of AlgO3 against MgO as a function of tem- 
perature. These two compounds are also insoluble in each 
other, but AlgOs has some solubility in the intermediate 
compound spinel. With MgO rotating the coefficient of 
friction is found to be less than 0.56 and the wear-scar 
diameter less than 1.2 mm if little abrasion occurs. Figure 
9 illustrates a typical example. Similar results are observed 
for spinel against MgO. 

Although the above three couples have been grouped 
together because of a possible intermediate compound 
formation in each case, there is no evidence that such is 
occurring or influencing the sliding characteristics. In fact, 
for the case SiOg rotating against AlgO3, X-ray analysis 
showed that the wear debris at 1600 F was AleO3 with no 
evidence of any compound formation. SiOg, if vitreous, 
could not be detected. 


C. Oxidation 


The effect of oxidation can best be explained by its 
influence on individual compounds rather than specific 
couples. From the free energy of formation for many of the 
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Fic. 3. Average friction coefficient vs. temperature for SiOz against AleOs3. 
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AVERAGE FRICTION COEFFICIENT 


MEAN WEAR SCAR DIAMETER (mm) 
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ATMOSPHERE: AIR 
NORMAL LOAD: 2LB. 
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Fic. 4. Mean wear scar diameter vs. temperature for SiOg rotating against AleOs3. 
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Fic. 6. Mean wear scar diameter vs. temperature for MgO against SiOo. 
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Fic. 8. Mean wear scar diameter vs. temperature for MgO against AloOs. 





Fic. 9. Magnesium oxide, MgO, rotating against aluminum oxide, AleOs3. Test temperature 600 F, 
coefficient of friction 0.25-0.54, magnification 12.5 x. 
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materials, one can determine if oxidation can occur. How- 
ever, many more reactions may be possible and, further, the 
free energy values reported may be grossly in error under 
the conditions of these tests. For a real assurance that a 
reaction will occur, information must also be available on 
the kinetics of the reaction. 

TiBs and ZrBo—These materials oxidize to form BgO3 
and their respective metal oxides when heated above 
1200 F. At 1400 F the BgOg forms a glassy coating on 'TiB 
as illustrated in Fig. 10. At very high temperatures (1900 to 
2000 F) for long times the relatively high evaporation of 
B2Og causes the glassy oxide coating on TiBg to become 
dull and characteristic of TiOg even though BzOx has a 
higher molar volume than TiOg. For ZrBe this effect is 
even realized at 1400 F as shown by the white powdery 
coating of ZrOz in Fig. 10. The very high viscosity of BgO3 
at 1200 F and below can cause very high friction. 

TiC and TiN—These materials react with the air to 
form TiOg at elevated temperatures. The softening tem- 
perature for TiOg is given at 1100 F (13). Figure 11, TiC 
against TiC, shows that a drop in friction does occur about 





K. P. ZEMAN AND L. F. Corrin, Jr. 


this temperature and hence the TiOz may have some 
lubricating qualities. Conversely, if the oxide is formed at 
the higher temperatures and then cooled, an increase in 
friction will occur at about this temperature. With TiN 
against itself the apparent drop-off in coefficient of friction 
is around 1300 F, as shown in Fig. 12, rather than 1100 F 
as observed for TiC. This may be due to some difference 
in composition of the reaction product. Titanium oxide is 
usually very adherent to the other member and the excellent 
adherence of it to AlgO3 may be accounted for by the 
formation of aluminum titanate. Figure 13 is an illustration 
of this adherence effect. 

SiC—Insufficient tests were performed with this mat- 
erial to determine its oxidation resistance. However, X-ray 
analysis of the white wear debris formed at 1400 F, similar 
to that shown in Fig. 14, gave no evidence of oxidation. 

B,C—This material, like TiBz and ZrBe, can form a 
glassy B2O3 coating at 1200 F and above. At 1200 F and 
below the amount of BzOg and the high viscosity of this 
glass do not allow it to function efficiently as a lubricant. 
However, very excellent results can be obtained above this 





Fic. 10. Titanium diboride, TiBe, rotating against zirconium diboride, ZrBe. Test temperature 
1400 F, coefficient of friction 0.42-0.45, magnification 12.5 x. 
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Fic. 11. Average friction coefficient vs. temperature for TiC against TiC. 
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temperature as illustrated in Fig. 15. Here the friction is corrosive and reacts with its mating couple to increase the 
characteristic of hydrodynamic lubrication even though viscosity or cause high wear. An example of high wear 
the test configuration is far from ideal. BgO3 can be very = caused by the B2QOg3 is shown in Fig. 16. Formation of 
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Fic. 12. Average friction coefficient vs. temperature for TiN against TiN. 





Fic. 13. Polished aluminum oxide, Al2Os, rotating against titanium carbide, TiC. Test temperature 
1200 F, coefficient of friction 0.52-0.60, magnification 12.5 x. 





Fic. 14. Silicon carbide, SiC, rotating against silicon carbide, SiC. Test temperature 1200 F, co- 
efficient of friction 0.67—-0.90, magnification 10 x. 
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solutions with such materials as SiOe, AleO3, and TiOg in 
the BzOs glass would raise the viscosity-temperature curve 
and thus would require higher temperatures for similar 
frictional characteristics. 

Silicides—All of these materials are believed capable of 
oxidizing to form an SiOz or a silicate coating depending 
upon free energies of formation. These oxide coatings, 
however, are believed to be partially responsible for the 
poor results obtained with these materials. Vitreous SiOz, 
if formed, would be too viscous below 2000 F to provide 
lubrication. 


D. Hardness and Shear Strength 


As was previously discussed the high hardness of 
refractory compounds coupled with low fracture strength 
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should make bulk shearing and fracturing unavoidable. 
This effect is realized in that even the smallest wear scars 
are almost ten times those predicted from the Hertz 
equations. However, one may expect some changes in the 
friction and wear characteristics with temperature due to 
the significant changes in hardness, as illustrated in Fig. 
17 (14). 

Figures 5 and 6 showed the friction and wear of SiOz 
against MgO as a function of temperature. The coefficient 
of friction decreases with temperature as does the hardness. 
Also, although not apparent from Figs. 5 and 6, with MgO 
rotating polishing occurs between 600 and 1600 F while 
above and below these temperatures considerable wear 
debris adheres to the leading edge of the scar. This indicates 
that sliding can approach the condition of shearing at the 
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Fic. 15. Average friction coefficient vs. ZN/P for BaC rotating against BaC. 





Fic. 16. Boron carbide, BsC, rotating against aluminum oxide, AlgO3. Test temperature 1400 F 
coefficient of friction 0.21-0.45, magnification 8 x . 
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Fic. 17. Hardness vs. temperature of refractory compounds. 


interface depending on the temperature. Referring to Fig. 
17, it will be noted that the relative hardnesses of these 
two couples change in the same temperature range. 


Summary 


Crossed cylinder sliding experiments have been con- 
ducted on a variety of refractory compounds including 
borides, carbides, nitrides, oxides and silicides from room 
temperature to 2000 F. Although none could be considered 
as readily applicable to bearing and seal application over 
the whole temperature range, two predominant charac- 
teristics can be pointed out: 

(a) Bulk shearing and fracturing and resultant high wear 
caused by abrasive action is inevitable due to the 
low ratio of fracture strength to hardness. Even under 
supposedly ideal conditions of no solid solubility 
the expected low adhesion is too large to prevent 
the occurrence of bulk shearing and fracturing. Until 
the fracture strength of these materials can be in- 
creased considerably, so that the ratio of fracture 
strength to hardness approaches that of bearing 
metals or alloys, it is unlikely that bulk shearing and 
abrasion can be avoided. 

(b) Formation of reaction products with air can serve 
an effective means of causing interface sliding over 
a limited temperature range. The properties of these 
reaction products results in wide variation in the 


sliding behavior, even reaching hydrodynamic 
lubrication. However, the hardening of these prod- 
ucts at low temperatures can result in high wear. 
Much further study is required before these mat- 
erials will be applicable to partial bearings and seals. 
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The Performance of Heavily Loaded Oscillating Roller Bearings 
from 300F to 600F 


By W. A. GLAESER! 


Over 1000 roller bearings have been evaluated at elevated temperatures as oscillating bearings 
and load-life characteristics determined through statistical analysis of failure data. Operating 
temperatures of 300 F, 450 F, and 600 F were investigated. Bearing materials investigated 
included AISI 52100 steel, M-2 tool steel and 440-C stainless steel. Grease lubrication was 
used. The bearing load range included 250,000 pst to 500,000 psi maximum Hertz stress. 
AISI 52100 steel proved satisfactory for temperatures to 450 F. Tool steel (M-2) and 440 C 
stainless steel proved satisfactory for temperatures to 600 F. Although failure modes were 
predominantly by plastic deformation, wear and oxidation, failure distribution frequencies fit 
the Weibull distribution commonly used in bearing fatigue studies. Data scatter was less than 
that expected for continuously rotating ball bearings. 


Introduction 


SELF-ALIGNING roller bearings are used in control mech- 
anisms, flap hinges, etc., in modern high-speed airframes 
where ambient temperatures up to 600 F and above are being 
encountered. Space limitation heavy bearing loads, and 
limited actuating power have made selection of the proper 
bearing and lubricant exceedingly difficult. In addition, 
these bearings are subject to oscillatory motion, a condition 
for which is difficult to provide adequate lubrication. The 
stringent requirements for reliability of components in air- 
frames, therefore, are presenting airframe engineers with 
virtually insurmountable design problems. 

It has been generally recognized among airframe de- 
signers and bearing companies that bearing materials and 
lubricants exist which might be expected to perform satis- 
factorily at temperatures up to 600 F. Lack of data on the 
limitations of bearings and lubricants in the temperature 
range 300 F to 600 F, however, has made it necessary to 
base bearing selection on expensive and time consuming 
mock-up tests of intended mechanisms. 

To meet this critical shortage of airframe design data, the 
Air Force has been sponsoring a series of evaluation pro- 
grams to develop new bearing materials, lubricants, and 
design information. In 1959, a program for the Air Force 
was conpleted in which load-life characteristics for oscil- 
lating, self-aligning roller bearings of suitable materials 
were established for the temperature range 300 F to 600 F. 
A total of 1080 bearings were evaluated under these condi- 
tions and load-life charts established from a statistical 
analysis of the experimental data. 

A fully detailed description of this research program is 
given in Reference (1). 





Contributed by the ASLE Technical Committee on Bearings 
and Bearing Lubrication and presented at the Annual Meeting 
of the American Society of Lubrication Engineers held in Cincin- 
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Research program 
The Bearings 

One bearing size; 3 in. bore, 7% OD, and two bearing de- 
signs were used in these evaluations. The two bearing 
designs selected included a barrel roller bearing and an hour- 
glass roller bearing. Both designs have self-aligning cap- 
abilities by virtue of their roller-race geometrics. Drawings 
of these bearings are shown in Fig. 1. Three bearing mater- 
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Fic. 1. Bearing designs evaluated: (left) hour-glass roller design; 
(right) barrel roller design. 


ials were investigated: AISI 52100 steel, 440-C stainless 
steel, and M-2 tool steel. 


Operating conditions 
The following operating conditions were used in all 
bearing evaluations: 


Bearing temperature 300F, 450 F, and 600 F 


Oscillation amplitudes +35° 
+10° 
Oscillation frequency 250 cpm 
Bearing load range 1200 Ib to 990 Ib 
Approximate bearing 250,000 psi to 500,000 psi (max. 
contact stresses Hertz stress) 
Lubrication Grease applied every 270,000 
cycles (18 hr). 
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The bearing oscillation frequency used is quite a bit 
higher than that found in actual airframe applications. 
However, in order to keep the evaluation program to a rea- 
sonable length, bearing tests were limited to a maximum 
of 500,000 cycles and an oscillation frequency chosen which 
would accomplish maximum bearing life within a few days 
of continuous operation. Exploratory evaluations were made 
over a range of oscillation frequencies and it was found that 
up to 300 cpm, oscillation frequency did not appreciably 
influence bearing life. 

Distribution of lubricant by overlap of roller paths was 
considered an important factor in bearing behavior and 
therefore two bearing oscillation amplitudes were selected 
for study. An amplitude of + 35° was selected to produce 
roller path overlap and + 10° amplitude to produce no 
roller path overlap. 


The failure criterion for these evaluations was established 
as a predetermined increase in internal clearance or obvious 
rough operation. Bearing failure, when it was initiated, 
proceeded rapidly to gross damage of the rolling ele- 
ments. 


Lubricants 


Greases were selected for evaluations from a number 
of possible candidates on the basis of high temperature 
four-ball evaluations and high temperature evaporation 
studies. The following greases were selected for bearing 
evaluations. 

300 F—MLG 9373 

450 F—Super Mil ASU-M-40 

600 F—High-temperature silicone base grease 
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Fic. 4. Load-life characteristics of BR-6 bearings made of 440 C stainless steel. 


Experimental results 


Load-life data for all bearings evaluated were recorded 
on punched cards. The method of order statistics (2) was 
used to reduce the data, assuming the Weibull type fre- 
quency distribution. For each group of bearings, the Lio, 
Ls0, Weibull slope, and lower 95% confidence limits were 
computed according to the method described by Lieblein (3) 
and utilizing variance tables for truncated samples given 
by Lieblein and Zelen (2). L5o is the median life and Lio 
the 10 per centile life. The Lio life represents the number of 
cycles of successful operation expected for a group of bear- 
ings before 10% of them have failed. The Lipo lives are gen- 
erally used in airframe bearing selection since it is the first 
bearings to fail and not the longest lived bearings which are 


important to airframe reliability. The Lso limits were in- 
cluded to show the data scatter and to determine trends. 
A digital computer program was written to perform the 
necessary randomizations and calculations for data reduc- 
tion. Using the computed values for Lio, Lso, and 95% con- 
fidence limits, load-life charts were constructed as shown in 
Figs. 2, 3 and 4. These are load-life characteristics for each 
of the three bearing materials evaluated in the program. 
The band shown for each temperature level represents the 
spread between the Lo and Lo lives. The Lio limits of each 
band are based on 95% confidence limits. 

The load-life charts shown in Figs. 2, 3 and4 are for + 35° 
oscillation. In general, bearing lives were longer when the 
smaller oscillation amplitude (+ 10°) was used. Figure 5 
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Fic. 5. Load-life characteristics of bearings made of AISI 52100 steel operated 
at 450 F. 
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shows the difference in load-life characteristics for bearings 
operating under the two conditions of oscillation amplitude. 
This difference was attributed to the effect of roller overlap 
and will be discussed later. 


Bearing Behavior 


During the course of the research program, these observa- 
tions were made on the behavior of oscillating roller bearings 
at elevated temperatures : 

(a) Grease lubrication was essential for successful opera- 
tion at all temperature levels. Bearings operated with- 
out grease failed in 4, to j, the life expected for 
grease lubricated bearings. 

(b) Grease replenishment every 18 hrs was essential 
owing to grease degradation by heat and working. 

(c) The hour-glass roller design showed better high 
temperature capabilities than the barrel roller design. 
The barrel roller bearings were more easily fouled by 
grease decomposition products and were subject to 
roller skewing at high loads and high temperatures. 

(d) Incomplete stabilization of bearing materials during 
heat treatment (6 to 10% retained austenite present) 
resulted in premature bearing seizure and fracture 
of rolling elements during high-temperature opera- 
tion. 

(e) The production of thermal gradients as high as 
100 F between inner and outer races of bearings 
occurred when heat flow to both inner and outer races 
was not carefully controlled. This effect was more 
pronounced as bearing operating temperature was 
increased. Roller bearings are apparently poor ther- 
mal conductors and in practical installations consi- 
deration must be given to the direction and amount 
of heat flow to and from the vicinity of the bearing. 

(f) Addition of 5° MoSe powder to Super Mil ASU- 
M-40 grease resulted in an approximate 25% in- 
crease in bearing life at 450 F. 


Failure Mechanisms 


Three general types of failure were observed for these 
bearings: (a) spalling or flaking of the race and roller sur- 
faces accompanied by subsurface cracking, (b) softening 
and plastic flow of the race and roller surfaces, and (c) oxi- 
dation, wear, and fouling by debris. Typical spalling and 
plastic deformation failures are shown in Fig. 6. Spalling 
was more evident in the longer lived bearings subjected to 
the lighter loads and at the lower temperatures. With in- 
creasing load and higher temperature, the contacting sur- 
faces roughened and roller edges tended to dig into the race 
surfaces. Hour-glass rollers tended to extrude at heavy 
loads and high temperatures. 

Deposition of carbonized lubricant and oxidation of the 
rolling elements was a secondary cause of failures. This type 
of failure was more predominant at high temperatures and 
low loads where longer bearing lives gave more time for the 
building up of hard brittle films on the race and roller sur- 
faces. 

Under conditions of roller path overlap (+ 35° oscilla- 


tion), spalling of the race surfaces was observed in the over- 
lap zones. An example of this type failure is shown on the 
race on the left in Fig. 6. This ‘‘zonal spalling” was appar- 
ently caused by the mounding up of race material in front 
of the roller as it moved over the race. These mounds were 
built up at the extreme ends of the roller travel, and as 
neighboring rollers passed back and forth over these zones 





Fic. 6. Inner races of failed SAE 52100 bearings after operation 
at 300 F+35° oscillation amplitude. Race on the left shows 
typical spalling in zones of roller path overlap. 


of mutual overlap, the material was subjected to severe 
working. Microhardness traverses through these zones indi- 
cated greater work hardening in the overlap areas than in 
other areas of the race. Bearings operating without roller 
path overlap developed shallow depressions in the races 
under each roller in the load carrying area of the bearing. 
Spalling eventually developed in the bearings operating 
with no roller overlap but was not as severe nor did it occur 
as soon as in bearings operating at + 35° oscillation. 


Use of Weibull Distribution 


At the outset of the experimental program, it was assumed 
that the frequency distribution of bearing failures would 
follow the Weibull relation. This form of frequency distri- 
bution has been used successfully for statistical analysis of 
rolling contact bearings, subject to continuous rotation. 
These bearings, in general, fail by surface fatigue. The fa- 
tigue phenomenon produces failure distributions of the 
“extreme value” type which treat the extremes of data as 
being most significant. This is believed to be true because 
fatigue failures are related to the strength of the weakest 
point in the material under stress. The Weibull distribution 
is an extreme value type of frequency distribution. 

As the experimental program progressed, however, it 
became apparent that bearing failures were predominantly 
caused by plastic deformation and not surface fatigue as it 
is known in conventional bearings. In spite of the different 
failures modes data plotted on Weibull paper as it became 
available showed a consistent good fit to the theoretical 
straight line. At the completion of the program, it was sus- 
pected that although bearing failure modes were not of the 
well-known pitting or surface fatigue variety, failure fre- 
quency distributions were holding remarkably close to the 
Weibull distribution. To verify this suspicion, thirty-four 
groups of bearing failure frequency distributions were 
chosen at random from the total data and analyzed for good- 
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ness of fit to the Weibull distribution. The calculated Lio 
and Ls5o values for each group were located on Weibull 
charts and straight lines drawn through them. The 90% 
confidence limits were established on these plots and the 
bearing failure data plotted on each chart. A sample plot is 
shown in Fig. 7. These charts were then examined to see 
how well the experimental points followed the straight line 
and stayed within the zone of 90% confidence limits. Of the 
thirty-four groups chosen, six did not show a good fit to the 
theoretical Weibull straight-line—within 90% confidence 
limits. Of these six, three could be explained by an observed 
change in the mode of failure for the longer lived bearings. 
From this analysis, it was concluded that the Weibull dis- 
tribution was the best to use in the statistical analysis. 
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Weibull distribution. 


Data scatter was less than expected for rolling contact 
bearing evaluation. The Weibull slope is a measure of data 
scatter—the higher the slope, the less the data scatter. An 
analysis of the range and distribution of Weibull slopes 
from the bearing failure data indicated that the majority 
of Weibull slope values fell between 0.7 and 4.0. A few 
slopes as high as 17 and 34 were observed. The following 
tabulation shows the distribution of observed slopes: 


Weibull-Slope Interval Number of Groups 

0-2 11 

2.1-— 4.0 30 

4.1— 6.0 11 

6.1- 8.0 7 
8.1-10.0 1 
10.1-12.0 1 

12 + 


Weibull slopes of 1.0 to 2.0 are usually expected in ball- 
bearing fatigue studies where bearings are operated under 
continuous rotation (2). The above tabulation indicates that 
one should expect Weibull slopes in the range 2.0 to 4.0 for 
high temperature oscillating roller bearings. 
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Conclusions 


As might be expected, bearing life drops off as the opera- 
ting temperature is increased. This trend can readily be seen 
in Figs. 2, 3, and 4. The “droop” in these curves at the lower 
loads was observed consistently and tended to become more 
apparent as temperature increased. It is believed that the 
“droop” is related to the effect of two competing failure 
mechanisms—plastic deformation and oxidation and wear. 
It is assumed that at the heavier loads, failure by plastic 
deformation predominates while at lower loads, wear and 
oxidation predominates. 

Comparing the load-life characteristics in Figs. 2 and 3, 
it can be seen that M-2 tool steel and 440-C stainless steel 
have similar load-life characteristics at 450 F and 600 F. 
Either material, therefore, should be satisfactory as a roller 
bearing material for these temperatures. Some difference 
in failure modes were distinguished between these two 
materials. The 440 C stainless steel showed better resistance 
to oxidation than M-2 tool steel. Tendency for segregation 
of carbides in “bands” was noted in 440-C stainless steel, 
however, and when surface cracks appeared they tended to 
follow these bands inward. 

The results of evaluation with bearings made of SAE 
52100 indicted that this material is satisfactory for heavily 
loaded oscillating roller bearings for temperatures up to 
450 F. The load-life characteristics for this material shown 
in Fig. 2 indicate that shorter bearing lives should be expec- 
ted for bearings made of AISI 52100 steel than bearings 
made of 440-C or M-2 tool steel. The hot hardness of this 
material decreases rapidly above 450 F and makes its use 
for roller bearings above 450 F impractical. 

Bearing failures tend to follow the Weibull distribution 
even though failure is predominantly by plastic deforma- 
tion, oxidation, and wear. The scatter in data is less than 
that expected for room temperature evaluations of continu- 
ously rotating ball bearings. It appears that a bearing sample 
size of about 15 bearings is sufficient to establish a point in 
load-life determinations of high-temperature grease lubri- 
cated oscillating roller bearings. 
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Antiwear and Extreme Pressure Additives for Greases 


By S. F. CALHOUN! 


Twenty-nine additives were evaluated for their antiwear and extreme pressure properties when 
incorporated in various percentages in lithium soap-mineral oil greases. The percentages of 
the principal antiwear and extreme pressure inducing elements: sulfur, chlorine, phosphorus and 
lead were determined. The most promising ones were further evaluated in commercial greases 
and in inorganic thickened diester greases. Evaluations were based upon the Four-ball wear 


and EP, the Falex, and the Timken testers. 


Results indicate that phosphorus imparts antiwear properties while sulfur, chlorine, and 
lead, give EP properties to greases. Combinations of additives would enhance both properties. 
Increase in the additive concentration gave increased values to the results. The type of grease 
had an effect upon the efficiency of the additive thus indicating the need to fit the additive to 

the type and intended use of the grease. 


Introduction 


THE primary function of a lubricant is to keep two metal 
surfaces apart thus reducing friction and preventing wear. 
Modern machinery with its constantly increasing speed 
and size has put demands upon lubricants which cannot be 
met by unfortified petroleum products. Evans (1) has found 
that no unfortified lubricant will maintain a film under 
conditions where pressures may run as high as 400,000 psi 
and sliding velocities as high as 1800 ft/min. He gives the 
following values for film rupture strength: 


Petroleum oils 4000-5000 psi 
Lime soap greases 4000-1500 psi 
Sodium soap greases 3000-5000 psi 
Esters 3000-10000 psi 


From these values it is apparent that lubricants need 
to be strengthened in respect to their ability to withstand 
high pressures and extreme wear situations. Since the need 
for increased film strength first appeared in gears which 
were lubricated by an oil or semi-liquid lubricant the in- 
corporation of an additive presented no great problem. Oil 
soluble ureas, thioureas, lead soaps, chlorine or phosphorus 
compounds, and sulfurized fats and oils were often used for 
this purpose. These fortified gear oils met most of the de- 
mands for extreme pressure lubricants until quite recently. 

Most producers and consumers of lubricating greases 
have felt that for the most part present day greases have 
adequately met the demands for extreme pressure put upon 
them. Demands for greases to stand up under extreme con- 
ditions of pressure, temperature, and wear, are becoming 





Contributed by the ASLE Technical Committee on Properties 
of Lubricants and presented at the Annual Meeting of the American 
Society of Lubrication Engineers held in Cincinnati, Ohio, April, 
1960. 

Note: The opinions or assertions contained herein are not to 
be construed as being official or reflecting the views of the Depart- 
ment of the Army. 


1 Supervisory Chemist, Rock Island Arsenal, Rock Island, 
Illinois. 
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more numerous and these can only be met by the use of 
compounds or mixtures, commonly known as additives, 
incorporated into the grease. Frinkleman (2) has found that 
antiwear additives are necessary in many precision instru- 
ments and that greases subject to heavy or shock loadings 
require additives to prevent damage to the bearings they 
are lubricating. Other places where extreme pressure greases 
and lubricants are necessary are certain airframe compo- 
nents, steel mill machinery, rubber processing machinery, 
heavy construction machinery and many others. 

The precise manner in which antiwear and EP agents 
function is a matter for considerable controversy. In fact 
the exact nature of wear itself is not definitely known. Some 
investigators claim that the protection of surfaces by ex- 
extreme pressure additives is due to a surface layer of an 
alloy whose melting point is low enough to provide lubrica- 
tion below the softening point of the base metal (3). The 
surface temperatures of gear teeth have even been found 
high enough to account for such an alloy (4). Other investi- 
gators feel that the effectiveness of EP agents is due to 
chemical action with the metal surfaces (5) resulting in the 
production of chemical compounds and resultant increased 
wear. Others claim that EP agents of the proper type will 
not cause wear and that wear results when the lubricant is 
inadequate to maintain a film and allows metal contact (6). 
Other claims are that the effectiveness of the additive de- 
pends upon the metals in the gears of bearing, upon the 
fluid to which it was added and to the loadings encountered 
(7, 8, 9). There is also a general disagreement as to which 
machine or testing device adequately measures effective- 
ness of EP or antiwear properties. To add to the confusion 
various workers have failed to obtain any correlation be- 
tween the several machines generally employed (10, 11, 12). 

Because of these factors and due to increasing demand of 
the military for EP greases this investigation was undertaken. 


Grease manufacture 


All greases made in the laboratory for this investigation 
were formulated from an 80 SUS at 100 F mineral oil and 
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preformed lithium stearate. The lithium stearate was heated 
with half the oil with constant stirring until solution 
occurred. The remaining oil containing the additive was 
then added and the product cooled and milled. 

The additives used were commercial gear lube additives, 
oiliness agents or compounds whose formula indicated 
potential antiwear or EP activity. Their identity is indicated 
in Table 1. 


TABLE 1 
Identity of Additives Used 


. Chlorinated aliphatic compound. 

. Sulfurized-Phosphorized sperm oil. 
Chlornaphtha xanthate. 

. Gear lubricant additive. 

. Cutting oil concentrate. 

. Chlorinated wax. 

. EP gear lubricant additive. 

. Gear lubricant additive. 

. Phosphite ester of alkylated phenol. 
10. Gear lubricant additive. 

11. Methyldichlor stearate. 

12. Tricresyl phosphate. 

13. Tributoxyethyl phosphate. 

14. Cutting oil concentrate. 

15. Cutting oil concentrate. 

16. Alcohol phosphate. 

17. Sulfurized sperm oil. 

18. EP gear lubricant additive. 

19. Antiwear gear lubricant additive. 
20. Lead di-2-ethylhexyl dithiocarbamate. 
21. Molybdenum disulfide. 

22. 2-Mercaptobenzothiazol. 

23. Tetrabutyl thiuram disulfide. 

24. Lead stearate. 

25. Ester of ricinoleic acid. 

26. Highly polar fatty oil. 

27. Teflon powder. 

28. Lead diamyl dithiocarbamate. 

29. EP gear lubricant additive. 


CONAN WNHS 


Since it is generally known that the four principal anti- 
wear or extreme pressure elements are phosphorus, chlorine, 
sulfur and lead, the amount of each of these elements pre- 
sent was determined from the manufacturers’ data, formula, 
or analysis. Table 2 lists the percentages of the key elements 
in the additives used. This is a complete list of the additives 
used in the investigation but only the results of representa- 


TABLE 2 
Composition of Additives Used 








TaBLe 2—continued 














Additive 
No. ig S Cl Pb 
11 19.3 
*12 8.4 
13 7.8 
*14 19 23 
15 18 22.5 
16 3.5 
17 10 
18 5.1 32 
19 5.5 0.4 
20 11.6 37.8 
771 40.2 
*22 38.3 
23 31.4 
24 41.6 
*28 9.5-9.9 15.5-16 
°29 4.7 4.3 7.5 

















tive ones, indicated by an asterisk, are included in this paper. 

The commercial greases used were qualified under 
MIL-G-10924A and the additive was incorporated therein 
by stirring with a common kitchen mixer. 


Methods of evaluation 


The machines employed in evaluating the greases were 
the Four-ball Wear Tester, the Four-ball Extreme Pressure 
Tester, the Falex and the Timken Testers. The Four-ball 
Extreme Pressure Test was made according to Federal 
Test Standard Method No. 6503 and the Mean Hertz load 
and welding load in kilograms recorded. The Timken test 
was made according to Federal Test Standard Method 
No. 6505 and the highest passing load was recorded as the 
OK load in pounds. 

The Four-ball Wear test was run under the three follow- 
ing conditions: 


TABLE 3 
Four-ball Wear Test Conditions 








Condition No. 1 No. 2 No. 3 
Load, kg 75 50 50 
Speed, rpm 1800 600 600 
Temperature ambient ambient 150 C 
Time 1 hr 10 min 10 min 


























Additive | 
No. P Ss | cl Pb 
1 33 
2 1.1 10.1 
*3 10.8 34 
*4 4.7 13.1 
5 3.644 
*6 41 
7 0.3 4.8 20 
*8 0.31 8.25 20.5 
*9 5.75 
10 4.65 10 








These conditions, indicated by their number in the tables, 
were chosen to simulate various conditions which might be 
encountered in service. The scar diameter perpendicular 
to the striation is recorded. On several occasions when using 
condition of high load and temperature, such as No. 3, the 
normal wear scar was not obtained. Instead a mass of metal 
builtuponthestationary ballsandadeep groove was worninthe 
rotating ball. This condition recorded as a “‘weld’’ in the 
tables, is illustrated in Fig. 1 and a normal wear scar in Fig. 2. 
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Fic. 1. Four-ball ‘‘weld”’ scar. 


The Falex test was made using the following procedure: 
The V blocks and test pins were cleaned with naphtha and 
dried. They were then coated with the test grease and 
installed in the machine. The pan was then filled with the 
grease and placed on the machine so that the test blocks 
and pin were buried in the grease. A load of 250 lb was then 
appliedto the jaws and the machine run for 1 min. At the end 
of the 1-min break-in run, the eccentric was engaged and the 
load increased at a uniform rate. The gage reading in pounds 
at the instant seizure occurred was recorded as the Falexload. 

The Falex and Timken tests were not run on some greases 
used in the later part of this study due to lack of personnel 
and shortage of time. Comparisons on them must be based 
on the Four-ball results. 


Results and discussion 


The results are grouped according to the type of additive 
used. In Table 4 are listed results obtained from a grease 
containing only chlorine as the active agent. The base grease 
is included for comparison. The Four-ball wear for condi- 
tions 1 and 2 shows little or no improvement over the base 
grease. The EP properties are better than the base grease 
with an increase in concentration of the additive showing 
improved results in all but the Falex test. Condition No. 3 
for the Four-ball wear also shows an improvement as the 
concentration increases. The Four-ball wear condition No. 
3 is probably a more severe test than the other two condi- 
tions because of the higher temperature. 


TABLE 4 


Chlorine-containing Additives 














| | | 
a Four-ball wear, mm | 
Additive Additive, | | Mean Welding | Falex Timken 
No. % | Condition | | Hertz | load, | load, OK load, 
No 1 No. 2 No. 3 | load | kg Ib Ib 
0 Base grease 0.469 | 0.354 0.866 19.0 | 100 425 2 
6 3 0.505 | 0.344 | 0.778 a 126 | 1075 6 
5 ae. | 2a..4.. ee 28.3 | 140 | 1100 8 
10 0.520 | 0.386 0.404 os | owe! poe 12 
| 
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Fic. 2. Normal four-ball wear scar. 


The results for greases containing only sulfur as the 
active element are shown in Table 5. The wear results are 
no better than the base grease. Of interest is the fact that for 
all three wear conditions additive Number 22 shows greater 
wear for the higher concentrations. The EP tests show 
noticeable improvement over the base grease with the 
higher concentrations of the additive showing the better 
results. 

Two greases containing phosphorus as the only active 
element gave the results included in Table 6. The improve- 
ment in the wear for low load condition No. 1 is perhaps 
the most noticeable. The wear at high temperatures and the 


EP tests show lower results than for the base grease. The 
phosphorus only additives also tended to produce soft 
greases so that the amount of soap had to be increased to 
keep the grease consistencies within the desired NLGI 
No. 2 range. Greases containing only phosphorus-contain- 
ing additives were also more prone to ‘“‘weld” under Four- 
ball wear condition No. 3, than the others. 

The results for the single element additives would seem 
to indicate that phosphorus shows definite antiwear pro- 
perties while sulfur and chlorine are more effective as ex- 
treme pressure agents. Optimum results should then be 
expected by combining phosphorus with sulfur or chlorine. 


TABLE 5 


Sulfur-containing Additives 




















} 
Four-ball wear, mm | 
Additive Additive, Mean Welding Falex Timken 
No. w/ | Conditions | Hertz load, load, OK load, 
No. 1 No. 2 | No. 3 load kg Ib Ib 
0 Base grease | 0.469 0.354 | 0.866 LR 100 | 425 2 
21 ;: | oe 1 ee ee oe 3 
5 0.589 0.383 | 0.752 | 31.9 175 850 5 
22 3 0.450 0.319 | 0.809 34.9 225 1050 18 
5 0.464 0.537 | 0.856 45.8 280 | 1550 20 
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TABLE 6 
Phosphorus-containing Additives 
| Four-ball wear, mm | | 

Additive Additive, | Mean | Welding Falex Timken 
No. % Condition Hertz | load, load, OK load, 

No. 1 No. 2 No. 3 load | kg Ib Ib 

0 Base grease | 0.469 0.354 0.866 19.0 | 100 425 2 

9 3 0.261 0.453 0.491 | aw (| 100 925 3 

| 5 0.325 0.351 Weld | —_ ~ 1075 wien 

12 3 | 0.238 0.325 0.395 | 21.0 126 950 3 

| 5 0.296 0.273 0.447 —_ | — 1125 -- 

| 











The results obtained by two such combinations are given 
in Table 7. 

The improvement in the wear is apparent. The wear 
scars of the combinations of No. 12 and 22 are much better 
than for sulfur and even approach those of phosphorus 
alone. The EP tests show the combination to be equal to the 
results for sulfur alone and much superior to the results 
obtained on phosphorus. 

These observations are further substantiated by the 
results obtained for combinations containing sulfur and 
chlorine, two extreme pressure agents. The results are 
shown in Table 8 and show that the wear results are rather 
poor but that Four-ball EP and Timken results are gener- 
ally better than the base grease. Probably the most out- 
standing feature of this conbination are the increased Falex 


values. Also the tendency of the wear to increase as the con- 
centration of the additive increases tends to support the 
theory that EP additives function because of chemical ac- 
tion with the metal and thus result in more rapid wear. 

The results obtained from an additive containing all three 
elements is shown in Table 9. The wear values are rather 
poor and the extreme pressure values not outstanding except 
for the Falex results which are very good, especially for the 
5% concentration. Again the wear values increase as the 
additive concentration increases. 

The results of the lead-containing additives are shown in 
Table 10. Number 20 and 28 are lead salts of organic sulfur 
compounds. Number 29 is a commercial additive containing 
lead, sulfur and chlorine. Number 24 is a lead soap made 
in situ to a calculated 3% concentration. Since all but 


TABLE 7 


Phosphorus—Sulfur Additives 






































l l l 
Four-ball wear, mm | 
Additive Additive, Mean | Welding Falex Timken 
No. % Condition Hertz load, load, OK load, 
No. 1 No. 2 No. 3 load kg | Ib Ib 
0 Base grease 0.469 0.354 0.866 19.0 | 100 425 | 2 
4 3 0.311 0.267 0.343 27.3 175 | marl: 4 
5 0.287 0.319 0.450 "5 200 1674 | 15 
10 0.373 0.351 0.415 34.7 200 | 1800 | 20 
= ; } 0.372 0.351 0.664 50.8 315 | 1000 | 2 
TABLE 8 
Sulfur—Chlorine Additives 
Four-ball wear, mm 
Additive Additive, Mean Welding | Falex Timken 
No. % Condition Hertz load, load, OK load, 

No. 1 No. 2 No. 3 load kg | Ib Ib 

0 Base grease 0.469 0.354 0.866 19.0 100 425 2 
3 3 0.515 0.281 0.731 28.6 140 1325 5 
5 0.389 0.336 0.551 29.5 160 3275 18 

10 0.604 0.531 0.598 35.4 200 2500 18 

14 3 0.508 0.505 0.801 33.6 160 2600 12 
5 0.551 0.482 0.335 39.9 140 2025 15 

10 0.632 0.550 0.856 49.0 225 2600 16 
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TABLE 9 
Chlorine-Phosphorus—Sulfur Additives 





Four-ball wear, mm 


| j | 











Additive Additive, Mean Welding Falex | Timken 
No. % Condition Hertz load, load, OK load, 
No. 1 No.2 | No.3 load kg Ib | Ib 
0 | Base grease 0.469 0.354 0.866 19.0 100 | 425 2 
8 3 0.522 0.372 0.650 27.0 175 2380 5 
| 5 0.596 0.566 0.653 32.9 ms | «3s 16 


10 0.624 0.557 0.728 44.0 i. | ae toe 





Number 24 contained either sulfur or both sulfur and chlor- 
ine in addition to lead the results are probably not typical for 
lead alone. Of interest is the better than two fold increase 
in the Mean Hertz load and the threefold increase in weld- 
ing load when additive No. 28 was used alone and in com- 
bination with No. 12, a phosphorus additive. 

In order to see if greases manufactured commercially 
could be improved by late addition of additives two quali- 
fied MIL-G-10924A greases were chosen. Three percent 
by weight of the additive, identified by Number, was added 
by mechanical stirring and the greases evaluated. Results 
shown in Table 11 indicate variable improvement over the 
base grease. Additive Number 28 gave about 100% im- 


provement in Mean Hertz Load values for both greases. 
Additives No. 4 and No. 8 seemed to affect each grease 
differently. This suggests that the additive alone may not be 
responsible for grease improvement but that there may be 
some synergistic effect due to some component in the oil or 
perhaps some other additive present. Additives No. 9 and 
No. 29 seemed to have an adverse effect upon the 
grease. 

It is also noted that the Four-ball antiwear results did not 
correlate with the EP tests. This lack of correlation extends 
to all materials used in this investigation and agrees with 
other observers and with other results obtained in this 
laboratory (13). 


TaBLe 10 
Lead-containing Additives 





Four-ball wear, mm 


























Additive ; Additive, Mean Welding Falex 
No. x Condition Hertz | load, load, 
; No. 1 No. 2 No. 3 load | kg | Ib 
0 Base grease | 0.469 0.354 0.866 i Som 100 Cs 425 
28 3 0.247. | 0.786 0.502 43.0 315 900 
29 3 | 0.406 | 0.508 0.397 | 22.3 | 160 600 
24 3 0.389 | 0.482 0.786 | 17.9 140 | Fail 
20 | 2 ae 0.392 0.795 oe | au | Fail 
| 
— Sap 0.550 0.720 0.800 42.9 | 315 800 
| | | 
TABLE 11 
Effect of Additives in MIL-G-10924A Grease 
Four-ball wear, mm 
Additive | Additive ! | Mean Hertz — Welding 
No. %, | Condition | load load, kg 
| : No. 1 | No. 2 No. 3 | | 
| | | 
Base grease No.1] 0 — 0.221 | 0.455 0.487 | 20.98 126 
28 | 3 0.262 | 0.534 0.609 | 42.2 315 
. 3 0.293 | 0.351 0.438 | 33.7 250 
8 | 3 0.336 | 0.467 0.499 31.3 200 
29 ) 3 0.481 | 0.508 | 0.502 24.1 140 
Base grease No. 2 | _— 0.197 0.415 | 0.386 28.1 160 
28 3 0.174 | 0.609 0.658 54.1 | 350 
4 | 3 0.194 0.415 0.406 | 29.8 180 
8 3 0.165 0.455 0.522 | 45.9 315 
9 3 0.217 | 0.406 | 0.427 26.9 140 
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TABLE 12 
Synthetic Greases for EP 
Four-ball wear, mm 
Grease Additive, | Mean Hertz Welding 
designation % Condition load load, kg 
No. 1 No. 2 No. 3 
3137-S-1 None —_ 0.499 0.508 22.7 126 
3137-S-2 3 — 0.548 0.568 52.2 400 
3137-S-3 3 — 0.531 0.583 53.7 400 
3170-R-1 3 = 0.516 0.458 57.2 400 
DIDIS-B27-1 3 — 0.490 0.571 43.3 315 
DIOIS-B27-1 3 — 0.473 0.566 53.8 315 
Commercial EP Grease No. 1 0.267 0.345 0.374 46.4 315 
Commercial EP Grease No. 2 0.238 0.345 0.389 57.9 315 























Since the lead-sulfur combination, No. 28, seemed to 
give excellent results in all greases tested it was tested 
further as follows. A number of greases were made up from 
commercial or laboratory prepared esters thickened with a 
commercially available modified clay type thickener and 
containing 3% of the additive. The results are included in 
Table 12 together with two commmercial EP greases used 
for comparison. 

It is evident that the synthetic greases containing the 
lead—sulfur additive compare favorably with commercial ex- 
treme pressure greases. 


Conclusions 


Definite conclusions are difficult to make due to the lack 
of correlation between the various tests used. Some general 
observations are, however, possible, such as: 

1. Phosphorus-containing additives tend to impart anti- 
wear properties to a grease. 

2. Sulfur and chlorine exhibit better EP than antiwear 
properties with sulfur being somewhat superior to chlorine. 

3. It is possible to blend two or more types of additives 
so as to obtain improved antiwear and EP properties. 

4, Optimum antiwear and EP properties seem to depend 
upon the chemical nature of the compound used rather 
than upon the single element tested. Some sulfur com- 
pounds were better EP improvers than others. Factors not 
inherent in the additive, such as oil type, soap type and 
conditions of service seemed to have an effect upon the 
final results which has not been determined. 

5. There was a general tendency for the wear, as indi- 
cated by the increased scar diameter, to increase as the 
extreme pressure properties were improved. This was not 
too definite in all cases and more work needs to be done 
before definite conclusions can be made. 

It is probable that, until more definite knowledge is avail- 
able, the most efficient antiwear and extreme pressure 
greases will be tailor made of selected components for a 


definite machine or type of service. It is also best to evaluate 
the grease in the actual machine of intended use or in a 
tester which has been found by experience to correlate with 
the intended uses of the grease. 
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Flow Properties of Lithium Stearate-Oil Model Greases as Functions 
of Soap Cencentration and Temperature 


By WALTER H. BAUER!, ALFRED P. FINKELSTEIN2, and STEPHEN E. WIBERLEY? 


Lithium stearate-oil greases having 4, 8, and 12°/, soap were prepared and flow properties of the 
greases were investigated, at 0,25, and 37.8 C. Flow data were obtained with a cone and plate 
viscometer equipped with automatic programming and recording of shear stress versus rate of 
shear, and of shear stress versus time at selected shear rates. Flow curves, shear stress versus shear 
rate, were obtained for an initial and a repeat 300-sec cycle of shear with maxima of 1520 sec~1 
and of 15,200 sec-1. Flow curves were measured for highly worked samples, previously sheared 
at 19,000 sec! for 1000 sec. The rate of change of shearing stress required to maintain a 
constant rate of shear was measured at nine shear rates in the interval from 190 sec“! to 
19,000 sec—1. Similar flow measurements were made on greases containing stearic acid additives. 
Initial flow resistance, ascribed to soap structural elements, showed temperature and concen- 
tration dependence differing from that of the sheared soap, and was destroyed by continued 
shear or addition of stearic acid. Flow resistance of the sheared samples was dependent on both 





the magnitude of the shear rate and the time of subjection to the shear. 


Introduction 


ACCORDING to current theories of grease structure, flow 
properties are the result of fiber interactions which depend 
on the shape and size of the fibers, and inter- and intra- 
molecular van der Waals forces involving the fiber forming 
thickener crystallites (1) (2). Changes in the intial flow 
properties of greases subjected to continuing shear may re- 
sult from reduction in particle interaction on flow orienta- 
tion of fibers and also from breaking of fibers and fiber 
aggregates. The contribution to initial flow properties re- 
sulting from particle contact should be restored compara- 
tively rapidly as random orientation is resumed at rest. 
The contribution from particle size, however, would be 
restored very slowly, if at all, and restoration of the original 
crystallite dimensions would occur only if the grease had 
been re-formed from liquid solution at high temperatures. 
Moses and Puddington (3) found that residual viscosities 
and yield stresses of lithium stearate-oil suspensions were 
lowered after mechanical breakup of thickener particles 
resulting from shearing stresses. It was found by Vold (4) 
that the crystallites formed on rapid cooling of liquid 
lithium stearate solutions consisted of heterogeneous rod- 
shaped particles with smaller units adhering to them. Two 
types of aggregation of such particles were described which 
would influence rheological properties of the greases. In 
one type, mutual cohesion along the length of the particles 
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with each particle forming part of more than one aggregate 
resulted in network structures. In a second type, random 
piling of rod-like entities occurs in the formation of aggre- 
gates. From consideration of van der Waals forces in co- 
hesion, Vold concluded “that interparticle forces dependent 
on factors other than particle shape alone are of controlling 
importance in determining the rheological properties of soap 
containing greases” (4). Such particle aggregations should 
be very sensitive to disturbances arising from flow. 

The initial flow properties of relatively unworked greases 
should be of great significance in studies of the nature of 
colloidal structures postulated in present theories of greases. 
Probably because of difficulties in specifying limited work 
treatment, most investigations on grease flow properties 
have been made on highly worked greases. Working in 
capillary flow is effective in changing the state of a grease, 
as demonstrated by Wilson and Smith (5) who found that 
the softening of greases in flow depended on the time of 
shear as well as the shear rate, making the residence time 
in capillaries a major factor affecting the state of the grease. 
Similar difficulties in defining the shear history arise in 
penetrometer studies (6) (7). For study of initial effects, 
Weltmann (8) has used a rotary viscometer with a program- 
med acceleration of shear rate. A cone and plate rotary 
viscometer (9) (10) provides distinct advantages over the 
cup and cylinder rotary type with respect to temperature 
control, since the rapid rate of removal of shear generated 
heat from the very thin sample layer greatly reduces tem- 
perature rise in continued flow. Such a cone and plate 
viscometer, provided with automatic shear rate acceleration 
controls and shear stress-shear rate recording equipment, 
was used in this investigation which was undertaken to 
compare the flow properties of lithium stearate-oil greases 
measured under intital conditions with a maximum of struc- 
ture to those obtained at high and continued shear rates 
when colloid structural effects should be minimized. 
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Experimental 
Preparation of Greases 


Lithium stearate and hydrocarbon lubricating oil were 
used in the preparation of test greases. The lithium stearate, 
made from highly purified stearic acid, showed a mole ratio 
of stearic acid to lithium of 1.01. The viscosity, , of the oil 
used was 0.190 poise at 37.8 C, 0.392 poise at 25 C, 1.73 
poise at 0C. The energy of activation for viscous flow, 
Eyis, calculated from the straight line slope of the plot of 
log » vs. 1/T was 9.8 kcal. 

Four samples of greases were prepared. Samples 4-L, 
8-L, and 12-L contained 4.2%, 8.0% and 12.0% by weight 
of lithium stearate respectively. Sample 12-LS contained 
11.6% lithium stearate and 2.8% stearic acid by weight. 
In the preparation of the greases, a weighed amount of 
lithium stearate was mixed with a small quantity of base oil 
and the mixture was stirred until a paste was formed. The 
mixture was then heated, with stirring, until the tempera- 
ture of 120 C was reached. The remainder of the required 
oil was then slowly added at 120 C. The mixture was then 
heated to 205 C, at which temperature a clear solution was 
formed. The solution was allowed to cool to ambient tem- 
perature, approximately 25 C, and was stored at this tem- 
perature. 

In order to avoid any variations resulting from differences 
in the rate of cooling, samples 4-L, 8-L, 12-L, and 12-LS 
were prepared at the same time and subjected to identical 
cooling conditions. 


Apparatus 

The viscometer (9) used employed a low angle of clear- 
ance cone immersed in a sample of grease on a temperature 
controlled plate bearing thermocouples insulated from the 
plate, but exposed to the grease. The cone was driven at a 
speed set by the voltage furnished to a direct current drive 
motor from a feedback controlled generator. The angle of 
the cone was according to the design of Mooney and Ewart 
(11). Rate of shear was controlled by an automatic program- 
ming device which provided selected constant acceleration 
and deceleration rates. Voltage proportional to extension 
of a torque spring connecting the drive shaft to the cone, 
and the voltage applied to the drive motor were brought 
to an x-y recorder, and flow curves were directly plotted. 
Temperatures registered by the plate thermocouples were 
checked at 0 C and 37.8 C by use of a Bureau of Standards 
oil of known viscosity in the temperature range. For study 
of the effect of continued shear, the rate of shear could be 
raised automatically to a desired value and maintained while 
shear stress developed was recorded versus time. 


Viscometric Procedures 


Rate of Shear and Shearing Stress.—In a typical measure- 
ment of the flow variables, rate of shear, R, and shear stress 
7, a sample of grease was transferred from the storage con- 
tainer to the plate of the viscometer, with a minimum of 
disturbance. The plate was adjusted to a small, pre-set 
separation distance from the cone, and the sample between 
the cone and the plate was allowed to rest until temperature 
equilibrium was reached, approximately fifteen minutes. 


The cone drive shaft was then set in motion and accelerated 
at a constant rate to a maximum speed, corresponding to a 
rate of shear of 1,520 sec~! in 150 sec. The speed of rotation 
was then immediately reduced at a constant rate of deceler- 
ation until the speed was zero, in 150 sec, completing cycle 
I. The sample was then allowed to rest for 10 min, after 
which the cycle of acceleration and deceleration was re- 
peated, cycle II, again in 300 sec. A fresh sample of the 
grease was transferred to the viscometer, and subjected to a 
similar procedure, except that the maximum speed in each 
cycle corresponded to 15,200 sec. By means of appropri- 
ate transducers, the rates of shear and shear stresses in these 
cycles were plotted automatically in an x-y recorder. 
Shearing Stress versus Time at Constant Rate of Shear.— 
Samples of grease were placed in the viscometer as described 
previously. By means of an automatic control the cone was 
set in motion and accelerated uniformly to a pre-set speed 
of rotation, after which this speed was maintained through- 
out the time of the test. The shear stress thus developed 
at constant shear rate and the time were evaluated as volt- 
ages by means of transducers, and plotted in an x-y recorder. 
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Fic. 1. Flow curves for lithium stearate greases at 0C. Cycle 
time, 300 sec. High rate of shear rate acceleration. 
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Fic. 2. Flow curves for lithium stearate greases at 25 C. Cycle 
time, 300 sec. High rate of shear rate acceleration. 
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Fic. 3. Flow curves for lithium stearate greases at 37.8 C. Cycle 
time, 300 sec. High rate of shear rate acceleration. 
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Experimental results 
' Effect of Shear in Sample Transfer 


Samples were transferred from storage containers to the 
viscometer with a spatula, and the extent of disturbance of 
grease structure during this process could not be determined. 
However, close similarity of flow curves obtained for dupli- 
cate samples of greases prepared under the same conditions 
showed that the loading treatment had essentially equal 
effect on both samples. 

In order to gauge the magnitude of the transfer treatment 
effect, a portion of a grease sample, 12-L-U, was transferred 
to the viscometer with as little shearing as possible, and in a 
second experiment, a portion of the same grease, 12-L-W, 
was vigorously worked on a glass plate with a spatula and 
then placed on the viscometer plate. From the relatively 
small difference in the flow curves in the intital cycles I for 
the samples, lying chiefly in the critical yield stress, it was 
concluded that the structural changes in transfer of the 
grease were small compared to those produced by continued 
shear in the viscometer. 
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Fic. 5. Flow curves for lithium stearate greases, 11.6% lithium 
stearate and 2.8% stearic acid in oil. Cycle time, 300 sec. High 
rate of shear rate acceleration. 


Flow Properties as Functions of Soap Concentration and of 
Temperature 


A. Flow curves, rate of shear versus shearing stress, were 
determined at 0 C, 25 C, and 37.8 C for greases 4-L, 8-L, 
and 12-L. Typical results are shown in Figs. 1, 2 and 3 for 
cycles I and II, reaching peak rate of shear of 15,200 sec~. 

B. The shear dependent viscosity, the ratio of the shear- 
ing stress to the rate of shear, was determined at the various 
rates of shear defined in the acceleration cycle II for the 
worked greases which had been sheared in cycle I. The vis- 
cosity is plotted versus the shear rate for greases 4-L, 8-L, 
and 12-L in Fig. 4 with logarithmic coordinates. 

C. Flow curves were determined at 0C, 25C, and 
37.8 C for the grease containing stearic acid, 12-LS, for 
low and high rates of shear rate acceleration. Results shown 
in Fig. 5 are for a peak rate of shear of 15,200 sec-!. 

D. Shear Stress Decay at Constant Rate of Shear.—For 
each of the greases, the stress developed at constant shear rate 
was measured as a function of time for various shear rates. 
Typical results are shown in Fig. 6 at selected shear rates. 

E. Temperature Dependence.—For all the greases, it was 
found that at any rate of shear, the logarithm of the viscosity, 
7/R, was a straight line function of 1/T over the range of 
0 C to 37.8 C, with the slope dependent on the rate of shear. 
Typical data are given for grease 12-L in Fig. 7. The in- 
formation was taken during acceleration cycle II in each 
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Fic. 7. Effect of shear rate on the temperature dependence of 
viscosity. Lithium stearate grease, 12-L. 
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Fic. 6. Stress decay curves for lithium stearate greases at 0 C. 
Indicated rates of shear maintained constant for 1000 sec. 
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Fic. 8. Temperature variation of viscosity for lithium stearate 
greases. Rate of shear, 15,224 sec—!. 
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case. In Fig. 8, logarithm of the viscosity at the peak acceler- 
ation, cycle II, 15,200 sec~, is plotted vs. 1/7, for greases 
4-L, 8-L, 12-L, and the base oil. 

F. Shear Equilibrium Flow Curves.—It was found, after 
1000 seconds at a shear rate of 19,000 sec~1, that the ac- 
celeration and deceleration cycles were closely coincident, 
indicating that structure disturbance had come to equili- 
brium values. The flow curves of the four greases prepared 
were obtained after such working. Shown in Fig. 9, at 25 C, 
are typical results, obtained for grease 12-L. 
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Fic. 9. Flow curves at shear rate, stress decay equilibrium: 
Lithium stearate grease, 12-L. Cycle time, 300 sec. Previously 
sheared at 19,000 sec—! for 1000 sec. 


Discussion of Experimental results 


Critical Yield Stresses 


It was observed that for a period of time after the cone 
drive shaft was set in motion at high acceleration the cone 
remained stationary, commencing to move only after a 
sharply defined critical yield stress had been applied through 
the torque spring coupling between the drive shaft and the 
cone. When the acceleration applied was low, the critical 
yield stress was smaller, and was always preceded by very 
slow flow. When the second cycle, II, of shear was applied, 
movement commenced at lower critical yield stresses. Be- 
cause the drive shaft was under constant acceleration, the 
accumulated rotation 99 at a time of tp) seconds, when the 
first movement of the cone was observed, could be calcu- 
lated from the relation, 9 = 4hf?. The angle of separation, 
0’o of the drive shaft and the cone shaft at the time, tp, when 
motion was observed could be calculated from the observed 
yield stress, ro at the time, to, from @’9 = rox, where a was 
a known constant, When the acceleration was rapid, it was 
found that the values of 0) and @’9 when the critical yield 
stress was exceeded were equal, indicating that no creep or 
bulk movement occurred before the critical stress was 
reached and plastic flow set in. When the acceleration of the 
drive shaft was slow, it was found that creep of the cone 


commenced before the critical stress was reached, indicating 
bulk flow. This is in accord with the findings of Forster 
and Kolfenbach (12), who found two yield stresses “which 
reflect the existence of two types of movement, bulk flowand 
plastic flow”. The critical yield stress, readily determined 
from the flow curves as the stress at which plastic flow sets 
in, is thus dependent on the rate of acceleration. It was 
found that if a low rate of shear had not been exceeded, the 
same initial yield value was reproduced when the drive 
shaft of the viscometer was again accelerated. Thus the 
initial critical yield stress in cycle I may be interpreted as 
the stress at which fiber contacts are broken faster than they 
can re-form. Values of the initial critical yield stresses ob- 
tained in cycle I at 10 sec~! per second and at 100 sec~! 
per second are shown in Table 1. 


TABLE 1 


Critical Yield Stress of Lithium Stearate-Oil Greases 


A. Measurements at shear acceleration of 10 sec~? 





| 


| mec 








Temperature | 0.0 C | 25.0 C 
| Critical yield stress Ty, 
Grease Cycle 108 dyne cm-? 
4-L I 6.0 4 5.7 
4-L II 3.0 1.7 1.5 
8-L I 23.0 | 19.0 18.0 
8-L II 7.0 | 4.3 | 4.1 
12-L I 44.0 ; — | 30.0 
12-L II 8.0 | 7.0 6.8 
12-LS I 6.5 4.7 2.9 
12-LS II 24 | a4 | 1.7 











B. Measurements at shear acceleration of 100 sec-2 





| 25.0C | 











‘Temperature 0.0C 37.8 C 
Critical yield stress 7y, 
Grease Cycle 103 dyne cm~? 
4-L as ope Eo 2 oe 
4-L II 2.8 1.7 1.2 
8-L I 34.0 | 21.0 26.0 
8-L II 4.5 | ae 2.9 
| 
12-L t } Sa | 300 | — 
12-L ee * a 5.3 
12-LS y= ie | Ee eee 
12-LS II | 2.4 | 2.2 2.1 








After the grease sample had been strongly worked, in 
cycle I, the flow curves of cycle II in acceleration and in 
deceleration approached coincidence, but a yield stress was 
still clearly evident, and the yield values found from increas- 
ing and decreasing rate of shear curves were similar. Thus 
a portion of the initial yield value in cycle I is dependent 
on the presence of a structure which is restored very slowly, 
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if at all, when the grease is at rest. A second portion of the 
yield stress, however, is rapidly restored on rest. The first 
portion of the yield value which is not recovered is believed 
to depend primarily on the size of the fibers, and the second 
part is ascribed to contacts between fibers, which would be 
disturbed in flow but which would be restored on resump- 
tion of random orientation at rest. Both the initial yield 
stresses, cycle I, and the yield stresses after working, cycle 
II, increase rapidly with concentration, as would be expec- 
ted if they depend on fiber contacts. 


Temperature Dependence of Yield Stress 


If the yield stresses arise from structures formed in the 
grease by fiber contacts, the van der Waals forces at these 
contacts would be weak, as pointed out by Vold (4) because 
irregularities on the surfaces of fiber crystallites prevent 
close contact. The energy of activation for flow of particles 
against such structural barriers should thus be small, lead- 
ing to a low temperature coefficient. This was observed, 
since both at high and low shear accelerations, and especi- 
ally after working, Table 1, the reduction in critical yield 
stresses with temperature increase was small. 


Time Dependence of Flow Properties 


From the flow curves for greases 4-L, 8-L, and 12-L, 
Fig. 1 through Fig. 3, it is apparent that the length of time 
of application of shear is important, as well as the rate of 
shear at which the shearing occurs. At 1520 sec, the peak 
rate of shear in cycle I, reached in 150 sec in the slow and 
reached in 15 sec in the fast acceleration tests, the shear 
rate thinning in the slow tests is always greater than in the 
rapid acceleration tests. For instance, from Fig. 2, for 
grease 12-L at 1520 sec~!, which was reached in 15 sec, 
the shear stress was 16 x 103 dyne cm-%. For the same grease 
when 1520 sec-! was reached in 150 sec, the shear stress 
was 10x 10% dyne cm~?. Some structural element in the 
undistrubed grease was destroyed in the 150-sec period to a 
greater degree than in the 15-sec period. Accordingly, the 
area enclosed in a hysteresis loop in a cycle of shear rate 
will be smaller when the cycle is carried out rapidly to a 
given maximum rate of shear than when the cycle is carried 
out slowly. For this reason the time scale of flow curve 
measurements is exceedingly important in the study of 
greases which have not been initially highly worked. The 
fiber aggregates or structural elements leading to the differ- 
ences between cycles I and II were not restored on rest in 
periods up to at least 72 hr at the temperature in these tests. 
It is therefore concluded that break up of the crystallites in 
the fibers was primarily involved, rather than orientation 
reduction of contacts or disentanglements. 


Apparent Viscosity 

In Fig. 4, apparent viscosities, shearing stress, 7, divided 
by shear rate, R, are plotted versus shear rate, in logarithmic 
co-ordinates, from data in cycle II. For all concentrations 
of soap and all temperatures, drastic shear rate thinning is 
exhibited with increasing shear rate. The hysteresis loops 
of cycle II are small in area, however. Thus in the time 
scale of these tests, 300 sec, the shear rate thinning-thicken- 
ing equilibria are rapidly established, and comparatively 


little nonreversible softening is occurring. The slope of the 
log viscosity-log shear rate curves decreases with decreasing 
temperature, and the curves for the greases 4-L, 8-L, and 
12-L are notably less steep at 0 C than at 25 C and 37.8 C. 
At the lower temperature, flow may occur with subunits of 
the grease retaining their bulk flow resistance relatively un- 
reduced, because only a portion of the fiber contact areas 
are disturbed. At higher temperatures, the greater internal 
kinetic energy available may insure that the added shear 
energy provided makes the grease reach its limiting flow 
properties more rapidly. 

In this connection, the results shown in the flow curves 
for grease 12-L-S, containing stearic acid, Fig. 5, are signifi- 
cant. It would be expected that the stearic acid present 
should adsorb strongly on the available fiber surfaces of the 
lithium stearate soap in the grease. At any temperature, the 
van der Waals forces between molecules of stearic acid are 
weaker than those between lithium stearate molecules. Thus 
the net attraction at contact points of equal area and similar 
orientation for the fibers coated with stearic acid would be 
weaker than the attraction between fibers of lithium stearate. 
If some additive were available which would eliminate 
attractive forces at the soap fiber contacts, the shear rate 
thinning should be reduced to that expected from hydro- 
dynamic properties of the fiber-dispersion medium system. 


Temperature Effects and Structure 


When the logarithm of the apparent viscosity, 7/R, was 
plotted versus the reciprocal of the Kelvin temperature, 
1/T, straight lines were obtained for all greases tested, at 
rates of shear in cycles II of the flow tests, as shown in 
Fig. 8. As the amount of structure in the grease increases 
with higher concentration of soap, the slope of the lines 
decreases, and in all cases the slope is less than that found 
for the base oil. Over the range of temperatures in these 
tests, the following relation was obeyed, for the greases 
and the base oil: 


na = A exp(B/T), at constant R 


where A and B are constants, and 7, is the apparent vis- 
cosity. Interpreting B as measuring an energy of activation 
for viscous flow, where 


B= Evis/Regas; 


it is clear that Ey;, decreases as the amount of fiber contact 
increases with soap concentration. This should be expected 
since the van der Waals forces at fiber contacts providing 
the barrier to flow should be low compared to those op- 
posing the place exchange of oil particles in the oil. The 
size of the measured energy of activation, Eyis, may be 
interpreted thus as reflecting the energy hill to be over- 
come when place exchange of oil molecules occurs. The 
environment in which the place exchange takes place varies 
according to the proportion of the number of structural 
barriers involved to the place exchange barriers of the size 
in pure oil. Because of the large number of interlinked units 
in the network formed by the soap fibers, the viscosity in 
the grease is high compared to the oil viscosity. However, 
if the energy of activation for disturbing the fiber contacts 
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is smaller than that for place exchange of an oil molecule 
in the pure oil, then the temperature coefficient of viscosity 
of the grease should be lower than that of the oil. It should 
be lowest for the grease with highest soap concentration, 
which was found to be the case. 


TABLE 2 


Energy Activation for Viscous Flow 





Evis in kilocalories per mole 





Grease 


sample |R = 2.5 x 10? sec-!) R = 4x 108 sec-!| R = 1x 108 sec"! 

















12-L 3.4 | 4.0 4.7 
8-L 4.5 5.0 5.8 
res 5.6 | 6.3 7.0 

Base oil 9.8 | 9.8 9.8 
| 





Proceeding with the foregoing interpretations, it should 
be expected that the values of Eyis, measured at various 
shear rates would increase as the fiber contacts decrease at 
higher shear rates. This was found to occur for each of the 
four greases tested. From typical results for grease 12-L, 
shown in Fig. 7, it is evident that the slope of the plot of 
log 7, vs. 1/T increases as the rate of shear increases, tending 
toward the slope of the curve of the same variables shown 
by the base oil. The value of Eyis thus reflects the amount 
of structurally originating flow resistance, decreasing as this 
increases. 


Stress Decay 


At 0, 25, and 37.8 C, the stress developed at constant rate 
of shear was measured as a function of time for the four 
soaps, at nine rates of shear from 190 sec~! to 19.000 sec}, 
for periods of 1000 seconds. Typical results are shown in 
Fig. 6. All of the greases exhibited decay of stress with 
time, approaching an equilibrium value of stress more 
rapidly the higher the shear rate. It was found, when a 
grease was subjected to a shear rate of 19,000 sec~! for 
1000 sec, that a subsequent cycle of acceleration-deceler- 
ation of shear rate in 300 sec showed no hysteresis. Such 
cycles, for each of the greases, gave the flow curve of shear 
rate versus shear stress for an extremely worked sample, 
providing a measure of the limiting shear stress to be ex- 
pected at each rate of shear, as shown in the flow curves in 
Fig. 9. Two features of such curves are of especial interest. 
Even after the drastic working procedure, the greases still 
exhibit a clear-cut critical yield stress at the time scale of 
the experiments, and the greases are all reversibily shear 
rate thinning. It should be noted that the critical yield 
stresses shown are experimentally determined, not gained 
by extrapolation. 

The function given by Wilson and Smith, (5) for viscosity 
at a constant rate of shear in relation to time is 


n= ct™ 


where 7 is the viscosity at the given shear rate, ¢ is the time, 


and c and m are constants. Since the shear rate is constant, 
the equation may be rewritten as 


7 = btm 
where 7 is the shearing stress, and 
b= Re 


where R is the applicable shear rate. According to this equa- 
tion, the shear stress should fall to zero as the time increases 
without limit, since m is negative. From the results in this 
investigation, the stress does not decrease without limit, 
but approaches limiting values, 79, defined by such curves 
as are shown in Fig. 9, for all values of shear rate less than 
19,000 sec-!. The following modification of the equation 
of Wilson and Smith takes into account the information 
thus obtained, and provides the required relationship to 
produce a function which may be carried to large values of 
time: 


T = To+at™ 


at the constant shear rate R. According to this, 79 may be 
obtained for the appropriate value of R from the equilibrium 
vo vs. R curve, as from Fig. 9, and the constants a and m be 
then determined from the plot of log (r—79) vs. log t. 
Logarithmic plots of this type gave straight lines for the 
four greases at all rates of shear and temperatures at which 
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Fic. 10. Effect of added stearic acid on flow properties of lithium 
stearate greases at 25 C. Flow variables measured at shear rate, 
stress decay equilibrium. 








Flow Properties of Lithium Stearate-Oil Model Greases as Functions of Soap Concentration and Temperature 223 


the stress decay was studied. It was noted that the m and a 
fell within narrow limits for each grease over the large range 
of shear rates used in the decay studies. Typical results are 
given in Table 3. 


TABLE 3 
Stress Decay Constants for Lithium Stearate-Oil Greases 

















m ax 10-4 
Grease | 
oc 25C | 378C | OC | 25C | 37.8C 
4-L bein —0.44 | —0.51 om 2.1 +3 
8-L | —022 | <—@42 1 —0.50 | 3:5 2.9 2.7 
12-L. | —0.21 2.5 2.6 


0.36 | -039 26 | 





Empirical Equation of the Flow Curves of the Highly Worked 
Grease 


Recently Sisko (13) has proposed an equation relating 
shear stress to rate of shear, 


na = @+bRN-1 
or 
+ = aR+bRY, 


This equation has been shown to give excellent fit to flow 


data for worked greases. Since it leads to a value of r = 0 
when R = 0, the equation does not describe the type of 
flow curves shown in Fig. 9, in which a clearly defined 
critical yield stress is experimentally shown to exist in the 
time scale of these measurements. Also, from Fig. 10, the 
logarithmic plot of 7 vs. R for the worked soaps does not 
show a straight line section from which the constants b and 
N of Sisko’s equation may be readily determined. The fol- 
lowing modification of Sisko’s equation is proposed: 


t—Ty = 4R+bRN 


when 7, is the critical yield stress experimentally measured. 
Neglecting the small term a R, a plot of log (r—7y) vs. log R 
should give a straight line. This was found to be the case 
for all the greases over the temperature range of 0 to 37.8 C. 
Typical examples are given in Fig. 11. When data at higher 
rates of shear are available the parameter a could be deter- 
mined by the method of Sisko, but the shear rates in this 
work were not high enough for the greases to approach a 
constant limiting viscosity, permitting calculation of a. 


Conclusions 


1. The cone and plate viscometer, with programmed 
shear acceleration and automatic recording of shear stress 
vs. shear rate or time, makes possible experimental deter- 
minations of yield stresses which are a function of the time 
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scale of the test, and provides a means of measuring initial 
properties as well as those conditioned by controlled, uni- 
form shear rate and time of shear. 

2. From these flow data, parameters may be determined 
which are related to the magnitude of the flow resistance 
due to structural fiber contacts compared to that due to 
viscous flow of the base oil alone. These are 

(a) a and m, as calculated from 


T = to+at™. 


(b) Evis, as calculated from 
na = A exp(Evis/RgT). 


3. The extent of initial flow properties dependent on 
fiber structure, which may be irreversibly destroyed in 
shear, is measured by the difference between the initial 
critical yield stress and the residual critical yield stress of 
the highly worked grease, as experimentally determined. 

4. Empirical flow curves for worked greases should take 
into account the existence of yield values, as illustrated by 
the modification of Sisko’s (13) equation: 


T—Ty, = 4R+bR4. 


5. The action of stearic acid in a lithium soap-oil grease 
causes a lower viscosity at low rates of shear and higher 
viscosity at high rates of shear than is exhibited by a lithium 
soap-oil grease of the same concentration. The effect is 
ascribed in part to the lowering of fiber contact attractive 
forces following adsorption of stearic acid on the soap fibers. 
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A Solid Film Lubricant Composition for Use at High Sliding Velocities 
in Liquid Nitrogen 


By D. W. WISANDER! and R. L. JOHNSON} 


Solid-lubricant-containing compositions can be of value as films and solid bodies for bearing 
and seal surfaces in low-temperature liquefied gases. An experimental composition including 
polytetrafluoroethylene (PTFE), an epoxy resin, and lithium-alumina-silicate was studied in 
friction, wear, and endurance experiments in liquid nitrogen (—320 F). This composition was 
formulated to approximate the thermal expansion of metals used in cryogenic systems. Hemi- 
sphere (-;-in. radius) rider specimens were used and in most experiments the load was 1000 g. 
Films (0.005-in. thick) on disk specimens gave good endurance life, low rider wear, and 
desirable friction (f = 0.02 to 0.07). They functioned at a higher sliding velocity (no failure 
at 16,000 ft/min) with copper rider specimens than with stainless steel riders (failure at 





9000 ft/min). 


Solid rider material of the experimental composition had good friction and wear properties 
at sliding velocities above 4000 ft/min. It is important to use the experimental composition with 
mating materials having good thermal conductivity. 


Introduction 


CRYOGENIC fluids (low-temperature liquefied gases such as 
liquid nitrogen) are now useful engineering materials rather 
than laboratory curiosities. Their roles are becoming in- 
creasingly important in propulsion systems for missiles and 
space flight. In most instances the fluids are used in mech- 
anical devices that include sliding surfaces subject to wear 
and surface failure ; for example, pumps require bearings and 
seals that can or must be lubricated by the cryogenic liquids. 

The physical and chemical properties of most cryogenic 
liquids are such that they might be expected to have very 
poor lubricating ability. Previous research has demon- 
strated that liquid nitrogen (— 320 F) would not lubricate 
clean metal surfaces in sliding contact (1, 2) and that surface 
welding occurred. Thus it becomes apparent that mating 
sliding surfaces operating in fluids such as liquid nitrogen 
must have good friction and wear properties and preferably 
be self-lubricating. 

Published data (1) show that solid materials and coatings 
of polytetrafluoroethylene (PTFE) can provide effective 
lubrication in liquid nitrogen. The usual limitations on the 
use of PTFE compositions as slider materials arise from 
poor thermal conductivity, making it difficult to dissipate 
frictional heat; their use with cryogenic fluids, however, 
has the advantage of utilizing the heat-removal capability 
of the low-temperature liquid. Further, PTFE has good 
mechanical properties at cryogenic temperatures (3). 

Unreported experience has shown that there is a ten- 
dency for adhesive-bonded PTFE tape and resin-bonded 
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PTFE particles to spall from metal surfaces when im- 
mersed in liquid nitrogen at —320F. The degree of 
spalling is dependent on the thickness of the adhesive or 
the film thickness of the resin-PTFE mixture; thicker films 
had greater tendency to spall. Spalling was attributed to 
differences in thermal expansion (i.e. shrinkage) of the 
coatings and the base metals. 

Another problem caused by differences in thermal 
expansion has been found in dynamic seals for low-tem- 
perature fluids. Carbon nose pieces are normally shrunk 
into metal retainer housings. At the extreme low tempera- 
tures of operation, experience has shown that the retainer 
contracted more than the carbon and caused distortion of 
the nose piece sufficient to affect adversely essential radial 
and circumferential flatness. 

Experimental compositions including PTFE as a lubri- 
cant, a modified epoxy resin, and a lithium-alumina- 
silicate ceramic filler were prepared. These compositions 
were intended to have thermal expansion approximating 
that of austenitic stainless steel. 

The objective of the research reported was to determine 
the friction and wear characteristics of the special PTFE 
composition as a film material (on flat disk surfaces) and as 
a solid slider material (rider specimens) in liquid nitrogen. 

Data were obtained at sliding velocities to 16,000 ft/min, 
and in most experiments the load was 1000 g with a ,%;-in. 
radius hemisphere rider specimen contacting the flat 
surfaces of a rotating 2}-in. diameter disk. Mating surfaces 
of 304 stainless steel or electrolytic copper were utilized. 


Materials 


The experimental composition including an epoxy, a 
ceramic, and PTFE was used to prepare surface films and 
rider specimens. The constituents of the mixture were 
selected for specific reasons. First, the epoxy was selected 
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TABLE 1 


Some Thermal Properties of Material 


Components of base materials 
(Numbers in parentheses refer to bibliography) 








Average expansion Expansion Total contraction Average expansion 

Material Specific coefficient at coefficient at 70 to —320 F, coefficient 70 to 

gravity | RT | —320F % (measured) —320 F (calc.) 
PTFE 2.33 55x10-8/°9F (3) | 47.5x10/°F (3) | 1.9 48 x 10-8/°F 
Cured epoxy | 1.48 | w50x 10-6/°F — | 1:2 32 x 10-6/°F 
Lithium-alumina-silicate | 2.40 | —3.36 x 10-8/°F (4) —— —0.1* —2.5 x 10-8/°F 
304 Stainless steel 7.9 | 9.2 x 10-8/°F (9) 3.7 x 10-/°F (9) 0.3 8.2 x 01-8/°F 
Electrolytic copper 8.96 | &8.9 x 10-/°F (6) 9.0 x 10-8/°F 


| | 


4.4 x 10-6/°F (6) | 


0.4 





* Cold-pressed solid body. 


Experimental composition 
(10% PTFE (8 mesh); 40% diglycidyl ether of bisphenyl-A; 50% lithium-alumina-silicate) 


Coefficient of expansion by weight (calc.) 
Coefficient of expansion by volume (calc.) 
Coefficient of expansion by volume (exp.) 


for its adhesive strength at low temperatures, processing 
conveniences, and its lack of fillers. The ceramic (lithium— 
alumina-silicate) was selected primarily because of its large 
negative expansion coefficient and also for its fine particle 
size (to facilitate homogeneous mixing with epoxy). PTFE 
was used because it is a good lubricant and has exceptional 
mechanical properties at extremely low temperatures. 

A formulation was obtained with approximately the 
same expansion coefficient as type-304 stainless steel 
(Table 1). It did not, however, have a consistency satis- 
factory for the application method. Decreased ceramic 
content and increased epoxy diluent gave a satisfactory 
consistency but resulted in a larger expansion coefficient. 
The first composition had a total contraction equal to 62% 
of the 304 stainless steel, and the second composition was 
equal to 169% of the stainless steel. A closer match would 
be possible with diluents presently available, but ex- 
perience has shown that exact matching is unnecessary. 

The mixture used to obtain the data reported was 10 
parts PTFE (<8 mesh particle size), 40 parts epoxy base 
(diglycidyl ether of bisphenol-A), and 50 parts ceramic 
(lithium-alumina-silicate) (<325 mesh) by weight plus 
4 parts amine catalyst. The dry powders were mixed 
thoroughly and then added to the epoxy to which the 
catalyst had been added. It was important that all materials 
used were free from contamination. 

Surfaces for coating were vapor-blasted, scrubbed with 
levigated alumina, and rinsed in ACS certified acetone. 
The paste was applied with a spatula and cured in air at 
200 F for 2 hr. The specimens were then easily machined 
to required thickness using a caibide-tipped tool. The 
machined coatings had surface roughness of 16 to 32 r.m.s. 
Final film thickness was 0.004 to 0.006 in. 

Rider specimens were made by casting the paste mixture 
into a mold lightly coated with a silicone grease. After 
curing, the specimen was removed from the mold and 
machined. 

In the curing of cast solids such as slider specimens, 


16 x 10-6/°F 
19 x 10-6/°F 
14x 10-8/°F 


the temperature had to be raised slowly or large voids and 
distortion of the body occurred. Small subsurface voids 
were hard to prevent and normally were of little concern. 

The epoxy system used had considerable versatility that 
made it possible to match the contraction range of common 
metals. With the epoxy, successful coatings have 0 to 10% 
PTFE and 50 to 70% ceramic were formulated. 

The ceramic composition has superior mechanical prop- 
erties compared with the unfilled epoxy. A type-304 
stainless-steel disk having the P’'TFE-epoxy-ceramic coat- 
ing was quenched in liquid nitrogen at —320 F. While 
cold, the coating survived repeated blows with a ball-pane 
hammer without spalling. After removal of coating, the sup- 
porting disk was found to be indented by the hammering. 

The coatings were applied to type 304 stainless steel 
disks. Metal rider specimens were type 304 stainless steel 
and electrolytic copper (99.9+ %). 


Apparatus and procedure 


The apparatus used in this investigation is shown in 
Fig. 1. The basic elements consist of a rotating-disk 
specimen (2}in. diam., }4in. thick) and a hemisphere- 
tipped (3% in. rad.) rider specimen. The rider specimen 
slides in a circumferential path on the lower flat surface of 
the rotating disk. The specimens were run submerged in 
liquid nitrogen. Varied surface speeds up to 16,000 ft/min 
were used for the data reported herein. 

The rider specimen was supported by an arm assembly 
that allowed the measurement of friction force outside the 
test chamber. The vertical shaft of this assembly was 
pivoted through a bearing assembly mounted in the top 
housing. Friction force was measured by a strain-gage 
dynamometer ring connected to the top of the shaft. The 
deflection necessary for friction measurement was so small 
(0.003 in. at the top) that the restraining spring action of 
the bellows was negligible. 

The rider specimen was loaded (1000 g) with a helium- 
pressurized piston assembly. The internal pressure of the 
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test chamber was held at a gage pressure of 1} psi by a 
pressure relief valve in the vent line. 

The liquid nitrogen was transferred to the test chamber 
through a closed system (1). The Dewar was pressurized 
from 2 to 6 psi to transfer the liquid. It was possible to 
maintain the desired flow rate to maintain the proper liquid 
level during an experiment (about 3 in. above the test 
specimens) by controlling the Dewar pressure. 

The metal disks and riders were all finish-ground on the 
test surface and had surface roughness from 4 to 8 micro- 
inches root mean square as measured with a profilometer. 
The non-metallic rider specimens were finished on a lathe. 
The radius (,3; in.) of each rider specimen was checked 
with a radius gage. 


f 
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Fic. 1. Cryogenic friction apparatus. 


The metal specimens were cleaned by the following 
procedure: (a) washed with acetone, (b) repeatedly scrubbed 
with moist levigated alumina, (c) washed in tap water, (d) 
washed in distilled water, (e) washed in 95% ethyl alcohol 
or ACS certified acetone, and (f) dried in clean warm air 
and stored in a desiccator. 

The plastic specimens were also cleaned with acetone and 
stored in a desiccator. The test chamber was cleaned with 
acetone just prior to each run. 

After stabilization of the liquid level, the drive motor 
was adjusted to the proper speed. The load was then applied 
to begin the experiment. Frictional force was measured by 
a recording potentiometer used as a strain indicator. Most 
runs were of 1-hr duration. The wear of the rider specimens 
was determined by measuring the diameter of the wear scar 
and calculating wear volume. 


Results and discussion 
Coatings 

A number of solid lubricants have characteristics sug- 
gesting they should be useful in cryogenic liquids. As 
mentioned earlier, one of the problems with such coatings 


in cryogenic liquids has been poor adherence that was 
manifested in cracking or spalling of the films. A basic 
reason for the spalling appeared to be poor matching of 
thermal expansion properties. 

Commercial resin-bonded PTFE films of various thick- 
ness have been exposed to liquid nitrogen. Only the least 
thick (0.001 in.) coating would adhere to the 304 stainless 
steel disk; thicker coatings of this composition spalled from 
the disk. Friction, wear, and endurance data for this com- 
mercial coating (0.001 in. thick) and several other coatings 
of interest are shown in Fig. 2 for comparison with the 
experimental coating of this investigation. These reference 
coatings are described elsewhere (2, 4, 5). 

The experimental coating of this investigation (0.005 in. 
thick) shows acceptable (0.07) but slightly higher friction 
than other coatings containing PTFE under the conditions 
reported in Fig. 2. The endurance of the material is, how- 
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Fic. 2. Friction, wear, and endurance of various solid lubricant 

coatings in liquid nitrogen. Experimental composition, 10% 

PTFE, 40% epoxy and 50% lithium-alumina-silicate. Rider 

material, type 304 stainless steel; load, 1000 g; sliding velocity, 
2300 ft/min. 


ever, superior to all coatings except possibly the 0.010-in. 
thick fused PTFE, which was not run to failure. Adherence 
of the fused PTFE coatings was satisfactory in liquid 
nitrogen; however, previous data (2) show that relatively 
thick films are required for good endurance as a slider 
material; the thick films are built up by repeated applica- 
tion of 0.0005-in. layers. The high-temperature sintering 
(700 F) required for each layer of the fused coating limits 
its usefulness in certain cases. Coating thickness was also 
of primary importance to the endurance of resin-bonded 
molybdenum disulfide (MoSg). The MoSg coating (0.004 in. 
thick) used to obtain the data of Fig. 2 was much thicker 
than usual commercial MoS¢ films (0.0003 in.). 
Considering the results of data in Fig. 2 and Reference (2) 
as well as unreported liquid-nitrogen quenching experi- 
ments, contradictory requirements become evident. Best 
film adherence was obtained with the coatings of least 
thickness, but best endurance in sliding was with the 
coatings having greatest thickness. The experimental 
coating composition, however, was not subject to film- 
adherence failure. Therefore, coating thickness could be 
selected on the basis of friction, wear, and endurance 
properties, or the most convenient thickness for processing. 
When necessary, similar coating compositions can be form- 
ulated to use with other cryogenic liquids and base metals. 
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The 0.005 in. thick experimental coating (PTFE-epoxy- 
ceramic composition) was run over a range of sliding 
velocities to 16,000 ft/min. For stainless-steel rider speci- 
mens the friction coefficient decreased from 0.07 to 2300 ft/ 
min to a stable value of 0.02 at 6000 ft/min and higher 
sliding velocities. The coating failed abruptly during runs 
at 9000 ft/inin. The appearance of the specimens suggested 
that, in spite of the cryogenic environment, failure had 
resulted from poor dissipation of frictional heat from the 
riders. Data were therefore obtained with copper rider 
specimens to determine whether improved thermal con- 
ductivity of the rider would enable operation at higher 
sliding velocities. The results (Fig. 3) show that copper 
specimens allowed operation at up to 16,000 ft/min. 

Wear of the copper and stainless steel rider specimens at 
comparable sliding velocities are shown in Fig. 4. Periodic 
unstable operation of the apparatus at a 16,000 ft/min 
sliding velocity prevented obtaining dependable wear data. 
No film failure was, however, experienced with copper 
rider specimens at even the maximum sliding velocity. 

Photomicrographs of stainless steel rider wear areas and 
of disk wear tracks on the coated disks for two sliding 
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Fic. 3. Friction of type 304 stainless steel and electrolytic copper 

riders on PTFE-epoxy-ceramic coating in liquid nitrogen at 
varied sliding velocities. Load, 1000 g. 
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Fic. 4. Wear of type 304 stainless steel and electrolytic copper 
riders on PTFE-epoxy-ceramic coating in liquid nitrogen at 
varied sliding velocities. Load, 1000 g. 
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Fic. 5. Surfaces of specimens after experiments in liquid nitrogen using type 304 
stainless steel disks coated with PTFE-epoxy-ceramic. Load, 1000 g; duration, 
1 hr; magnification 15 x. 

(a) Sliding velocity, 2300 ft/min. 

(b) Sliding velocity, 8000 ft/min. 
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velocities are presented in Fig. 5. The rider in Fig. 5(a) 
shows a contact area circumscribing the area of normal 
abrasive wear. The width of the wear track on the disk 
suggests that the circumscribing area of the rider was not 
exerting substantial pressure of contact on the film material. 
Perhaps this contact zone resulted from elasticity in the 
coating. The elongation of the abrasive wear area normal to 
the direction of sliding is a result of plasticity in the mating 
surface. The surfaces from the higher sliding velocity run, 
Fig. 5(b), showed sufficient abrasive wear so that the area 
exceeded the circumscribing portion on the rider of 
Fig. 5(a). 

The total wear at the higher sliding velocity is a reflec- 
tion of the total distance of sliding; wear rate per unit 
distance of sliding was actually the same at both sliding 
velocities (Fig. 4). The wear process with this coating is 
essentially abrasive wear contributed largely by the ceramic 
constituent in the composition. The wear tracks of Fig. 5 
continue to show original finishing marks indicating there 
was very little wear or other types of degradation to these 
coatings. The disk of Fig. 5(b) show surface voids caused 
by gas evolution from the epoxy-catalyst reaction during 
the curing process. The voids had no apparent effect on the 
friction, wear, or endurance life of the coating provided 
they were of small size. 

Figure 6 provides comparable friction data over a range 
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Fic. 6. Friction of type 304 stainless steel riders on PTFE-epoxy- 


ceramic and on glass-fiber-filled-PTFE bonded tape coatings in 
liquid nitrogen at varied sliding velocities. Load, 1000 g. 


of sliding velocities to failure for the PTFE-epoxy-ceramic 
composition of this investigation compared with another 
useful PTFE (0.030 in. thick) coating. The comparative 
coating is a skived tape of PTFE containing about 25% 
glass fibers. One surface of this tape was etched so that it 
could be bonded to the flat surface of a metal disk using an 
epoxy adhesive. With austenitic stainless steel rider speci- 
mens, friction values were very similar. 

Film failure occurred at 8000 ft/min with the glass-filled 
PTFE tape as compared with the 9000 ft/min failure point 
for the PTFE-epoxy-ceramic composition. Friction data 
(Fig. 6) at the maximum sliding velocities /were obtained 
during the time increments (20 to 35 min) preceding 
failure. The rider wear with the two film materials is 
presented in Fig. 7. Since the failure of the PTFE tape was 
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Fic. 7. Wear of type 304 stainless steel riders on PTFE-epoxy- 

ceramic and on glass fiber filled PTFE bonded tape coatings in 
liquid nitrogen at varied sliding velocities. Load, 1000 g. 


thought due to thermal degradation, an electrolytic copper 
rider was used in place of the stainless steel. With a sliding 
velocity of 9000 ft/min using the copper rider, no film 
failure was experienced nor was failure evident after a 60- 
min run. 

The data of Figs. 6 and 7 show that PTFE tape can 
provide a very effective surface film for lubrication. A 
primary disadvantage to its use, however, is that bonding 
is cumbersome and very critical. The adhesive system and 


method of application must be carefully developed for 
every problem area. 


Solid Bodies 


Solid bodies with thermal expansion properties approx- 
imately matching those of adjacent metal housings have 
merit for use in seals and bearings. In both seals and 
bearings, dimensional stability over extreme temperature 
ranges (e.g. 75 to —320 F) can be important for sliding 
contact surfaces. For face-type seals, sliding contact surfaces 
are finished to a flatness of under three helium light bands. 
Constriction of the nosepiece by its mounting housing in 
cryogenic applications has caused dishing and other modes 
of distortion of the critical running face. With low-viscosity 
liquids such as cryogenic fuels and oxidants, distortion 
can allow prohibitive leakage past contact seals. 

The PTFE-epoxy-ceramic composition of this investiga- 
tion can easily be formed into solid bodies of configurations 
useful for seals and possibly for bearings. Previous research 
with PTFE materials (1) such as an extruded-glass-fiber- 
filled composition indicated promise as sliders operating in 
cryogenic liquids. Figure 8 presents comparative wear data 
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Fic. 8. Wear of cast PTFE-epoxy-ceramic riders on type 304 
stainless steel and electrolytic copper disks in liquid nitrogen at 
varied sliding velocities. Load, 1000 g. 


for rider specimens of the PTFE-epoxy-ceramic composi- 
tion and the 25% glass fiber filled PTFE. Different types 
of critical wear behavior are noted. For the experimental 
composition, the initial high wear rate decreased with 
increased sliding velocity according to a negative expo- 
nential function up to 5500 ft/min. Above that point there 
was little effect of sliding velocity on wear. The glass-filled 
composition had lower initial wear, but above 5500 ft/min 
sliding velocity wear rate increased approximately according 
to a positive exponential function. Thus, the PTFE-epoxy- 
ceramic composition might be considered to have its 
greatest utility at higher sliding velocities. 
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Experience with PTFE and other plastic compositions 


‘has shown that their behavior as slider materials is often 


critically influenced by ability to dissipate frictional heat. 
To determine the importance of this factor with the PTFE- 
epoxy-ceramic composition, data were obtained with 
electrolytic copper (high thermal conductivity) disk speci- 
mens for comparison with the data for type 304 stainless 
steel (low thermal conductivity) disk specimens. The data 
of Fig. 9 show that, with the exception of low sliding 
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Fic. 9. Friction of PTFE-epoxy-ceramic riders on type 304 
stainless steel and electrolytic copper disks in liquid nitrogen at 
varied sliding velocities. Load, 1000 g. 


velocities, there were no substantial differences in friction 
for the experimental composition rider specimens on 
copper and on stainless steel. There were, however, very 
substantial differences in wear (Fig. 8) that may have been 
influenced by thermal conductivity. Rider wear with the 
copper disks was one-fifth to one-tenth that with the 
stainless steel disks. The copper disks showed only a 
brightly polished track. 

Substantial reduction in friction coefficient and rider 
wear with greater sliding velocities was shown in Figs. 8 
and 9 for the PTFE-epoxy-ceramic composition on disks 
of both electrolytic copper and stainless steel. The question 
logically arises as to any hydrodynamic influence the liquid 
nitrogen may have had. Such effects are usually considered 
negligible because of the low liquid viscosity, the specimen 
geometry, and the relatively high surface loads. The data 
of Fig. 10 were obtained to clarify the possibility of a 
hydrodynamic influence. 

Plastic materials usually show a decrease in friction 
coefficient with increased loads. This effect was obtained 
for loads greater than 750 g (Fig. 10). Hydrodynamic lift 
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Fic. 10. Friction of type 304 stainless steel riders on PTFE- 
epoxy-ceramic coatings in liquid nitrogen at varied loads and 
speeds. 


on the rider would result in a finite reduction in load at each 
sliding velocity. The relative effect of this load reduction 
would be reduced as greater applied loads were used. 
Therefore, if a substantial hydrodynamic component were 
present, the three friction coefficient curves for different 
sliding velocities in Fig. 10 would converge at the greater 
loads. The three curves are essentially equidistant from 
each other at most loads. Therefore, any hydrodynamic 
component present was insufficient to be considered import- 
ant to these experiments. 


Summary of results 


Experimental friction and wear data wcre obtained in 
liquid nitrogen for a composition material that included 
polytetrafluoroethylene (PTFE), an epoxy resin, and 
lithium-alumina-silicate (ceramic). The composition was 
used both as a solid film lubricant material and as a solid 
slider material. It has the advantage of thermal expansion 
approaching that of structural metals. The following results 
were obtained: 

1. Surface films of the experimental composition (0.005 
in. thick) on type 304 stainless steel gave acceptable fric- 
tion (0.02 to 0.07) and rider wear and outstanding endurance 
properties as compared with other solid lubricant films. 
Friction decreased with increasing sliding velocities, and 
wear rate either decreased or was independent of sliding 
velocities. A critical sliding velocity for film failure was 
encountered. The failure sliding velocity for films on type 
304 stainless-steel disks was 9000 ft/min with type 304 
rider specimens; with copper rider specimens the film did 
not fail at 16,000 ft/min. 

2. Solid bodies of the experimental material cast into 
rider specimens show promise for use in liquid nitrogen at 
sliding velocities of 4000 ft/min and higher. At the higher 
sliding velocities, friction coefficients less than 0.10 were 
obtained. Both wear and friction were relatively high at low 
sliding velocities. Lower rider wear was experienced with 
copper disk specimens than with stainless-steel disks. 

3. The use of high thermal conductivity metals in sliding 
contact with the experimental material has real advantage. 
At liquid nitrogen temperatures, the sliding velocity for 
film failure with copper disks was more than twice that 
with the stainless-steel substrate. 
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The Solubility of Helium in Various Lubricating Oils at High Temperatures 
and Pressures 


By DAVID J. BOES! 


The helium solubility characteristics of six low-viscosity lubricating oils have been investigated ; 

namely, diester, aryl phosphate ester, dimethyl silicone, methyl phenyl silicone, paraffin base 

otl, and aromatic base oil. Solubility measurements were made over a 1000 psi pressure range 

and a 350 F temperature range. Results show that the solubility of helium in all fluids studied 

increases linearly not only with pressure but also with temperature. All fluids except the sili- 
cones exhibited heavy foaming tendencies upon decompression. 


Introduction 


CONSIDERABLE interest has developed in the past few years 
concerning the feasibility of atomic powered gas turbines 
as propulsion units. Tentative designs have already been 
worked out for such equipment and surveys are being made 
of the problems which may arise in this type of unit. This 
paper describes part of the work done to investigate those prob- 
lems relating to the lubricant which are felt may be unique 
to this particular type of propulsion. Specifically, it deals 
with the gas solubility characteristics of different lubricants 
under varying conditions of temperature and pressure. 

A lubricant saturated with a gas at an elevated tempera- 
ture and pressure poses a potential foaming problem which 
could develop if the oil were subjected to any one of the 
following conditions: 

(a) Transferral of the oil from a high pressure to a low 
pressure stage of the turbine, resuiting in evolution 
of gas due to its lower solubility at the lower pres- 
sures; 

(b) Loss of pressure in any one stage due to seal failure; 

(c) Transferral of oil from a high pressure stage to oil 
reservoir or precooler; 

(d) Sudden cooling of the oil while pressure is constant 
or dropping. 

Moreover, a lubricant containing large amounts of dissolved 
gas could suffer changes in certain physical characteristics 
viscosity, density, and compressibility) which would be det- 
rimental to the proper function of the bearings. For these 
reasons it seemed expedient to study the effect of tempera- 
ture and pressure variations on the gas solubility character- 
istics of various lubricants. For reasons not within the scope 
of this paper, helium was chosen as a likely candidate for 
the working fluid of an atomic powered gas turbine. 

A preliminary literature survey revealed a rather large 
quantity of data published on the solubility of gases in 
hydrocarbons. The data include information not only on 
pure hydrocarbons, such as Frolich’s (1) work with hexane, 
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octane, etc., but also on fluids such as heavy naphtha, 
paraffin oil, and transformer oil. The most common gases 
used for these studies were oxygen, nitrogen, air and 
carbon dioxide. While the majority of the experiments were 
conducted at room temperature and atmospheric pressure, 
a few investigators, such as Clark (2), Gemant (3), and 
Ipatieff (4), published data on the variation of gas solu- 
bility with temperature. Ipatieff and Monroe went one 
step further and studied the change in gas solubility not 
only with temperature but also with pressure. 

Very little information, however, is available on the 
solubility of the inert gases in hydrocarbons; particularly in 
some of the more common base stock and synthetic lubri- 
cants. Although in his work on gas solubility Lannung (5) 
used helium, argon, and neon, the studies were made on 
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Fic. 1. Autoclave seated in heater bucket. 
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their solubility in organic solvents. No information could 
be found on the solubility characteristics of inert gases in 
lubricating oils. 

Consequently, a project was undertaken to investigate 
the solubility characteristics of helium in a number of base 
stock and synthetic lubricants over a temperature and 
pressure range common to turbine applications. 


Experimental 


The equipment for making the necessary measurements 
included an autoclave, heating bucket, and rocking device 
(Fig. 1) in conjunction with a glass sampling apparatus 
(Fig. 2) in which oil samples were collected. Although the 
autoclave was equipped for both vapor and liquid phase 
determinations, only liquid phase measurements were 
taken. The autoclave was capable of working pressures 
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Fic. 2. Schematic of autoclave and glassware. 


greater than 2000 psi and could be held at temperatures 
ranging from room temperature to 400 F. Its volume was 
475 cm’. The glass sampling apparatus was designed to 
receive 25 cm? oil samples and gas volumes as high as 
250 cm. 


Test Procedure 


A. Filling the autoclave-—The autoclave is first charged 
with 400 cm? of the fluid under examination, allowing a 
free volume of 75 cm? for oil expansion on heating. Filling 
the autoclave is accomplished by evacuating it while the 
liquid sampling line is submerged in the oil. 'This method 
of drawing the oil into the evacuated chamber not only fills 
the bomb but also deaerates the oil effectively. After the 
addition of the oil, the autoclave is held under vacuum and 
rocked for fifteen minutes to remove any remaining air 
dissolved in the oil. Finally, a helium pressure of 150 psi 
is built up in the autoclave and the equipment raised to the 
desired test temperature. 

B. Reaching saturated conditions and drawing sample.— 
On temperature stabilization, the pressure is increased to 
test pressure and the oil agitated for thirty minutes. During 
this time autoclave pressure drops substantially due to 
absorption of the gas by the oil. More than 95% of this 
pressure drop occurs during the first 5-10 min. Midway 
through the rocking period, therefore, additional gas is 
supplied in order to return the autoclave to test pressure. 
In this way, system pressure at the end of the rocking 
cycle is no more than 5 psi below test pressure. After the 
agitating cycle is completed, the liquid sampling line of 
the autoclave is purged and connected to the glass sampling 
apparatus. An oil sample is then bled into the oil buret. 
Since the sampling apparatus is sealed from the atmosphere 
at this time, admission of gas and oil to it results in a 
pressure rise. By rebalancing the system to its reference 
pressure (atmospheric) by means of a mercury leveling 
bulb, the actual volume of gas can be calculated by simply 
subtracting the volume of oil collected from the difference 
between the initial and final readings taken from the gas 
buret. Gas volumes are then converted from those condi- 
tions existing at the time readings were taken to standard 
conditions of temperature and pressure. The volume ratio 
of gas to oil under the particular test conditions can then 
be calculated. 

The most reproducible results could be obtained by 
bleeding from the autoclave an 8 to 12cm? sample of 
saturated oil. Because of the autoclaves relatively small 
volume (475 cm), larger oil samples caused a drop in test 
pressure in excess of 50 psi, resulting in the last portion of 
the sample being bled from the autoclave at a pressure 10 to 
20% lower than the actual test pressure. Due to the 
restriction to a rather small oil sample and the low solu- 
bility of helium in most of the fluids studied, it was also 
necessary to make most of the runs at pressures above 
350 psi so that an adequate volume of gas could be obtained. 
An 8 to 12 cm? oil sample at pressures below 350 psi con- 
tained such small gas volumes that experimental errors 
inherent in the pressure balancing methods were magnified 
considerably. By taking measurements on 8 to 12 cm? oil 
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-samples at pressures above 350 psi, however, a reproduci- 

bility factor of +3-4% was obtained in the volume ratio of 
gas to oil measurements at any given temperature and 
pressure. 

The helium solubility characteristics of six fluids were 
studied; namely, diester, phosphate ester, dimethyl silicone, 
methyl phenyl silicone, paraffin base oil and aromatic base 
oil. All fluids were of 150 SSU viscosity at 100 F. The 
diester, phosphate ester and paraffin base fluids contained 
various additives, such as oxidation and rust inhibitors, 
while the silicone and aromatic fluids contained none. 
With one exception solubility measurements were made on 
all fluids at 150, 220, 300, and either 75 or 350 F. Three 
pressures (500, 750, and 1000 psi) were studied at each 
temperature. At least three runs were made under a given 
set of conditions. If agreement were poor among these, 
additional runs were made. 


Discussion 


It is believed that 70-80% of the lubricating fluids 
currently used in industry will fall into one of the six 
general classes of fluids studied. As a result, this informa- 
tion should supply a means for evaluating the helium 
solubility characteristics of many diversified lubricants on 
a comparative basis. For example, a methyl pheny] silicone 
with a lower phenyl content than the silicone used in these 
experiments may exhibit a slightly higher gas to oil ratio 
than that reported in this paper. It should, however, still 
show a lesser tendency toward helium solubility than the 
straight dimethyl silicone. 

It may be well at this point to mention that with all 
fluids except the silicones, a large quantity of foam was 
generated as the saturated oil was transferred from the 
autoclave to the glass sampling apparatus (atmospheric 
pressure). The larger the amount of gas dissolved in the 
oil, the greater was the volume of foam generated. In 
many cases, the foam volume was five to six times greater 
than that of the actual oil volume. Although the time 
required for the complete collapse of the foam varied with 
the type of oil, it generally required at least ten minutes. 
As mentioned previously, neither silicone showed a tend- 
ency to generate foam of any durability, even though these 
fluids contained two to three times more helium than some 
of the fluids which foamed vigorously. This characteristic 
is attributed to the combination of the silicone’s extremely 
low surface tension and the low viscosity of the test 
samples. 

Figures 3-6 show graphically the effect of pressure on 
helium solubility from atmospheric pressure to 1000 psi, 
for temperatures of 75, 150, 220, and 300 F. In these 
curves the volume ratio of helium to oil is plotted against 
the pressure for all oils studied. It is obvious from these 
curves that the solubility of helium in these lubricating 
fluids follows Henry’s law—increasing linearly as the 
pressure rises. Frolich found this to be true at room tem- 
perature for pure hydrocarbons up to hydrogen pressures 
of 200 atm. These data indicate that Henry’s law holds 
over a rather wide temperature range as well. 

Figure 7 is a curve plotting the volume per cent of 


absorbed helium per atmosphere against lubricant: tem- 
perature. This ratio is the same for any pressure < 1000 psi 
as long as the fluid temperature remains constant. Conse- 
quently, using these curves the actual volume of helium 
dissolved in any one of the six oils tested can be quickly 
calculated for any conditions within the pressure and 
temperature limits listed. For example, the volume of 
helium dissolved in 1 cm? dimethyl silicone at 1000 psi 
and 150F is equal to 0.044 cm3/atm x 68 atm, or 2.99 
cm? helium(NPT)/cm? oil. 

Some interesting observations can be made in connection 
with Fig. 7. Previous work by other investigators had 
already indicated that gas solubility increases linearly with 
pressure for a variety of gases in various liquids, including 





Paraffinic Base Stock 
Methy! Phenyl Silicone 


Phosphate Ester 


1000 


800 


mo 
“a 600 
a 
i 
|} 
Ww 
$ 400 
is 
a 


200 











fe) | l aT | 


fe) 0.5 1.0 1.5 2.0 
Volume Ratio ea AL hia AL Sid, 
cc Ol 





2.5 


Fic. 3. Variation of helium solubility with pressure for various 
lubricants at 75 F. 


hydrocarbons. It is also a well-known fact that most gases, 
such as air, nitrogen and carbon dioxide, become less 
soluble in liquids as the liquid temperature rises. It was 
quite surprising, therefore, to discover that the solubility 
of helium in all fluids tested not only increased substantially 
with temperature but also that a linear relationship existed 
between the two parameters. Furthermore, the rate of 
increase in helium solubility with temperature was uniform 
for all fluids except the phosphate ester and the dimethyl 
silicone. 

In examining these curves one is led to the conclusion 
that helium is least soluble in those fluids which are basically 
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_ aromatic in nature; such as, the aryl phosphate ester and 
aromatic base stock. Further verification of this charac- 
teristic is found by examining the solubility ratios of the 
two silicone oils. Both fluids absorb far more helium than 
any of the others tested. The data indicate, however, that 
the existence of even a low phenyl content in the silicone 
molecule depresses its solubility ratio over that of the 
straight dimethyl silicone. It seems reasonable to assume 
that this trend would continue. 


Conclusions 


It has been shown experimentally that the solubility of 
helium in six lubricating oils—basically different in chem- 
ical composition—{a) increases linearly with pressure up to 
at least 1000 psi, and (b) increases linearly with tempera- 
ture over a 350 F range. Four fluids showed heavy foaming 
tendencies on decompression from pressures of 500 psi 
and higher to atmospheric pressure. This foam was quite 
stable, requiring 5-10 min for complete collapse. While 
the silicone fluids absorbed two to three times more gas 
than any of the other liquids tested, they showed no 
tendency to generate foam of any durability. 
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High Horsepower and High Torque Performance of EP Gear Lubricants 


By R. K. NELSON! and L. J. VALENTINE? 


In recent months a series of premature gear failures in field operated vehicles produced indi- 
cations of insufficient load carrying qualities in extreme pressure lubricants of the GL-4 speci- 
fication conforming to the new Military L-2105A. This condition prompted dynamometer 
testing in an investigation of horsepower absorption and high torque absorption of these lubri- 
cants as compared with extreme pressure lubricants conforming to Military L-2105 specifica- 
tions. 

The results of the dynamometer testing showed that lubricants conforming to the new Military 
L-2105A were capable of withstanding continuous high horsepower applications where relatively 
low torque was required, but were not able to compare favorably with the extreme pressure 
lubricants of the Military L-2105A specification in regard to continuous high torque applica- 
tions. The gear-tooth surfaces on such tests with lubricants conforming to the new Military 
L-2105A were severely scored, whereas the Military L-2105A lubricants produced a satis- 





factory tooth condition under identical testing conditions. 


Introduction 


THE primary purpose of this paper will be to compare rear 
axle ring gear and pinion tooth surface condition with 
various lubricants of the extreme pressure specification. 
The lubricants considered for investigation were of four 
types or classes, as follows: 
(1) Lubricants of the sulfur chlorine lead additive (SCL) 
conforming to MIL-L-2105. 
(2) Lubricants of MIL-L-2105 but not of the SCL 
additive. 
(3) Lubricants conforming to the new MIL-L-2105A. 
(4) Mineral oil. 


Test procedure 


For testing purposes a regular production 22,000-lb 
capacity spiral bevel type, single speed axle of a 6.5:1 ratio 
was used as the test axle. This axle was tested under normal 
test procedure which was used in the past for determining 
gear life of this particular model, single speed axle, and the 
test procedure was not put into existence for the purpose 
of testing gear lubricants. 

The testing conditions consisted of a break-in period in 
which the test axle was run for 1-hr periods at no load, one- 
fourth, one-half, and three-fourths the rated output 
torque. After that time the lubricant was drained from the 
axle and refilled with lubricant of the same type. The axle 
was then run at full load until tooth surface destruction 
occurred. Tooth surface destruction was determined by an 
amplifying system connected from the test axle to the 
control room. From past experience a particular failure can 
be detected by a noise level change through the amplifier. 





Presented at the Gear Symposium of the American Society of 
Lubrication Engineers held in Chicago, 1959. 
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When such a change occurs, the test is terminated. 

The following are the output torques, horsepower and 
wheel speed for the test: 

A. Output torque loading 

(i) No load 
(2) One-fourth load—3250 lb-ft and 2428 Ib/in. of face 
(3) One-half load—6500 lb-ft and 4855 lb/in. of face 
(4) Three-fourths load—9750 lb-ft and 7283 lb/in. of 
face 
(5) Full load—13,000 Ib-ft and 9710 Ib/in. of face 
B. Output horsepower (full load) 
(1) 185.7 hp 
C. Output wheel speed 
(1) 75 rpm. 

The full load condition is equivalent to climbing a 12% 
grade, with a gross combination weight (GCW) of 55,000 Ib 
at an approximate speed of 9 m.p.h. and a gear face loading 
equal to 9710 lb per inch of gear face. 


Test results 
High Horsepower—High Torque Testing 

Spiral bevel gears.—In the past, all dynamometer tests 
for gear life, at the author’s plant, have been run using an 
SCL additive lubricant. Such test results on spiral bevel 
type gears showed the tooth surfaces on the pinion and 
ring gear at the time of gear failure to be very satisfactory, 
showing little or no signs of scoring or scuffing. Results 
from field operations also indicate very satisfactory tooth 
conditions with such lubricants 

From past tests it was decided to use the SCL additive 
lubricant as a base, and test the lubricants of MIL-L-2105A 
specification so as to compare tooth surfaces at the comple- 
tion of the tests. Again, let it be stressed that testing 
conditions for both the SCL additive and MIL-L-2105A 
lubricants were identical. 

The average wheel cycles of three tests run with the SCL 
additive lubricant (No. 1 in Table 1) were 83,425 cycles, 
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TABLE 1 


Summary of High Torque Performance Tests 


Spiral bevel type single-speed rear axle 
22,000 Ib rating—6.5:1 ratio 
9710 lb/in. of face gear loading 





Timken 
lubricant test 


Maximum 
temperature, F 


Gear tooth 
surface condition 


Test axle failure, 





Lubricant tested | 
OK load, | | 


wheel cycles 
































discoloration. 
Tooth surfaces drawn back. 


| 
| | 
| 
| Ib | psi Axle Ambient | 
1. SCL additive sample | 51-77 | 30,000- 189 85 | 83,425 No scoring. 
45,000 | (Average of 3 tests) 
2. SCL additive sample 33 20,000 257 97 50,522 Slight scoring on pinion; teeth 
| pitted at heel. 
| | Discoloration from heat. 
| | Tooth surfaces drawn back. 
| | | 
3. MIL-L-2105A sample | 33 20,000 | 234-246 84-92 21,984 Pinion badly scored with tooth 
| (Average of 5 tests) surfaces drawn back. 
4. MIL-L-2105 sample 51 30,000 226 91 80,835 No scoring. 
Not of SCL additive | 
5. MIL-L-2105 sample 59 35,000 218 82 62,130 Light scoring of pinion. 
Not of SCL additive | | 
| | 
6. Mineral oil — — 242 | 96 54,000 Light scoring of pinion with heat 








Fic. 1. High torque performance test spiral bevel pinion-drive 
side Mil-L-2105 SCL lubricant. 


with tooth surfaces at the conclusion of the test being 
satisfactory. The pinion from the above tests is shown in 
Fig. 1. The even wear on the pinion with no heavy scuffing 
or scoring marks can be noticed. 

Contrasted with the above tests were five tests run with 


the MIL-L-2105A specification lubricant (No. 3 in Table 
1). These tests averaged 21,984 wheel cycles, which is 
equivalent to 26.4% of the gear life that was produced by 
an SCL additive lubricant. The tooth surfaces, at the 
conclusion of the tests, were unsatisfactory because of 
extreme scoring and a severe drawing back of the tooth 
surfaces. Figure 2 shows the heavy scoring condition on 
the pinion tooth surface. 

Effect of Timken OK load on gear life—Lubricant 
samples of all tests were investigated on the Timken 
lubricant testing machine for OK load. It was found that 
all lubricants that met the MIL-L-2105 specification, 
whether of SCL additive or other additives, had an OK 
load of 51 lb, or 35,000 psi minimum. On the other hand, 
lubricants conforming to the new MIL-L-2105A in all 
cases had an OK load of 33 Ib, or 20,000 psi. 

In the same vein, an OK load of 51 Ib or better produced 
a gear tooth surface free of severe heating and scoring, 
whereas a lower OK load, namely that of MIL-L-2105A, 
lessened the gear life and produced very unsatisfactory 
tooth conditions. 

In an effort to compare a MIL-L-2105A specification 
lubricant with an SCL additive lubricant of the same OK 
load, a special sample of an SCL additive lubricant was 
submitted with an OK load of 33 lb, the same OK load as 
found with lubricants of the MIL-L-2105A specification. 
This special lubricant (No. 2 in Table 1) was the same type 
lubricant used on previous tests with the exception that 
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the OK load was reduced to 33 lb by the use of less additive 
in compounding the lubricant. 

The results showed total wheel cycles of 50,522 as 
compared to the 21,984 average cycles of the MIL-L-2105A 
specification lubricants. Figure 3 shows the tooth condition 





Fic. 2. High Torque performance test spiral bevel pinion-drive 
side GL-4 specification lubricant conforming to the new Mil-L- 
2105A. 





Fic. 3. High torque performance test spiral bevel pinion-drive 
side SCL lubricant of 33 Ib (20,000 psi) Timken OK load. 


of the SCL additive sample with a 33 lb OK load. Notice 
there is slight scoring on pinion teeth and a pitted condi- 
tion in the heel section. There was also a drawn back and 
discolored condition of the tooth surface, which is not 
visible on the photograph. 

There has been some question raised as to the accuracy 


of Timken lubricant tests, but from a standpoint of 
comparison between such lubricant tests and dynamometer 
testing, there appears to be a definite correlation. This 
correlation indicates that an OK load of 51 lb must be 
maintained in order to obtain good gear tooth surfaces and 
resultant life from a rear axle gear set. 

Effect of Lubricants on Axle Temperature.—To determine 
the effect of various lubricants upon axle temperature, a 
thermocouple was mounted at the housing bowl of the test 
axle and periodic temperature readings were taken. The 
temperature results showed the MIL-L-2105A specifica- 
tion lubricants (No. 3 in Table 1) attained a maximum 
temperature ranging from 234 to 246 F, while the SCL 
additive lubricant of MIL-L-2105 specification (No. 1 in 
Table 1) reached a peak temperature of 189 F. Test runs 
of the SCL additive lubricant with a 33 Ib OK load (No. 2 
in Table 1) attained 257 F, while a straight mineral oil 
(No. 6 in Table 1) reached 242 F. 

A MIL-L-2105 lubricant, not of SCL additive (No. 4 
in Table 1), reached a temperature of 226F without 
causing any adverse conditions to the gear tooth surface. 

Under heavy loading, as applied to truck application, a 
high axle temperature has a great bearing on drawing back 
the gear tooth surfaces. As long as the lubricating film 
remains between the pinion and ring gear, temperatures 
will be kept down and the possibility of scoring will 
lessen. 

Table 1 summarizes the various points already discussed 
pertaining to continuous high torque testing of spiral bevel 
type gears with various lubricants. 

Hypoid Gears.—As a means of testing the MIL-L-2105A 
specification lubricant with hypoid gears, a 16,000-lb 
capacity test axle of 6.5:1 ratio was used. The test procedure 
was the same as followed on tests involving the spiral bevel 
axles except the output torque was 9000 Ib-ft, and the out- 
put horsepower was 171.4 with a wheel speed of 100 rpm. 
This combination of torque and horsepower was equivalent 
to operating the test axle up a 12% grade at its rated gross 
combination weight (GCW) of 40,000 lb with 9,300 Ib/in. 
of face gear loading. 

The above test was run to compare a GL-4 specification 
lubricant test of a year ago with SCL additive lubricant 
tests. It should be noted that the GL-4 specification 
lubricant tested one year ago, never became a production 
lubricant because it would not meet the new MIL-L- 
2105A specification. 

The GL-4 specification lubricant sample, which was not 
produced commercially (No. 2 in Table 2), gave 72,223 
wheel cycles with the tooth surfaces in good condition. 
The SCL additive lubricant (No. 1 in Table 2) gave a gear 
life of 22,737 wheel cycles with the tooth surfaces in good 
condition. The lubricant conforming to the new MIL-L- 
2105A (No. 3 in Table 2), gave a gear life of 19,058 cycles 
with the pinion and ring gear teeth badly scored. A heavy 
deposit was produced on the coast side of the gear teeth 
as may be seen in Fig. 4. 

This deposit was found on all non-contacting portions of 
the pinion. The residue was analyzed and found to contain 
4.19% phosphorus and 23.9% combustibles. However, it 
must be noted that the gears that have been dynamometer 
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TABLE 2 


Summary of High Torque Performance Tests 


Hypoid type 2-speed rear axle 
16,000 Ib rating—6.5:1 ratio 
9300 Ib/in. of face gear loading 





Timken 
lubricant test 


Maximum 
temperature, F 


Test axle failure Gear tooth 


surface condition 





Lubricant tested 


wheel cycles 











OK load, 
Ib psi Axle Ambient 
1. SCL additive sample 51-77 30,000- 226 79 22,737 No scoring. 
45,000 
2. GL-4 (Not conforming to 51 30,000 218 80 72,223 No scoring. 
the new MIL-L-2105A 
3. MIL-L-2105A sample 33 20,000 243 88 19,058 Pinion and ring gear teeth heavily 














| scored; heavy deposit on coast 
side of pinion and ring gear 
teeth. 














Fic. 4. High torque performance test hypoid pinion-drive side 
GL-4 specification lubricant conforming to the new MIL-L- 
2105A. 


tested have been lubrited, but it is felt that the high 
phosphorus content of the deposit cannot be attributed to 
this. 

Effect of Lubricants on Axle Temperature.—By their 
nature, hypoid gears will run at a higher temperature than 
spiral bevel gears, and this was shown in the test of the 
hypoid models. The SCL additive lubricant (No. 1 in 
Table 2) reached a peak temperature of 226 F as compared 
to the lubricant conforming to the new MIL-L-2105A (No. 
3 in Table 2), which reached 243 F under the same condi- 
tions. The lubricant that showed the lowest temperature, 
was the GL-4 lubricant that was not produced commer- 
cially (No. 2 in Table 2). Its peak temperature was 
218 F. ; 

The various points already discussed pertaining to 
continuous high torque testing of hypoid type gears with 
various lubricants are summarized in Table 2. 


High Horsepower—Low Torque Testing 

This portion of the paper will be devoted to an investi- 
gation of the MIL-L-2105A specification lubricants at high 
horsepower and relatively low torque. 

To accomplish this testing, a MIL-L-2105A specifica- 
tion sample lubricant (No. 3 in Table 1) was tested in the 
dynamometer transmission axle, which is a 23,000-lb 
capacity, spiral bevel rear axle with a 4.33:1 ratio. The 
maximum horsepower at the pinion is 200 and the input 
torque 462 lb-ft. This torque represents a tooth loading of 
1360 Ib/in. of face. Based on 10.00 x 20 tires, this repre- 
sents an average road speed of 55 mph. Based on the above, 
at the equivalent of 15,000 miles the lubricant was drained 
and the pinion and ring gear tooth surfaces were found to 
be satisfactory, with no indication of scoring and scuffing 
present. A total of approximately 45,000 miles was accu- 
mulated on this axle and the tooth surfaces were in satis- 
factory condition. 


CRC L-37 Testing 


A dynamometer test was conducted using the CRC L-37 
high torque testing procedure. This test was conducted at 
a gear tooth loading of 6,400 lb/in. of face. This loading is 
two-thirds of our normal testing output torque. The wheel 
speed is the same, 75 rpm. 

The test was conducted for ten hours, or 45,000 wheel 
cycles, not including two hours’ break-in, at the end of 
which time the tooth surfaces were examined and found to 
be unsatisfactory. The pinion showing the scored surface 
is shown in Fig. 5. The maximum temperature attained 
was 201 F. 

It is believed that two basic questions should be answered 
concerning the CRC L-37 tests: 

(1) Why is the CRC L-37 test conducted at 300 F maxi- 

mum for high speed test and 275 F for the high 
torque test? Heavy duty truck axles, under most 
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operating conditions, have lubricant temperatures 
well below this range for both high torque and high 
horsepower operations. 

(2) Why is the high torque test cycle conducted at a gear 
tooth loading of 6400 lb/in. of face? Such a tooth 
loading produces approximately 1325 lb-ft at the 
pinion. This torque, coupled with a 450 lb-ft engine 
which may be used in a truck application of this 





Fic. 5. High torque performance test spiral bevel pinion-drive 
side CRC L-37 test procedure GL-4 specification lubricant con- 
forming to the new MIL-L-2105A. 


type, produces a transmission reduction of approx- 
imately 3 to 1. This reduction represents something 
between second and third transmission gear. Heavy 
duty truck axles, when moving maximum capacity 
gross combination weights (GCW) are required to 
absorb more starting torque than this. 

To illustrate the absorption of starting torque for a 
typical truck, let it be assumed that the truck axle is loaded 
to 18,000 lb. Using 0.6 coefficient of friction, the gear 
tooth loading is approximately 13,000 Ib/in. of face before 
the driving axle tires slide. This may be contrasted with a 
typical passenger car which is required to have only 3000 
Ib/in. of gear tooth loading, based on 0.6 coefficient of 
friction, to slide the driving wheels under conditions of 
starting. 

This indicates that passenger car rear axles are required 
to absorb relatively small quantities of torque, while heavy 
duty truck axles, under all conditions of starting, when 
loaded, require torque absorption far beyond the CRC 
L-37 testing torque of 6400 lb/in. of face. 


Conclusions 


In conclusion it can be stated that dynamometer tests 
showed lubricants conforming to the new MIL-L-2105A 
will perform satisfactorily under conditions of continuous 
high horsepower and low torque output, but will not 
perform satisfactorily under conditions of continuous high 
torque output. 


The dynamometer tests further showed that satisfactory 
lubrication under continuous high torque loading was ob- 
tained when the Timken OK load was 51 lb minimum, or 
30,000 psi. Lubricants tested with OK loads below 51 lb 
provided unsatisfactory gear life. 


DISCUSSION 


Discussor: 'T. P. SANDS 

Since Mr. Nelson’s paper reveals some data which seems 
to be in direct conflict with the findings of others in the 
automotive and oil industries, it would appear to be 
important that careful consideration be given to some of 
these areas of disagreement. 

After receiving a copy of the first draft of Mr. Nelson’s 
paper, a call on Mr. Nelson in Cleveland was made so that 
further details regarding his work could be studied. It was 
pointed out by Mr. Nelson at that time that he hoped the 
presentation of his paper would stimulate others to further 
investigations or perhaps an explanation of his results. This 
discussion will be an attempt to clarify some of the points 
raised in his paper. 

The use of the term “GL-4 specification” is misleading. 
The designation ““GL-4” is an American Petroleum Insti- 
tute service classification. There is no official connection 
between the API service classification ““GL-4” and the 
tentative ordnance gear oil specification MIL-L-002105A 
(Ord.) issued three weeks ago, January 5, 1959. It is import- 
ant to note that, where Mr. Nelson speaks of oils meeting 
the new military gear oil specification, he should have 
referred to these oils as those which were presumed to be 
of this quality. 

Mr. Nelson describes the gear tooth failure as being 
“scoring”. Gears from one of the tests conducted by 
Mr. Nelson were observed at another laboratory in the 
Cleveland area. According to the definition of scoring 
distributed by the Coordinating Research Council, the 
gears observed were not scored. Scoring, according to the 
CRC, results from a welding of the gear and pinion tooth 
surfaces, resulting in a transfer of metal from one to the 
other. A dull matte surface in the scored area results. The 
gouging in the Eaton test gears is unclassifiable by the 
CRC nomenclature, but it was this observer’s opinion that 
it resulted from foreign debris circulating through the oil. 
Except for some lines of gouging, the tooth surfaces were 
in excellent condition. 

Although not described in the paper, it was learned that 
all tests were run to failure as determined by an increase 
in the axle noise level picked up by a microphone mounted 
on the axle. Mr. Nelson’s paper contends that the pinion 
revolutions before a high noise level is developed are 
different on various types of oils. His paper clearly states 
that the test used was designed to measure the fatigue life 
of axles and was not originally intended as a lubricant test. 
Many observers contend that fatigue tests of bearings or 
gears are highly unreproducible and that literally hundreds 
of tests have to be run to obtain a true pattern of fatigue 
life vs. lubricant type. 

In field tests conducted by the Army Ordnance Depart- 
ment at Yuma from 1953 to 1958, it was found that the 
sulfur—chlorine-lead type oils, believed by Mr. Nelson to 
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_ be superior, as well as other oils meeting the old military 
specification, were inadequate in axles ranging from those 
used in Army jeeps to 5-ton 6 x 6 trucks. It was this 
work that necessitated the new specification which was issued 
this month. The Coordinating Research Council, who 
developed the gear test techniques called for in the new 
military gear oil specification, has established correlation 
between these new tests and the field tests run at Yuma. 
Mr. Nelson shows no correlation between his laboratory 
gear fatigue test and either field tests or service. 

Mr. Nelson claims correlation between the Timken 
machine test and his gear fatigue test. His data show that 
a straight uncompounded mineral oil is better in the 
fatigue test than oils having a Timken machine load of 
33 lb. The uncompounded oil is not given a Timken mach- 
ine rating in Table 1, but it is obvious that the rating 
would be very low, in the order of only 5-10 Ib. Also, the 
special sulfur—chlorine—lead type oil with a Timken machine 
rating of 33 lb is shown to be twice as good as other oils 
with the same Timken rating. As a final comment on the 
correlation between the Timken machine rating of gear oils 
and the gear oil performance, it should be pointed out that 
there is an apparent lack of correlation between laboratories 
on Timken machine loads. GL-4 oils tested in this dis- 
cussor’s laboratory give ratings in the range of 50 lb. 

In conclusion, it is contended that Mr. Nelson’s questions 
regarding the L-37 test, which is, incidentally, one of the 
tests developed by the CRC and later adopted by the 
Ordnance Department for the new MIL-L-002105A(Ord.) 
gear oil specification, are academic. The temperatures and 
other conditions in the L-37 test were adjusted to attain 
correlation with the Yuma field tests. Furthermore, it is 
questioned that the bearing and tooth surface temperatures 
in the L-37 test are in fact any higher than, if as high as, 
the bearing and tooth temperatures in Mr. Nelson’s test. 
His paper does not report that a water-cooled heat ex- 
changer was installed in his test axels. The temperatures 
he reports were with full cooling through this heat ex- 
changer so that, even though the bulk oil temperature was 
maintained at a lower point than that of the L-37 test, it 
is contended that gear and bearing temperatures may have 
been completely unrealistic. These, however, are merely 
details. The proof of any laboratory test is its correlation 
with field service. The type of oils questioned by Mr. 
Nelson have been adopted by the oil industry and used in 
some cases for as long as four years. The efficacy of these 
oils in spiral bevel and hypoid differential gear sets has 
been adequately demonstrated in actual field service in all 
types of passenger car and heavy-duty truck axles. It is 
sincerely believed, therefore, that the results obtained by 
Mr. Nelson are subject to question and it is hoped that 
field tests now in progress utilizing axles manufactured by 
Mr. Nelson’s company will shed some light on the question 
he has raised. We will look forward to another paper on 
this subject when these field tests are completed. 


Discussor: D. F. MILLER 

In this discussion, the designation ““GL-4 lubricants”’ is 
intended to mean those materials which meet the require- 
ments of the new specification MIL-L-2105A as antici- 


pated prior to its recent release, and which satisfactorily 
pass the CRC L-37, ‘Technique for Determining the 
Load Carrying, Wear and Extreme Pressure Properties of 
Gear Lubricants Under Conditions of High Speed—Low 
Torque, followed by Low Speed—High Torque Opera- 
tion,” and the CRC L-42, “Technique for Determining 
Extreme Pressure Properties of Gear Lubricants Under 
Conditions of High Speed and Shock Load”’. 

The author presents information on the GL-4 type 
lubricants which differs in two respects from previous 
reports on these materials—the use of spiral bevel gears 
and higher than usual loading conditions in the test evalu- 
ation. The question which immediately arises regarding 
this report is the significance of the evaluation method in 
terms of service experience and its correlation with actual 
failure in the field. It is a general industry practice to use 
dynamometer testing to duplicate field conditions. The 
author refers to field difficulty but does not describe the 
extent or nature of these problems. In view of the successful 
performance of the GL-4 type lubricants in both passenger 
car and truck axles, we would be very interested in an 
explanation of the background of the test as a method of 
lubricant evaluation, and a discussion of the type of service 
and failure which these results demonstrate. 

The CRC L-37 technique was developed on the basis of 
several hundred dynamometer tests using hypoid gears and 
has been correlated with a test fleet operated by the Ord- 
nance Department in Yuma, Arizona. The Yuma work 
demonstrated the superiority of lubricants passing the 
test over others which did not. Recorded loads were not 
as high as those used by the author, although they were in 
the range of 8000 Ib/in. of face during significant portions 
of the test, and in some instances temperatures exceeded 
those reported in this paper. The L-42 technique has been 
correlated with a large number of vehicle tests which also 
showed the superiority of lubricants passing that test over 
others that do not. In addition, a great deal of independent 
field evaluation has been carried on. To our knowledge, 
none of this field work with GL-4 lubricants has shown 
failure to protect gears under high torque conditions. The 
correlation of the author’s results is unknown, however, 
and since they differ from previous results, it would be 
highly desirable if this correlation were presented. 

Our own investigation of the field status of the GL-4 
lubricants in heavy duty service has shown no indication 
of insufficient torque capacity or scoring resistance as used 
in trucks. In our testing of truck axles we have noted the 
satisfactory performance of these lubricants at load condi- 
tions deliberately intended to cause overstressing and rapid 
tooth breakage. However, this test work has been done 
with hypoid gears in off-the-road service, and has to date 
included no work with spiral bevel gears. 

The author’s conclusions regarding the Timken EP test 
are very interesting. Our experience with bench machines 
has shown them to be of benefit in studying specific com- 
pounds. We have used them satisfactorily in developing 
purchase specifications where only one type of lubricant is 
allowed. However, we believe that the Timken value, like 
the results with other bench EP testers, defines the charac- 
teristics of a given lubricant type with that machine, and 
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that it has very limited value in predicting the relationship 
of different lubricant types to performance in actual service. 
The Almen machine, for example, shows a typical load of 
26-30 Ib at seizure with the GL-4 lubricants but shows 
14-18 lb at seizure with SCL lubricants. The Falex EP 
tester seizes in the range of 2700-3000 lb load with typical 
SCL lubricants whereas the GL-4 lubricants frequently 
exceed the normal capacity (4500 1b) of the machine. 
Other bench testers show similar results indicating superior 
load carrying capacity of the GL-4 lubricants although an 
experienced lubricant investigator will accept none of these 
results as conclusive evidence that the lubricants will 
perform satisfactorily without testing in gears. A recent 
series of tests made in our laboratories using hypoid gears 
to evaluate differential cross shaft and thrust washer 
protection show the following results: 
Lubricant A (25% SCL additive) 11,000 Ib-in. at failure 
Lubricant B (15% SCL additive) 8,000 Ib-in. at failure 
Lubricant C (10% additive X, GL-4 type) 
13,000 Ib-in. at failure 
Lubricant D (10% additive Y, GL-4 type) 
14,000 Ib-in. at failure 
The test is run with one axle fixed to provide complete and 
continuous differential action. The load is raised in 1000 Ib- 


in. increments each half hour until failure is indicated by 
rapid temperature rise or noise of complete seizure, which- 
ever occurs first. The oil temperature is maintained at 
approximately 200 F by water cooling. While the load 
condition is not high, results show superior lubricating 
ability of GL-4 under this condition. The test reproduces a 
particular type of failure encountered in field vehicle tests. 

The author suggests that passenger car axles may be 
loaded to 3000 Ib/in. of face when sliding the rear wheels 
at starting. This is a very conservative figure, since measured 
values show that a 1957 automobile is capable of producing 
a load over 11,000 Ib/in. of tooth face when the rear wheels 
slip at starts on dry pavement. More recent models are 
capable of higher loads. This is not a typical condition of 
operation nor do we find service difficulties resulting from 
such operation. Therefore, we do not evaluate our lubri- 
cants or our axles by tests of long duration under these 
conditions. However, we do recognize that the load can 
be developed, and so use it as a factor in car development 
and lubricant selection. Our experience has shown that it 
would be necessary to use lubricants of the GL-4 type 
exclusively if lubrication becomes a problem under these 
conditions. At present, we find both GL-4 type and the 
previous multipurpose lubricants satisfactory. 








Plastic Yielding and Vibrations of Rolling Element Bearings 


By TIBOR TALLIAN,! OLOF G. GUSTAFSSON? and HARRY O. WALP? 


A high degree of resistance to plastic deformation at the contacts between rolling bodies and 
rings is required in bearings used for equipment that must be quiet running. It is shown that, 
within practical bearing design limits this resistance is primarily a function of material structure 


variables that affect the elastic limit. 


Hardness, as measured by Rockwell or Diamond Pyramid methods is a primary variable, 
but in itself, an inadequate measure of this resistance. A test method is described giving good 
correlation with conditions causing plastic deformation of bearings in applications. The effects 
of residual stress, surface conditions and contact configuration are discussed. 

It is shown that bearings with substantially improved resistance to plastic indentation are 

obtainable by the use of appropriate heat treatment. 


Introduction 


Ir Has been known for several decades that the contacts 
between the balls, rollers and rings in ball and roller 
bearings will suffer plastic deformation under quite low 
loads. Palmgren (1), later Lundberg, Palmgren and Bratt (2) 
and Palmgren and Andersson (3) have dealt with the nature 
of these plastic deformations. They found that in point 
contact, such as in ball bearings, plastic approach of balls 
and rings is proportional to the square of the load and they 
defined the so-called static capacity of rolling element bear- 
ings as the load under which a stationary bearing will sustain 
a maximum depth of plastic contact deformation of 0.01% 
of the diameter of the rolling body at any one contact point. 
This definition is now incorporated in the pertinent ASA 
and International Standards (4, 5), and the static capacity 
is given in most manufacturer’s catalogs of bearings. 

Other investigators have studied the case where the 
bearing rotates under load and plastic contact deformation 
extends over a portion or all of the rolling tracks (6). 

The definition of the static capacity, and the experimental 
and mathematical methods developed for its determination, 
have been found to serve adequately as design criteria in 
most applications. The catalog values are given with some 
margin of safety, and there was little incentive in the past 
to study ways of increasing static capacity. 

More recently, however, two fields have emerged in 
which a more detailed study of the plastic content deforma- 
tions appears warranted. The fields are : instrument bearings 
and rolling element bearings used in small electric motors. 
In the first area, the requirement is maintenance of a 
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sufficiently low, steady and repeatable friction torque vaiue 
over the total life span of the bearing. In the second area, 
the requirement is that the original quiet-running charac- 
teristics of the rolling element bearings, manufactured for 
use in electric motors, be maintained without impairment 
through assembly of the motor and in service. There is 
evidence that the susceptibility to plastic contact deforma- 
tion is significant in both these areas. Averbach and others 
(7) and Drutowsky and Mikus (8) have published experi- 
mental studies to the effect that rolling friction in bearings 
is a function of plastic deformation at the rolling contact 
and can be reduced by providing for a higher resistance of 
these contacts to plastic deformation. 

The present paper discusses the second of the two areas 
outlined above, viz. the influence of the susceptibility of 
rolling elements to plastic contact deformation on the quiet- 
running characteristics of bearings, which, during assembly 
into equipment, such as electric motors, are subject to 
forces or impacts. 


Forces and impacts occurring during bearing 
assembly into equipment 

It takes carefully controlled assembly techniques to 
assemble rolling element bearings into equipment such as 
electric motors, in a manner that completely avoids damage 
to the bearing, caused by plastic contact deformations. 
Electric motor manufacturers of the highest standing report 
that a rejection rate of 1% in their small integral-horsepower 
lines, having to meet extreme quiet-running requirements, 
is a desirable minimum that cannot always be achieved. 
Rejection rates approaching 5% have occurred, and it is, of 
course, of prime economic importance for the equipment 
manufacturer to strive to reduce these rejections. As a 
consequence, there is every justification to insist that makers 
of rolling element bearings do their utmost to reduce the 
sensitivity of their product to plastic contact deformation. 

Experiments in this field were first directed by the 
authors towards devising controlled methods of damaging 
complete rolling element bearings. Two methods will be 
discussed. 
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The first consists of mounting the bearing on a stub 
shaft and inserting its outer ring into a bore machined in a 
heavy-gauge steel plate (Fig. 1). A guided fall-weight can be 
dropped onto the heavy plate surrounding the outer ring. 
This apparatus permits one to subject the bearing to off- 
center axial impacts, which result in forcible tilting of one 
ring against the other. Such impacts will occur in assembling 
an electric motor if the end bell is bolted down, using an 
impact wrench which sharply and suddenly tightens one 
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Fic. 1. Off-center impact tester. 
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Fic. 2. Fixture for applying static radial load. 


bolt at a time. 

The other arrangement, shown in Fig. 2, provides for 
static radial loading of the bearings, and is intended to 
permit determination of static radial loads that cause the 
same damage as an impact of a given magnitude. 

In order to determine whether damage has been done to 
the bearing, it is reasonable to select vibration test tech- 
niques, since the objection of the bearing users is related 
to excessive bearing vibration after damage. The bearing 
is accordingly mounted on a spindle rotating at constant 
speed, with the outer race in contact with a velocity type 
vibration transducer, as shown in Fig. 3. A small axial load 





























Fic. 3. Arrangement for measurement of bearing vibration 


is applied to the outer ring, in order to assure ball contact 
with both races. This technique of bearing vibration 
testing is common in the bearing industry and is described 
in more detail in (9). 

* Figure 4 shows that in a typical electric motor bearing 
with 20 mm bore diameter (light series), tested with the 
apparatus per Fig. 1, an off-center axial impact of 24 in.-lb, 
impinging at 5 in. from the axis of the bearing, will create 
about 3 dB increase in bearing outer race vibration. 
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Fic. 4. Increase in vibration level caused by off-center impact, 
using a 1-lb fall weight impinging at 5 in. from the axis of the 
bearing. 
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Turning now to the static radial load, it is found that it 
‘takes a radial load equal to the static capacity (1560 ib for 
the bearing in question) to cause approximately the same 
increase in bearing vibration level as the impact previously 
used (see Fig. 5). 
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Fic. 5. Increase in vibration level caused by radial load. 


It is seen that impacts which a person can produce easily 
with a mallet of moderate weight, will load the rolling 
contacts in a bearing of the size tested, with a maximum 
force equivalent to the static load rating. It is readily 
imaginable that impacts of this magnitude can occur in an 
assembly operation, if unusual care is not exercised. 


Study of Individual Rings and Balls 


In order to study cause and effect relationships, attention 
was next focused on a single contact between two bearing 
components. For close similarity with conditions prevailing 
in the ball bearings used in small electric motors, the 
components tested were grooved ball bearing rings and 


balls. This study concentrates on an exploration of material - 


characteristics of the components. Accordingly, the 
arrangement shown in Fig. 6 was used for tests of the sus- 
ceptibility to plastic deformation of inner rings. A similar 
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Fic. 6. Inner ring denting fixture. 




















arrangement was used for outer rings, and the apparatus 
shown in Fig. 7 for balls. The ring test fixtures use a ball 
of relatively small radius to deform the race groove. The 
ball fixture arranges the test ball between two balls of 
equal diameter to produce the plastic deformation. In all 
of these arrangements, minor variations of the curvature of 
the specimen at the point of contact are not significant 
because the conformity is low. Balls are highly uniform 
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Fic. 7. Ball denting fixture. 


and geometrically precise indentors, the material of which 
will not vary appreciably within any given manufacturing 
and heat treating lot. Such lots are large, so that the 
complete series of experiments here described can be 
conducted by using each ball indentor only once and select- 
ing each of them from the same lot. 

In order to detect the plastic deformation caused on the 
test piece, a technique was derived from the waviness 
testing methods in common usage in the bearing industry 
(9). The ring or ball is rotated around a fixed axis, at 
constant speed, and a velocity-sensitive transducer stylus 
is traversed centrally through the plastic indentation. The 
output of the pickup, after suitable amplification, and some 
filtering to exclude nuisance frequencies, is recorded on an 
oscillograph. Inasmuch as the output is proportional to the 
velocity of the pickup stylus, in a direction perpendicular 
to the surface traversed, a trace will be of the general 
appearance shown in Fig. 8. The random ripples are 
caused by manufacturing imperfections of the surface 
traced, whereas, the single, sharp, sinusoidal deflection is 
traced when the stylus passes through the indentation 
caused by impression of the ball. Clearly, the velocity will 


Fic. 8. Velocity trace of inner race with ball dent. 
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reverse its direction and the record will show two opposite 
approximately equal amplitudes, closely following each other. 

It has been shown (10) that the significant variable 
determining quiet running of bearings is the vibration 
velocity; also, that the vibration velocity of a rolling 
element bearing is related to the velocity associated, for a 
given speed of traverse, with the geometrical imperfections 
of the rolling surfaces. It is therefore appropriate to 
investigate this velocity if one desires to obtain a parameter 
of the plastic impression, which is significant from the 
standpoint of increasing bearing vibrations. 

By a change of scale, the velocity readings obtained can 
be converted to signify maximum slope of the tangents 
that one can draw to the indentation. In this sense, the 
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Fic. 9. Average values of the relative resistance to denting of 
bearings with low and high rejection rates in electric motor tests. 


80,000 [— 
70,000 [— 
60,000 F— 
50,000 [— 
40,000 F—- 
30,000 F— 


20, 000 F— "2 


DENT VELOCITY, MICROINCHES PER SECOND. 


10,000 }— Pal 





UPPER 2@° CONFIDENCE LIMIT. 


velocity measurements yield a statement concerning in- 
dentation shape (depth to width ratio) rather than absolute 
magnitude of the dent. 

The usefulness of the methods here described depends 
on their ability to indicate resistance to plastic deformation 
as incurred in bearing assembly into equipment. 

Numerous tests were made to determine this ability. 
Figure 9 illustrates results obtained with two typical 
groups of bearings. Group A had been found by a large 
motor manufacturer to give rejection rates around 1%. 
Group B caused rates around 4% under identical conditions. 

Shown are average vibration increases after impact and 
static radial load testing, and the sample average of the 
velocities across the plastic ball impression under a constant 
load, as obtained on both rings and balls. It is seen that the 
bearing tests, and both ring tests, show Group A as 
superior. The balls apparently were similar in both groups. 

This type of correlation and the fact that various other 
test methods, such as Rockwell hardness testing, failed to 
correlate satisfactorily with the field results, led to the 
adoption of the ball impression tests for further work. 


Indentation Slope as a Function of Load 


Figure 10 shows velocity readings (maximum slope 
across the indentation)*as a function of load, in the range 
of 150-400 Ib (the static capacity of the contact tested is 
approximately 120 lb according to Lundberg et al. (2) and 
Palmgren and Anderson (3), the lowest load causing a 
velocity clearly in excess of background hash on the trace 
is around 150 1b). This graph is a composite of several 
hundred individual readings obtained on a number of 
samples and shows the relationship between load and 
indentation slope on a scale adjusted for the different 
indentation sensitivities of the several samples tested. Also 
indicated are confidence limits for the graph. It is seen that 
within the limits of accuracy available from the experiments, 
the relationship between velocity (slope) across the indent- 
ation, and load is linear, with a very small intercept on the 
abscissa (almost proportional). It does not follow, of 
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Fic. 10. Dent velocity readings as a function of load. 
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course, that the linear relationship persists for other orders 
of load. 

In order to permit comparison with data from the litera- 
ture, a limited number of specimens have also been traced 
on a surface profile recorder which gives a graph with 
ordinates proportional to displacements of the tracer, as 
shown in Fig. 11. The depth of the impression on this 
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Fic. 11. Profile trace through inner race indentation. 


trace is approximately 16 microinches. Formulae given in (2) 
yield a computed depth of 14-21 microinches, depending 
on constants selected, so that the indentation obtained is of 
the expected order of depth. Even though it is possible to 
produce displacement traces of the indentations, there are 
several reasons for preferring velocity traces for the present 
work, First, of course, velocity testing is the logical choice 
when investigating bearing vibrations (as mentioned before). 
In addition, displacement traces (Fig. 11) are not as con- 
venient for the evaluation of differences in susceptibility to 
plastic deformation as velocity traces (Fig. 10). The deter- 
mination of an accurate base line, from which to measure 
the depth of the impression, is impossible as a consequence 
of the surface imperfections on the specimen. There is no 
need to determine a base line in case of the symmetrical 
velocity trace, where the total amplitude, from peak to 
peak of the sinusoidal deflection, can be measured. Also, 
experimental difficulties were found of lesser magnitude for 
velocity tracing. It was further found that in the load range 
considered, the depth of impressions produced on speci- 
mens with varying susceptibility to plastic deformation 
varies less than the peak velocities. 

Recalling that the total depth of the dent is a quadratic 
function of the load (2), and observing that dents here 
discussed are of very small magnitude so that the denting 
takes place just above the elastic limit, it appears that the 
greater discriminating power of the velocity measurements 
is probably due to the near-proportional load-slope 
relationship observed. A quadratic relationship has a very 
small derivative around the origin, whereas a linear relation- 
ship has, of course, a constant derivative. For given small 
abscissa differences, therefore, ordinate differences around 
the origin are likely to be larger for the linear relationship. 


Plastic yielding in Hertzian contacts 

A few qualitative thoughts will be inserted here that may 
help to explain the linear relationship between load and 
indentation slope on the basis of the quadratic relationship 
between dent depth and load. 

By a commonly used strength condition, the critical stress 
for plastic flow is the maximum octahedral shear stress. 
Moyar and Morrow (11) have recently suggested that this 


strength condition is not strictly applicable for Hertzian 
contacts but requires a relatively small correction term 
proportional to the hydrostatic stress. For simplicity, 
however, the following discussion will be conducted, 
assuming that the octahedral shear stress is the critical 
stress. Figure 12 shows a central section through an elastic 
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Fic. 12. Lines of equal octahedral shear stress in a spherical 
contact. Lines indexed with 7)¢4/5max- 


point contact with lines of equal octahedral shear stress, 
which, of course, converge on a point on the axis of sym- 
metry, that is the locus of the maximum octahedral shear 
stress. Plastic yielding should initiate at this point of 
maximum octahedral shear stress under a load for which 
the stress equals the elastic shear limit of the material. 

For small but finite values of plastic deformation, the 
plastic condition must extend to a finite volume. This 
volume will be contained in that particular surface of equal 
octahedral shear stress, which, for the given load, is indexed 
with the elastic shear limit. The plastic yielding can roughly 
be pictured as a flattening out, or collapse, of the volume 
of material contained within this surface. Now it can be 
observed from the figure that these surfaces are more oblong 
for the high stresses than for the lower ones. 

Assume that the width of the plastic impression is pro- 
portional to the width of the surface of limiting octahedral 
shear, and that the depth of the impression is proportional 
to the depth (the length of intercept of the contact normal) 
within this same surface. Then it appears that the depth/ 
width ratio of the impression will increase as plastic 
yielding extends to lower shear stress surfaces. Therefore, 
the maximum slope across the indentation should be larger 
for heavier indentations. This effect will prevail if one 
assumes a proportional relationship between impression 
width and load, and a quadratic relationship, as experiment- 
ally confirmed, between depth of impression and load. A 
linear relationship between slope and load is then the most 
plausible outcome. 

One obviously cannot go beyond this very general state- 
ment without knowing much more about the plastic beha- 
vior of the materials tested, such as strain hardening 
characteristics and the precise strength condition they 
obey. 
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It is pointed out here that superimposed stress, either 
due to outside forces, or existing as residual stress in the 
test piece, should have an influence on the amount of plastic 
deformation occurring under a given indentor load. 
Dervishyan (12) discusses the influence of stresses on 
plastic contact deformation and demonstrates that at least 
the initiation of plastic yielding is considerably influenced 
by superimposed tensile stresses. Brodrick and Bareiss (13 
and 14) have experimentally demonstrated the influence of 
stresses on plastic contact deformation under heavy loads. 

According to these authors, a tensile stress, acting parallel 
to the surface, increases the sensitivity of the test piece to 
plastic contact deformation. Whether a uniaxial compres- 
sive stress reduces the sensitivity to plastic contact deforma- 
tion or not, appears to depend on the parameter used to 
describe the magnitude of plastic deformation. 

The authors of (12, 13, 14) do not specifically so state, 
but it seems to follow from what was said before that the 
superimposed stress, in order to influence the susceptibility 
to plastic indentation, must act on the material volume 
which is under high shear stress from the indentation. If, 
therefore, the superimposed stress is a surface stress with 
a sharp gradient (as is the case for stresses set up by 
machining or other surface finishing) then its presence may 
well leave the susceptibility to plastic indentation un- 
affected. 

The matter of superimposed stresses will be treated 
after discussion of the basic susceptibility of materials to 
plastic indentation. 


Variations in indentation susceptibility of bearing 
materials 

Figure 13 is a scatter diagram of velocities across the 
indentation (slope) obtained as a mean value on a number 
of samples of inner rings made of 52100 bearing steel, 
using an identical load. In order to dispose of an obvious 
question, the sensitivities are shown as a function of 
Rockwell hardness and Diamond Pyramid hardness. While 
a certain increase of indentation sensitivity can be discerned 
for lower hardness, it is quite obvious that the susceptibility 
to denting, as here defined, and the Rockwell or DP 
hardness, are not functionally related (there are points 
over 100% apart on identical hardness abscissas). 

Recalling that early literature (3) has suggested the use 
of Rockwell or DP hardness as the material constant 
determining static capacity of rolling bearings, it is now 
clear that these hardness measures do not determine 
sensitivity to light ball denting, as here defined. 

Tests of material sensitivity, herein described, were con- 
ducted on a wide variety of samples of inner rings, made by 
various empirically selected heat treatments and tempered 
to various hardnesses in the range between 60 and 66 
Rockwell C, to see what improvement in resistance to ball 
indentation was obtainable. 

Figure 14 shows selected results for a number of experi- 
mental heat treatments, along with two samples treated by 
an oil quench cycle similar to our conventional production 
practice at the time the tests described were initiated. 





1 Specifics of the experimental heat treatments are proprietary. 
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Fic. 13. Effect of hardness on resistance to denting. 


Table 1 lists the samples graphed in Fig. 14, with hard- 
ness, residual austenite determined by X-ray diffraction, 
and the results of metallographic examination. It also 
shows whether the heat treatment was conventional or 
experimental. 

It is seen from Fig. 14 and Table 1 that some of the heat 
treatments tested will yield substantially improved resist- 
ance to ball indentation compared to conventional heat- 
treating practice, whereas others cause very low indentation 
resistance. 
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Fic. 14. Influence of heat treatment on indentation sensitivity. 
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TABLE 1 





Indentation Sensitivity and Metallographical Characteristics of Variously Heat-treated Inner Rings 








Dent velocity Residual | Metallography? Type of 
Group microin./sec at Hardness, austenite,! bainite heat 
designation 250 Ib Re % | content treatment 
A 31,400 64.9 4 None Experimental 
B 36,900 64.9 23 Trace in 
Cc 36,900 64.5 17 None near groove Pf 
D 37,000 64.9 21 | Not determined a 
E 37,500 62.1 0 | None near groove a 
F 46,000 65.2 28 None Conventional 
G 48,000 64.7 17 None = 
H 60,700 64.7 21 10-15% Experimental 
I 65,400 62.0 26 15-25%, a 
J 80,200 63.7 21 | 70% “ 

















1 Austenite determination was performed by a consulting laboratory. The values are approximate only. 


2 No ferrite or troostite was found in any sample. 


It is further evident that the sensitivity to ball indenta- 
tion is very high if bainite is present in amounts exceeding 
traces, and increases with bainite content. 

No clear association between indentation sensitivity and 
residual austenite is apparent, although it may be noted 
that the best sample (A) is low in austenite, and that sample 
E, with no detectable austenite, is equivalent to samples 
B-D in denting resistance, though of much lower hardness. 
On the other hand, austenite content fails to explain the 
difference in indentation sensitivity between samples B-E 
on one hand and F-G on the other. 

Figure 15 shows results of tests of the effect of Rockwell 
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hardness specifically. The batches of rings used for these 
tests were each produced under carefully controlled heat 
treating conditions, then split and portions of each batch 
tempered to different Rockwell hardness values. This is 
how the points on the several lines were obtained. 

The pattern is not consistent: in some cases tempering 


to a lower hardness causes more increase in sensitivity, in 
other cases it causes less or none. Apparently, Rockwell 
hardness is so loosely associated with ball indentation sensi- 
tivity that a consistent relationship between the two does 
not emerge, even if all heat treatment variables other than 
tempering temperature are kept constant. 

The experiments described show that no single metal- 
lurgical parameter can be named at the present time, the 
control of which would automatically ensure good resist- 
ance to plastic ball indentation. The only reliable way to 
ensure such good resistance is by close control of the heat 
treatment confirmed by actual ball indentation tests. 

Studies (7) and (8) indicate that the plastic deform- 
ability under light ball load (also the tensile elastic limit) 
can be widely different for a given Rockwell hardness, 
depending on the metallurgical structure of the material. 
The tensile elastic limit and the plastic behavior under 
ball indentation are shown to be associated with residual 
austenite content. Unfortunately, the techniques used in 
these two studies to determine plastic behavior under ball 
indentation are so far different from the authors’ that the 
applicability of their conclusions to the present study is not 
assured. 

The practical conclusion from the authors’ tests is that by 
utilizing one of the successful experimental heat treatments 
in production and by maintaining a moderately high hard- 
ness, the resistance to ball indentation (static capacity) of 
bearing parts (and bearings) can be increased substantially, 
possibly by 50% to 80%. 


Effect of superimposed stress 


In order to see what effect superimposed stress has on 
plastic indentation sensitivity, bearing inner rings were 
tested as shown in Fig. 16. The rings were subjected to 
bending stress and while this stress acted, they were 
indented with a ball at the location of maximum tensile 
and maximum compressive bending stress. Statistically 
similar rings were tested without bending stress. Figure 17 
shows typical results. It is seen that tensile stresses clearly 
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Fic. 16. Prestressing fixture using bending. 


increase the sensitivity to ball indentation, whereas com- 
pressive stresses reduce it. The former finding is in accord- 
ance with theory given in (12). Compressive stress seems 
to be as effective in reducing denting sensitivity as tensile 
is in increasing it. The discrepancy between this finding 
and that in (12) might be explained by the fact that we 
traced across the dent along the line of action of the com- 
pressive stress. It is conceivable that the trace shape along 
the axis of the superimposed stress changes, even though 
the total depth of the dent does not. As mentioned, Bareiss 
(14) has also found compressive stresses effective, using a 
different experimental technique. 

The tests under superimposed stress were conducted to 
determine whether residual stresses, never entirely absent 
from hard bearing parts, could explain differences in 
susceptibility to plastic ball indentation between various 
samples. 

It appears that residual stresses of the order of 100,000 
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Fic. 17. Influence of stress on indentation sensitivity. 


Ib/in.2 could serve for this explanation. Therefore, the 
nature of residual stresses in bearing parts will now be 
considered. 

Tarasoff and others (15) have shown that stresses of 
great magnitude (exceeding 100,000 Ib/in.?) exist at, and 
immediately beneath surfaces finished by conventional 
grinding techniques. Similar stresses can exist beneath 
hard surfaces finished by other methods, such as mechan- 
ical polishing or honing. 

Table 2 shows values of surface stress in the ball groove, 
determined by X-ray diffraction in a selection of the 
bearing inner rings used for indentation tests in this study. 


TABLE 2 


Subsurface Stresses Parallel to Surface, psi 














In circumferential 
Ring No. direction Across the groove 
1 —95,000 —115,000 
2 —110,000 — 200,000 
3 — 100,000 — 185,000 
4 — 100,000 — 180,000 
5 —70,000 * —60,000 
6 — 140,000 





It is seen that the stresses are high. However, due to the 
nature of the X-ray technique, the results relate only to 
stresses at depths shallower than 0.0004in. At greater 
depth, the state of stress is unknown. 

Tarasoff has shown the grinding stresses of the order of 
100,000 Ib/in.2 to be confined to shallow depths of one or 
two thousandths of an inch. Beneath that depth, only bulk 
residual stresses created during original material manufac- 
ture and heat treatment of the part should exist in significant 
magnitude. No precise information is available at this time 
regarding heat treatment stresses in bearing rings. However, 
it is believed that they can be substantial, though hardly of 
the same magnitude as subsurface stresses. 

The question whether subsurface or bulk residual stress 
causes significant differences in susceptibility to plastic 
indentation by balls must apparently be decided by 
experiment. 

A fairly clear-cut answer is available with respect to the 
subsurface stresses brought about by surface finishing. 
According to the theoretical considerations above, stresses 
should only influence susceptibility to ball indentation if 
they act on the volume subject to high shear stress during 
indentation. Figure 17(a) shows the computed depth 
beneath the surface, of the maximum octahedral shear 
stress as a function of applied load under the geometric 
conditions used in the inner ring test described. The 
location of the maximum octahedral shear stress is between 
0.004 in. and 0.0065 in. for the load range of 100-400 lb. 
The subsurface stresses remaining after finishing of the 
surfaces will be of small magnitude at this depth. There- 
fore, they are not expected to be influential. 

Some interesting, though not very exact, experiments 
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Fic. 17a. Depth of maximum octahedral shear stress as a func- 
tion of applied load. 


were conducted to corroborate the hypothesis that sub- 
surface residual stresses due to surface finishing are not 
effective in influencing susceptibility to plastic ball indenta- 
tion. Hardened steel (approximately 55 Rc) in thin strip 
form was used for this purpose. Strips of 0.010 in. and 
0.020 in. thickness were selected and subjected to indenta- 
tion by a ball of the same size as used on rings, while sup- 
ported in one of two ways: lying on a hardened steel flat 
and wrapped around a hardened steel arbor of the same 
hardness as the flat. 

After denting, the strips were traced under identical 
conditions to determine the velocity across the indentation. 
Obviously, the strip which had been wrapped around the 
arbor was in tension at its external surface when the ball 
indentor acted, whereas, the strip lying on the flat was free 
of externally imposed stress. Arbor diameter had been 
matched with strip thickness so as to create identical tensile 
stresses in the surface of the strips of different thickness. 

It was found that the strip of 0.010 in. thickness showed 
an increase of approximately 3° in sensitivity to indenta- 
tion when bent. The 0.020 in. strip showed 10% increase. 
For heavy-walled bearing rings, the increase for the same 
tensile stress in the surface had been found as high as 25% 
(see Fig. 17). 

For the denting load selected, the maximum octahedral 
shear stress occurs at a depth of approximately 0.004 in. 
This depth almost coincides with the neutral fiber in the 
thinner strip. In the thicker strip, the region of maximum 
shear stress is under a tensile stress about one-half of that 
at the surface. In the heavy-walled bearing ring, the region 
of maximum shear stress is practically under the same 
superimposed stress as the surface. The results, therefore, 
closely correlate with the linear relation between pre- 
stress and indentation sensitivity shown in Fig. 17. This 
seems to indicate that it is indeed the superimposed stress 


at the location of maximum octahedral shear stress during 
indentation that influences the sensitivity to denting. 

No conclusive information is available regarding the 
influence of residual stresses that might be caused by heat 
treatment, due to the difficulty of determining the distri- 
bution of deeply located residual stresses in objects of the 
shape of bearing rings. It is possible, however, to obtain 
some clues from observations of the order of magnitude of 
the dispersion in the results of indentation tests made on a 
multitude of rings taken from the same heat treatment lot. 

Residual stress in through-hardened steel would be ex- 
pected to vary widely from specimen to specimen and even 
along the circumference of the specimen. Indentation test 
results should therefore show wide scatter if these stresses 
were of significant magnitude. Average standard deviations 
for numerous samples are shown in Fig. 18 as percentages 
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Fic. 18. Variability of indentation velocities. Standard deviation 
as a fraction of mean value. 


of the mean velocity across the dent, for different loads. It 
is seen that the standard deviation of the readings averages 
less than 7.5% of the mean for all loads. Two sigma 
confidence limits would thus allow variations of approx- 
imately 15% of the individual velocities. Referring to Fig. 
17, this much variation in dent slope corresponds roughly 
to 50,000 Ib in superimposed stress, if this stress is the 
only factor causing variability of the results. The intrinsic 
accuracy of the experiments here related probably does not 
exceed 5%. There are a number of parameters other than 
residual stress that must affect dent slope, such as local 
hardness and whatever local differences in metallurgical 
structure exist within a test group. Taking into account 
these parameters, there is little room for the assumption of 
high residual stresses varying at random from location to 
location, or from specimen to specimen, within a given lot. 

The variation between the mean values of dent slopes in 
lots with different heat treatment is in excess of 200%. In 
order to explain the low dispersion of indentation sensiti- 
vity within lots and the great differences between lots, 
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residual stresses within a test lot would have to be all 
tensile or all compressive in the layer of maximum shear. 
They would have to vary systematically as a function of the 
heat treatment. It is difficult to see why every heat treat- 
ment yielding good resistance to indentation should cause 
compressive stresses and every less successful heat treat- 
ment should cause no stress or tensile stress. Figure 19 
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Fic. 19. Indentation sensitivity of two samples given partial 
isothermal heat treatment. 


illustrates this point. Line A shows the indentation sensi- 
tivity for various loads of a sample subjected to a particular 
partial isothermal heat treatment. Line B is for the same 
type of heat treatment, same quenching temperature but a 
different quenching time. Neither lot was given sufficient 
tempering to relieve stresses significantly. The indentation 
sensitivity of Lot A is almost twice that of Lot B. This 
difference would require tensile stresses exceeding 150,000 
lb/in.2 in Lot A and compressive stresses of the same 
magnitude in Lot B. This is quite unlikely. 


Other factors influencing indentation sensitivity 


Findings so far related strongly indicate that plastic 
yielding under ball indentation occurs at substantial depths 
below the surface. Any influence of surface roughness and 
geometrical surface character on indentation susceptibility 
therefore appears unlikely. Indeed no significant influence 
cf surface roughness was found in several test series, com- 
paring different surface finishes within the roughness range 
occurring in bearing parts. Figure 20 throws some light on 
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the causes. It shows the profilogram of a rather irregular 
surface on which a ball dent has been impressed. Clearly, 
the surface “ridges” shown were not flattened out or 
otherwise visibly modified by the heavy contact load. Of 
course, the profilogram has much higher magnification 
vertically than horizontally. As a consequence, the “‘ridges”’ 
are much shallower, relative to their width, than they ap- 
pear. It might be speculated that they flatten out elastically 
under the indentor and then rebound when the load is 
removed. Visual observation of the indented surface also 
shows that grinding marks continue to be clearly visible 
across the dent. 

Having found evidence for the contention that under the 
conditions considered, the immediate neighborhood of the 
surface does not significantly participate in formation of the 
plastic indentation, it is now justified to assume that 
curvature conditions at the contact will influence the 
sensitivity to indentation only to the degree that they 
influence the elastic stress pattern calculated from the 
classic Hertzian equations. Curvature tolerances in bearing 
ring grooves do not exceed 1%. In order to keep the maxi- 
mum octahedral shear stress constant under a curvature 
change of this order, the load must be varied by 2% 
according to the Hertzian formulas. Figure 11 shows that 
2% load variation causes about 2% variation in indentation 
velocity. Therefore, the apparent variation in indentation 
resistance of ring samples, brought about by curvature 
variations within tolerance, is quite negligible. 
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Oscillating Tangential Forces on Cylindrical Specimens in Contact at 
Displacements within the Region of No Gross Slip 


By R. V. KLINT! 


The effects of oscillating tangential forces on cylindrical specimens at relative displacements 
within the no-gross-slip region have been studied experimentally. It is shown that within the 
no-gross-slip region there is a well-defined region at the onset of tangential displacement within 
which a primarily elastic deformation ts indicated. Energy dissipation studies indicate that in 
this region the behavior is essentially visco-elastic, confirming the results of published work. 
This “‘limit of elastic behavior’ has been found and measured for a number of metallic and 
non-metallic materials including diamond and plastics. At amplitudes below this limit no 
discernable wear is observed, even after millions of cycles of rubbing. However, at larger ampli- 
tudes, wear is rapid and characteristic of fretting corrosion, especially above the gross slip 
amplitude. Values of elastic tangential compliance at the limit of elastic behavior are deter- 
mined which are in agreement with published theoretical work. 


Introduction 


THE writer has previously discussed (7) some of the desir- 
able effects of lubrication of the contact surfaces in the 
vibration damping of cantilever beams. Rubbing friction 
damping arises from very small oscillating movements 
that take place at the contact surfaces of the mechanical 
joints. It was seen that significant increases in damping 
may be obtained by reducing the coefficient of friction of the 
contact surfaces. In order to gain more basic information 
regarding the mechanism of energy dissipation at contact 
surfaces this present study was undertaken. 

Considerable work has been done that helps to describe 
the mechanism of friction at small amplitudes. Mindlin and 
his co-workers (10, 11) have studied the effects of an 
oscillating tangential force on the contact surfaces of elastic 
spheres. They have considered two elastic spheres pressed 
together with a force normal to their common initial 
tangent plane, coming together into contact on a circular 
area whose radius is given by the Hertz theory (8). This 
theory also predicts a purely normal traction on the contact 
surface. Mindlin (10) extended this and considered the 
addition of a system of forces resulting in a monotonically 
increasing force tangent to the contact surface with the 
normal force unchanged. He shows that the assumption of 
no slip on the contact surface is untenable as it results in a 
distribution of tangential traction which rises to infinity at 
the edge of the contact area. Hence, slip may be expected 
to begin at the edge and progress inward with increasing 
tangential force. Furthermore, since the tangential traction 
in the absence of slip is radially symmetric, it is reasonable 
to suppose that slip occurs on an annulus. 





Contributed by the ASLE Technical Committee on Lubrica- 
tion Fundamentals and presented at the Annual Meeting of the 
American Society of Lubrication Engineers held in Cincinnati, 
Ohio, April, 1960. 
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York. 
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He gives for the tangential compliance in the case of 
elliptic contact surfaces with a < b 


2Giby = 2— [ 2K" ma 6=CloON 
Mid es v4 Pome 
where G; = modulus of rigidity = E/2(1+ ). 
w = [1—(a?/b")}* 





(1) 


K' = complete elliptic integral of the first kind of 
argument (7/2,w) . 
N = 4n{{(2/2o)—wo]K’ — (2/to)K”} 
K” = complete elliptic integral of the second kind of 
argument (7/2, w) 
a = Poisson’s ratio 
a, b = principal semi-axes of elliptic contact surface 
’ = force in direction of axis a 
5, = relative displacement in direction a. 
This function is plotted by Mindlin as 2G)5;/P, 
against a?/b? with py; as the parameter. 
For the case of circular contact area, Mindlin (10) gives 
for the energy dissipation due to slip in the annulus 





9(2—) 
E = ——/?P/?x 
5Ga mn 
P,\5/3 5 P. Pz\! 
x{1-(1- =) “ == |1+(1- =) \} (2] 
fP.)  6fPz fP,) }) 
where f = coefficient of friction 
P, = normal force. 
The corresponding rigid body displacement is 
3(2- Pz\! 
PM. “yp.[1-(1-—) | [3] 
8Ga SP: 


At gross slip P,/f P, = 1. Then, dimensionless ratios 
can be written as follows: 
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cist oft —(1- 2) = f+ (1- at | [5] 
Res. fPz) 6fPz fP.) 3) 

These equations were used to determine the theoretical 
energy dissipation for circular contact area, using P;/f P; 
as a parameter. 

Using polished crown glass lenses and calculating the 
energy dissipation per cycle, Mindlin, Mason, Osmer, and 
Deresiewicz (11) show fairly good agreement with the 
theory near the amplitude of gross slip, which is in the 
order of 100 microinches double displacement for their 
experiments. However, at smaller displacements the agree- 
ment is not so satisfactory. Duffy and Mindlin (5) in 
discussing this and further work point out that at very small 
amplitudes the damping loss followed approximately a 
square law and only approached the law predicted by the 
theory at large amplitudes. 

In England, Johnson (6) has studied a similar system 
using unlubricated hard steel balls on hard steel flats under 
a range of normal loads with balls of varying diameters. 
Measurements of micro-displacement were made under 
the action of both steady and oscillating tangential forces. 
While Johnson’s results provide considerable support for 
Mindlin’s theoretical elastic analysis, his experimental 
results for the energy dissipation indicate that, at low force 
amplitudes, the energy loss is proportional to the square of 
the amplitude, although, at large amplitudes (near gross 
sliding) the predictions of the theory are approached. 
Deresiewicz (4) points out that the explanation of the dif- 
ference between theoretical and experimental values of the 
energy dissipation may be in the fact that real contact 
between two bodies occurs only over the surface asperities. 
It is suggested by Johnson (6) that, for the small tangential 
forces the tangential displacement necessary to relieve the 
singularity in traction takes the form of an elastic deforma- 





tion of the asperities; the damage to the surface is small 
and the energy loss is largely due to an elastic hysteresis. 
An increase in applied tangential force causes the/asperities 
at the edge of the contact surface to deform plastically 
through relatively large strains, a process which leads to 
marked increase in energy dissipation and to severe damage 
to the surfaces. It is possible that in an intimate metal-to- 
metal contact the surfaces form cold-welded junctures 
which when subjected to oscillating stress, work-harden 
and ultimately develop fatigue failure. Finally, Johnson 
concludes, near values of the tangential force sufficiently 
large to cause sliding, the agreement between the measured 
energy loss and that computed on the assumption of slip 
between the two surfaces may be due to the possibility 
that the magnitude of the plastic strains undergone by the 
surface asperities is controlled by the stress distribution in 
the elastic region of the spheres. Deresiewicz (4) offers an 
alternative, and perhaps simpler, explanation by supposing 
that at small amplitudes of the tangential force, energy is 
dissipated as a result of plastic deformation of a small 
portion of the contact surface, whereas, at large amplitudes, 
the Coulomb-sliding effect predominates. 


Experimental procedures 


The form of the specimens under study is shown in 
Fig. 1. The purpose of the apparatus used is to cause the 
two adjacent cylindrical surfaces to contact each other, and 
to move relative to one another. The cylinder on the right, 
with its axis vertical is moved along its axis the required 
amount in a reciprocating fashion. It is supported at its 
bottom by the threaded section. 

For plastic specimens, the vertical cylinder was made 
completely of the material while the horizontal cylinder 
was made by inserting, with an interference fit, the plastic 
into a groove as shown in Fig. 2. The diamond samples 
were made by brazing diamond into grooves in steel 
specimens and then grinding them to the proper radius. 

The cylinder with the horizontal axis is integral with the 
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Fic. 2. Plastic specimens. 


left cylinder in Fig. 1. The test surface is } in. radius, 
with only gg in. projecting from the mass to maintain 
rigidity of the structure. The larger cylinder, of which the 
test cylinder is a part, is ground to fit into a hydraulic 
cylinder as a piston. Thus, the piston with the horizontal 
test cylinder is forced against the vertical test cylinder by 
the pressure of oil in back of it. 

The test specimens are shown mounted in Fig. 3. The 
vertical cylinder is screwed into the upper metal end of a 
specially made barium titanate force gage. The lower end 
of the force gage is screwed into a spacing block, used to 
get the correct height of the test specimen. The spacing 
block is, in turn, screwed into a 12in. x 12 in. x 2 in. 
steel plate. This plate was screwed to the table of a vibra- 





tion shake table. The large steel plate was used to give the 
whole structure rigidity and to add mass to the shake table, 
assuring smooth sinusoidal movement of the table and the 
vertical test specimen. The shake table and the vertical 
test specimen attached to it moved vertically. 

Four steel bars, 1} in. diameter by 7 in. long, were 
screwed to the steel plate. To the tops of these columns 
were screwed flat steel springs. Hung from these springs 
was a steel block machined to hold a hydraulic cylinder 
into which the horizontal test specimen was fitted. Also 
attached to this block was a probe type velocity pickup, 
with the probe impinging on the vertical cylinder; this 
thus gave a direct measure of the relative movement 
between the two test specimens. To check the relative 


UPPER STEEL BLOCK 


Fic. 3. Specimens assembled in apparatus. 
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movement of the test specimens, seismic velocity pickups 
were attached to both the upper steel block and the lower 
steel plate; these gave the absolute velocity of the masses 
to which they were attached. 

The overall view of the apparatus is shown in Fig. 4. 
The shake table supporting the test specimens is in the 
foreground. Behind it is the power supply for the shake 


the horizontal-axis cylinder was part of the upper-block 
assembly, the probe pickup thus indicated the relative 
movement of the cylinders. 

The signal from the vibration pickup was put into a 
vibration meter. In addition, through a specially made 
switching box, the outputs of seismic type vibration pick- 
ups were put to the vibration meter. Thus the signal from 





Fic. 4. Overall view of apparatus. 


table. Amplifiers and recording equipment are on the right. 

The force applied to the test specimen with the vertical 
axis was measured by means of a specially made barium 
titanate transducer. The sensitive element is a hollow 
cylinder } in. long by } in. diameter, 7g in. thick, silvered on 
the inside and outside surfaces and polarized to detect axial 
force. The cylinder is cemented to the metal end pieces. 

The force gage was calibrated dynamically by mounting 
it alone on the vibration shake table with masses screwed 
into the upper end. Varying vibration amplitude and fre- 
quency consistently gave a calibration of 0.50 V/Ib force. 
The force gage was found to be linear down to 3 x 10-4 Ib, 
the lowest value checked. The frequency range covered 
was from 10 to 1000 c/s. 

The output of the force gage was fed into a decade 
isolation amplifier with 400 megohm input impedance. 
This input impedance assured faithful reproduction of our 
signal at the vibration frequency of 100 c/s. The output 
of the amplifier was put into a cathode ray oscilloscope, 
paralleled with electronic voltmeter, reading r.m.s. voltage. 

During the calibration of the force gage, it was noted that 
the inertia force of the vertical test piece and the upper end 
of the force gage was negligible at the frequency and 
vibration amplitudes used. Hence, the force gage measured 
only the frictional force of the two contacting test cylinders. 

The relative movement of the test pieces was measured 
by attaching a probe type vibration pickup to the upper 
steel block of the assembly. The probe was made to im- 
pinge on the top surface of the vertical-axis cylinder. Since 


any of the three vibration pickups could be noted. In this 
manner, it could be seen that the probe pickup was actually 
measuring the relative movement of the upper and lower 
blocks. The seismic pickups were used only to check the 
probe pickup; in measuring friction, the probe pickup 
was used alone. 

These vibration pickups are of the electromagnetic type 
and hence the output voltage is proportional to the velocity 
sensed. The vibration meter, which is designed for these 
pickups, includes circuits so that displacement and accel- 
eration may be read as well as velocity on the dial of the 
instrument. In addition, an output jack permits the signal 
to be viewed on a cathode ray oscilloscope. At the lower 
vibration amplitudes used in this work, there was insuffi- 
cient signal for displacement to be directly observed in 
this manner. Hence, an additional amplifier was required 
in order to measure displacement directly. 

The probe pickup was also used to check that there was 
negligible movement of the horizontal-axis cylinder in its 
retaining cylinder when under hydraulic pressure. The 
probe pickup was remounted on the upper block so that 
the probe impinged on the horizontal flat section of the 
horizontal-axis cylinder test piece. Several rubbing-contact 
experiments were then repeated. There was no discernible 
output of the probe pickup, indicating that the horizontal- 
axis cylinder was indeed stationary with respect to the 
upper steel block. 

It can be seen that extreme care is required to obtain 
true data at very small displacements. One of the serious 
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problems encountered was to insure that no system 
resonance was affecting the results. It was found that 
using an excitation frequency of 100 c/s avoided any of 
the system resonances or electrical excitation. Some higher 
frequencies could have been used also, but a low frequency 
was chosen to minimize inertia forces on the test pieces. 

However, high inertia was required of the lower steel 
slab attached to the table to provide sinusoidal movement. 
This permitted the force and velocity measuring equip- 
ment to detect accurately these time-varying quantities. If 
the table movement had been abrupt, as might occur under 
Coulombic friction conditions, the instruments could not 
have properly recorded.the changes. Hence, the lower steel 
slab was made to weigh about 50 lb, while the upper steel 
block weighed about 40 Ib. 

The resonant frequency of the upper steel block with 
respect to the lower slab was 12 c/s. Since table excitation 
was 100 c/s, the upper block was then essentially stationary 
in space. 

The r.m.s. values of force and velocity were obtained 
from the electronic voltmeter and the vibration meter 
respectively. However, these values are of significance 
only for sinusoidal time-variation, or for cases where the 
wave shape of the time-variation is known. 

Accordingly, these variables were observed on a cathode 
ray oscilloscope and were recorded by photographing the 
screen. 

Surface finishes on the test specimens were prepared by 
usual machining and grinding procedures and compared 
with surface roughness standard specimens. 

Just before use the metal and diamond specimens were 
cleaned with acetone and scrubbed dry with paper towels. 
The plastic specimens were cleaned with detergent, then 
rinsed with clean water, and dried with paper towels. 

The specimens were then mounted in the apparatus, and 
the normal load applied by a static head of oil giving, for 
the piston used, a normal force of 0.612 Ib. 

After allowing several minutes for the piston to reach its 
equilibrium position, the table vibration was commenced 
at very small amplitudes of motion. While observing the 
shape of the force—velocity Lissajous figure on the cathode 
ray oscilloscope, readings of r.m.s. force and velocity were 
taken as the amplitude was increased in steps. At least one 
photograph of the force—velocity Lissajous was taken while 
the circular behavior was in evidence. 

As the amplitude increased, multiple exposures of the 
force—velocity Lissajous were taken until a departure from 
the circular behavior was noted. While the notation of this 
point of departure is rather subjective, it could be repro- 
duced within a few microinches for most of the specimens 
studied due to the rather abrupt change in the appearance 
of the Lissajous figure (see Fig. 5). 

The vibration amplitude was then increased in steps to 
the limit of the amplifier, taking multiple exposures of 
the force—velocity Lissajous figure. Then the vibration 
amplitude was reduced to zero, the film in the camera 
advanced, the circuitry on the oscilloscope changed so that 
the force-time relationship could be observed. The vibra- 
tion was then increased again taking multiple exposures of 
the force-time trace (see Fig. 6). 


For some of the specimens the velocity-time trace was 
observed and photographed. However, these were sinu- 
soidal for all amplitudes observed, indicating that the large 
masses were maintaining sinusoidal movement. 
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Fic. 6. Force—time traces, diamond on graphite. 


Tangential compliance 


The theoretical tangential compliance for no slip was 
computed from Mindlin (10) using the elliptical contact 
area determined from Timoshenko and Goodier (13). 
These results are summarized in Table 1. Using the largest 
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circle obtained from the force—velocity Lissajous figures, 
the tangential compliance was computed for the materials 
tested. These results are included in Table 2. 

It is seen from these data that the experimental values 
of the tangential compliance are somewhat greater than 
those obtained theoretically. That these data are consistent 
was shown by measuring the tangential compliance at 
various displacements smaller than the limit of elastic 
behavior. These results for duralumin are plotted on Fig. 7, 
and extrapolated to zero rigid body displacement. Physic- 
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ally, there is no slip at zero displacement; yet it is reasonable 
to consider tangential compliance for zero displacement as 
a limiting case. Hence, the value of tangential compliance 
obtained from Mindlin’s analysis (10) for zero slip is 
plotted on Fig. 7 at zero displacement. The agreement of 
the theoretical value at zero slip with the extrapolated 
value of the experimental data is quite good and serves 
both as an experimental verification of Mindlin’s theory 
for zero slip with elliptical contact area and as a check on 
the dependability of this experimental technique. 


TABLE 1 


Theoretical Elastic Tangential Compliance 





























| | | | (82/Pz)To 
Ex 10? pb G x 107 kx 10-9 ax 10-3 | bx10-3 | Ax 10-6 | qox10-§| Spx 108 x 10-5 
Elliptic contact area 
Diamond 13.5 0.25 | 5.40 Zae { > -OS29 1.720 | 2.856 | 321.0 | 900.0 0.701 
CRS 2.95 0.3 | 1.14 9.82 | 0.87 2.83 7.72 190 | 7D 1.94 
SS (18-8) 2.76 0.31 1.06 10.45 0.887 2.88 7.58 121.0 35.0 2.05 
Brass (70-30) 1.59 0.33 0.597 17.84 | 1.060 | 3.447 | 11.47 80.0 | 30.0 3.04 
Duralumin 1.1 0.33 0.414 25.78 1.199 | 3.892 | 14.66 62.6 | 40.0 3.73 
Graphite 0.12 0.3 0.0461 484.0 ; > he 8.21 64.9 14.2 | 9.0 16.5 
PTFE 0.007 0.3 0.0027 4140.0 | 651 | 21.15 | ee BR. 2.5 110.0 
Circular contact area 
CRS (229 15.2 | 60.4 | 1.69 
Duralumin | 3.05 | jee. ns ee > See 3.31 
| | 
E = Young’s modulus, psi » = Poisson’s ratio G = modulus of rigidity, psi 
k = (1—p2)/7E, in?/Ib a, b = semi-axes of ellipse of contact, in. A = area of contact, in? 
qo = maximum elastic contact pressure, psi Sp = proportional limit, psi (8z/Pz)To = Theoretical tangential compli- 


TABLE 2 
Limit of Elastic Behavior 


ance at zero slip, in./Ib 














Friction coefficient | Average | Limit of elastic | Tangential com- 
Materials roughness, | behavior pliance exp.? 
Experiment Literature p-in. p-in. vector* in./Ib 
Elliptic contact area 
Diamond Diamond 0.066 0.12 2 0.47 1.33 x 10-5 
Diamond CRS 0.039 0.50 1.99 
Diamond ss 0.03 0.51 2.92 
Diamond Duralumin 0.04 0.70 3.23 
Diamond Brass 0.034 0.72 3.43 
Diamond Graphite 0.36 0.52 16.0 8.34 
SS(A) SS(A) 0.91 1.02 8 22.0 3.03 
SS(B) SS(B) 0.77 1.02 32 19.0 3.80 
CRS CRS 0.44 0.41! 8 4.0 3.90 
Brass Brass 0.42 0.631 16 8.0 4.55 
Duralumin Duralumin 0.28 16 14.0 5.81 
Mica-glass Mica-glass 0.47 11.0 6.35 
Graphite Graphite 0.33 0.12 48.0 16.6 
Phenolic Phenolic 0.2 35.0 39.5 
PTFE PTFE 0.19 0.12 63.0 122.0 
Circular contact area 

CRS CRS 0.63 7.0 1.93 
Duralumin Duralumin 0.32 11.0 4.59 























1 Marks; Mechanical Engineers Handbook, 4th Ed., p. 234; 5th Ed., p. 218. 

2 BowneEN, F. P. and Tasor; Friction and Lubrication, (Clarendon Press, Oxford), 1950, p. 145. 
3 At limit of elastic behavior. 
4 Half amplitude. 
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A similar relation for polytetrafluoroethylene (PTFE) is 
plotted in Fig. 8. Again, at zero rigid body displacement, 
the agreement between the (extrapolated) experimental 
tangential compliance and the theoretical value is quite 
good. Calculated results for circular contact areas are 
included in Table 1 for steel and duralumin, with the 
corresponding experimental observations included in 
Table 2. The results are comparable to those obtained for 
the elliptic contact area. 
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Fic. 7. Tangential compliance, duralumin, elliptic contact area. 


It can be seen, then, that the value of the tangential 
compliance in the elastic regime varies from the value 
computed from theory at zero rigid body displacement to 
a higher value obtained by experiment at the limit of elastic 
behavior. The increase in tangential compliance with 
increasing amplitude is apparently due to the slip in the 
elliptical annulus indicated by Mindlin: as the displace- 
ment increases, the ellipse of contact gets smaller, and so 
the tangential compliance also gets larger. 
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Fic. 8 Tangential compliance, PTFE, elliptic contact area. 


Another point of note in Table 1 is that the peak pressure 
go from Hertz (8) theory is greater than the proportional 
limit, for the metals. To show that this was not the signifi- 
cant cause of deviation between the theoretical and experi- 
mental tangential compliance, fresh duralumin specimens 


were pressed together with only 9.6 cm of oil pressure, 
causing a peak pressure go of 35,000 psi. The theoretical 
elustic tangential compliance at zero slip was then computed 
to be 7.2 x 10-5in./Ib, while the experimental value, at 
the limit of elastic behavior, was 10.9 x 10-5 in./Ib. 


Limit of elastic behavior 


As indicated previously, that amplitude of movement at 
which the force—velocity Lissajous figure began to deviate 
from a circle was noted as the “limit of elastic behavior” 
for the specimens. Figure 5 shows the progression of 
figures through this value. These values are included in 
Table 2. 

Of course, as indicated in the previous section, slip 
occurs in an annular ellipse with any tangential force; this 
slip, being irreversible, causes some deviation from truly 
elastic behavior. Furthermore, as Johnson (6) points out, 
it does not seem unreasonable to expect the relatively small 
“slip” required at lower amplitudes to be accommodated 
by a distortion of the asperities which is predominantly 
elastic but accompanied by elastic hysteresis. Hence, some 
energy dissipation is always present, so that the force— 
velocity Lissajous figures are not true circles. 


Coefficient of friction 


For the materials which at the larger amplitudes exhibited 
a Coulombic friction behavior, the coefficient of friction 
was calculated from the friction force represented by the 
flat portion of the force-time relation, e.g. Fig. 6. For a 
square wave, this is the same force for both vector and r.m.s. 
computations. For the waves which were not quite Coulom- 
bic or sinusoidal, r.m.s. values were used for the friction 
force. These values are included in Table 2, together with 
some values of low-speed friction coefficients obtained 
from the literature. These latter values are quite variable, 
depending on the experimental conditions so that only a 
few representative values are included. 


Wear 


No wear was observed in any of the specimens when 
they were rubbed at amplitudes less than the recorded limit 
of elastic behavior. The stainless-steel specimens were 
rubbed together for two million cycles at about 10 micro- 
inches vector displacement; the contact surfaces had the 
same indented appearance as they had when only pressed 
together at the same normal load with no tangential force 
at all. 

However, when the relative amplitude exceeded the limit 
of elastic behavior, surface damage and the accumulation 
of debris was very rapid. For example, in just the few 
seconds at large vibration amplitude necessary to ascertain 
from the oscilloscope trace that the force—velocity relation 
was no longer circular the surface had a wear scar visible 
to the unaided eye, observed by drawing the surfaces apart. 
This wear was seen only in the case of the metals. 


Energy dissipation 

Measurements of energy dissipation were made for 
freshly prepared duralumin specimens by photographing 
force-displacement loops on the oscilloscope; the areas of 
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these loops were proportional to the energy dissipated. 
This energy dissipation is plotted as a function of relative 
displacement in Fig. 9. The estimate of the limit of elastic 
behavior obtained from observation of the force—velocity 
Lissajous figures is noted on this figure; it is seen to agree 
with the abrupt change in the nature of the energy dissipa- 
tion curve. Also noted is the amplitude at gross slip. It 
was difficult to define experimentally this point of the 
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Fic. 9. Energy dissipation, duralumin, elliptic contact area. 
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Fic. 10. Energy dissipation, duralumin, elliptic contact area. 


beginning of gross slip as accurately as the limit of elastic 
behavior. Gross slip is here taken to be that amplitude at 
which the force-displacement curve ceases to be only a 
rectangular figure, but begins to add appendages which 
would tend to form, at larger amplitudes, the characteristic 
Coulombic figures. The combination of elastic and Cou- 
lombic figures in the gross slip regime is discussed further 
by Ziemba (16). 

These same data for the duralumin specimens are shown 
in Fig. 10 as dimensionless ratios on a log-log plot. Again, 
the abrupt change in the curve is noted at the limit of 
elastic behavior. Further, the data at amplitudes below the 
limit of elastic behavior lay on a straight line with a slope 
of 1.9. This is quite close to the value of 2 that would be 
expected for a viscous energy dissipation. 
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Fic. 11. Energy dissipation, duralumin and steel, circular contact 
area. 


To obtain a comparison with theory, specimens of duralu- 
min and cold rolled steel were prepared, with the horizontal 
cylinder of the same radius as the vertical cylinder. This 
gave a circular area of contact so that the equations of 
energy dissipation from Mindlin’s analysis could be com- 
pared to experiment. Using dimensionless ratios of dis- 
placement and energy the results for these two materials 
are shown in Fig. 11, together with the theoretical values. 
Again, both materials show abrupt changes of the energy 
curves at the limit of elastic behavior; below these values 
the agreement with the theory is not very satisfactory. 
Above these values the slopes of the curves are about the 
same as those from the Mindlin theory (10). 


Discussion 

At the smaller amplitudes, for each specimen, the force— 
velocity Lissajous figure was essentially circular. Obviously, 
from the photographs of these figures, the behavior was not 
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purely elastic since the figures are not exact circles. This, 
as confirmed by the energy dissipation measurements 
indicates that some small amount of energy is being dis- 
sipated in the specimens.. This energy dissipation is prob- 
ably due to internal hysteresis of the material as well as 
surface effects at the outer edge of the ellipse of contact. 
Apparently, however, the surface effects at these amplitudes 
are of small consequence for they should increase with 
increasing amplitude of movement, according to Mindlin’s 
theory. Yet it can be seen that the circular behavior 
persists for a considerable range for most materials, indi- 
cating a consistently small value of energy dissipation up 
to the observed limit of elasticity. Mindlin’s theory (10) 
does not show any such abrupt changes in the character of 
the tangential force within the region of no gross slip. 
Evidently, the nature of the interactions at the contact 
surface is more complex than the theory of Mindlin 
indicates. 

It would seem that the nature of the surface itself affects 
the behavior at these small amplitudes. Certainly, the 
shape and size of the surface asperities may cause restric- 
tions of the movement in the elliptical annulus where 
Mindlin assumes slip occurs; it is significant to note that 
the limit of elastic behavior occurs at displacements that 
are in the order of the size of the surface asperities. Then 
too, surface films and the tendency for adhesions to occur 
may alter the slip occurring in the elliptical annulus. These 
various effects are indeed changed when gross sliding 
occurs, since the surfaces are then damaged. The limits of 
elastic behavior were noted for the initial increase of 
vibration amplitude; if significant surface damage had 
occurred, these limits were changed a small but noticeable 
amount. 

Undoubtedly, both surface and bulk effects do affect 
the limit of elastic behavior. If it were purely bulk effects, 
then a dependency on the elastic constants of the materials 
could be found. From Tables 1 and 2, it can be seen that 
the limit of elastic behavior varies somewhat inversely with 
the moduli of elasticity; bulk effects are surely present, but 
the relation is evidently more complex. Physically, the 
surface condition must also participate. This can be seen 
from the variation of the tangential compliance with dis- 
placement in the elastic regime for duralumin and PTFE 
as shown in Figs. 7 and 8; the duralumin tangential compli- 
ance increases virtually linearly as the displacement is 
increased, indicating that the semi-axes of the elliptical 
contact area are decreasing linearly with the vibration dis- 
placement. The PTFE, however, displays a non-linear 
increase of tangential compliance with increasing vibration 
amplitude; it may be that the surface properties are affecting 
the behavior here. 

When the vibration is increased beyond the limit of 
elasticity the force variation for the harder materials shows 
a consistent tendency to appear Coulombic, that is, inde- 
pendent of the velocity. Some deviations from an ideal 
behavior are noted for all, as is reasonable to suppose, since 
some velocity dependence of friction is common. Further, 
a “slip-stick” frictional behavior, due to the static friction 
coefficient being higher than the kinetic friction coefficient, 
causes the friction to decrease somewhat with time during 


a given half-cycle of movement. For the softer materials 
(brass, duralumin, PTFE) a well developed Coulombic 
friction force-time figure was not obtained. Presumably, 
bulk properties predominate over the surface properties. 

The comparison between the experimental coefficients 
of friction and those obtained from the literature, in Table 
2, shows fairly good agreement considering the very wide 
spread in friction coefficients that may be obtained depend- 
ing on the experimenter’s setup, conditions of the surface, 
and variations in impurities of the solids used. Obviously, 
to get a better correlation of the friction coefficients, we 
should take the same material used here and measure 
friction coefficient on some apparatus such as that of 
Bowden and Tabor (1) under as nearly the same conditions 
as possible. 

It was noted in all the Coulombic friction force-time 
curves that some elastic movement is seen during the 
reversal of the direction of motion. This is reasonable at 
these small amplitudes, since the center ellipse of contact 
remaining permits bulk straining of the material, which 
has to be reversed when the direction of movement is 
reversed. 

The wear scars, observed at gross sliding are examples 
of fretting corrosion. Burwell (2), Campbell (3), Uhlig (15), 
and Sakmann and Rightmire (12) discuss this mechanism. 
The latter qualitatively indicate that at some small ampli- 
tudes the displacement can be “purely elastic” and “in 
the absence of slip there is no fretting”. Tomlinson (14), 
and Mason and White (9) also indicate that no wear or 
fretting corrosion takes place between surfaces subject to 
vibration unless the amplitude is sufficient to produce slip 
between the surfaces. Evidently, this amplitude corresponds 
to the limit of elastic behavior noted here. 
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The Influence of Longitudinal and Transverse Profile on the Load Capacity 
of Pivoted Pad Bearings 


By A. A. RAIMONDI! 


An extension of previous work on the effects of surface profile on the load capacity of pivoted 

pad thrust bearings. Numerical solutions are presented for a square pad having profiles con- 

sisting of (a) longitudinal curvature, (b) transverse curvature, and (c) a combination of (a) 

and (b). Improved load capacity over the flat pad with optimum pivot location is found for 
some operating conditions including the case of the centrally pivoted pad. 


Nomenclature 


Tue following nomenclature is used in this report; some of 
the terms are illustrated in Fig. 4. 
x’, y’, 2’ = coordinate axes taken with reference to station- 
ary pad surface 
x,y, 2 = coordinate axes taken with reference to moving 
surface 
B = length of pad in direction of motion 


L = length of pad perpendicular to direction of motion 
n = number of mesh intervals in x direction 
m = number of mesh intervals in z direction 
€ = dimensionless coordinate = nx/B 
¢ = dimensionless coordinate = mz/L 
h = h(x, z) = film thickness 
hy = inlet film thickness = (0, 0) 
he = outlet film thickness = A(B, 0) 
a = hi/h2 = film ratio 
¢@ = angle of tilt of pad 
ho = minimum film thickness 
x9 = position of minimum film thickness 
x = pivot position 
p = pressure in lubricant film at (x, z 
p, = ambient pressure 
8 = crown at center of pad, i.e. at x = B/2,z = 0 


(Note: 5 is (+) if crown is convex, (—) if crown 
is concave) 

R = radius of curvature 

U = velocity of moving surface 

W = load 

2 = viscosity 


Introduction 


SuRFACE profile, as used in this paper dealing with 
pivoted pad bearings, may be defined as the difference in 
configuration between the surface of the pad and the 
surface of the runner against which it operates. In a more 
restricted sense, it may be regarded as departure from 
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flatness. A previous paper by Raimondi and Boyd (1) 
pointed out that the profile of a pad is affected in practice 
by load, temperature and manufacturing operations and 
emphasized that a convex profile was the important factor 
which enabled one to account for the observed load capacity 
of centrally pivoted pads. It was also stressed that the use 
of low viscosity lubricants would require that careful 
consideration be given to the contour of the pad in order 
that optimum performance be attained. With the present 
trends to higher loads and operating speeds and with the 
increasing number of applications requiring the use of low 
viscosity lubricants such as water, air and other gases, 
surface profile assumes even greater importance. 

Previous work (1) treated the case of an infinitely long 
pad (L/B = o) with a convex profile in the longitudinal 
direction, that is, in the direction of motion. The present 
paper is an extension of this work and treats the case of 
finite length pad (L/B = 1) with longitudinal convexity, 
transverse convexity (and concavity), and a combination of 
longitudinal and transverse convexity (and concavity). All 
the profiles studied possess the advantage of being amenable 
to manufacture by the use of proper lapping techniques and 
were selected partly with this in mind. They may also be 
considered to represent a few limiting cases of the infinite 
number of configurations which may be assumed in prac- 
tice because of load and temperature effects. Therefore, 
the results will aid the designer in assessing both qualita- 
tively and quantitatively the “departures from flatness”’ 
which are beneficial or detrimental to performance. 

While the effect of surface profile on such performance 
characteristics as friction, flow, temperature rise, etc., 
would be of interest, space limitations require that the 
following discussion be limited to the most important 
characteristics, namely, load capacity and pivot position. 


Surface profile 

The various surface profiles that are analysed are illus- 
trated in Figs. la, 1b, 2a, 2b, 3a, and 3b. Figures la and 
1b show the “‘cylindrical” pad where crowning is restricted 
to the longitudinal direction. The crown 6 may be either 
convex (+8) or concave (—5). A section along the center 
line of the convex pad and pertinent nomenclature is shown 
in Fig. 4. The surface of the pad is assumed to be a portion 
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Fic. 3a. Spherical pad, convex crown. 





Fic. 1b. Cylindrical pad, concave crown. 


Fic. 2b. Transverse pad, concave crown. 





Fic. 3b. Spherical pad, concave crown. 
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of a parabolic cylinder rather than a true cylinder in order 
to simplify the equation for the film thickness A which is 
derived in the appendix. Since the only pad profiles of 
practical importance are those which do not deviate greatly 
from a flat surface, the radius of curvature R of the pad 
will necessarily be very large in comparison with the pad 
dimension, B. Therefore, although the pad has a parabolic 
profile, the variation of the radius of curvature along the 
pad length will be negligible. Thus, assuming the radius of 
curvature to be constant and equal to the value at the 
vertex, R is related to B and the crown 5 by the following 
equation 


B2 
R=— (1) 





il 
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zs 
so 
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— 
ow 


(x,y) 

















+ 
Fic. 4. Nomenclature for crowned pad. 


The “transverse” pad is illustrated in Figs. 2a and 2b- 
It can be seen that crowning is restricted to the transverse 
direction and can be either convex or concave. The trans- 
verse profile is assumed to vary in a parabolic manner. 
Hence, the radius of curvature for the transverse crown is 
also given by Eq. [1]. Ying, Charnes and Saibel (2) have 
studied a similar pad where the profile is considered to 
vary exponentially rather than parabolically. 

The “spherical” pad is shown in Figs. 3a and 3b. Plane 
traces of the surface of the pad (see Fig. 3a) were again 
taken to be parabolas rather than circles in order to simplify 
the equation for the film shape. Thus the surfaces of the 
pads illustrated in Figs. 3a and 3b are not truly spherical. 
However, although the pads have parabolic profiles in the 
B and L directions, the variation of the radius of curvature 
along these directions will be negligible as was the case for 


the “cylindrical” and “transverse” pads and R can be 
considered constant. In order to compare relatively the 
load capacity with the “cylindrical” and “transverse” 
pads, the total crown at the center of the “spherical’’ pad 
is taken to be 5. The longitudinal and transverse compo- 
nents of the spherical crown 6 are therefore both equal to 
5/2 as shown in Figs. 3a and 3b. This requires the radius 
of curvature of the “spherical” pad to be related to the 
total crown 6 by 


B2 
R= 
8(8/2) 


The pertinent equations which describe the film thickness 
h for each of the surface profiles studied have been derived 
in the appendix. 





[1a] 


Analysis 
An abridged analysis is given here; details can be found 
in the appendix. The treatment is based upon the usual 
Reynolds equation for the hydrodynamic pressure in a 
lubricant film 
é /h8 a é ha oh 
—(—~)+ ma " = 6U. [2] 
Ox\ pp Ox} §=Oz 


ox 

where x, z are coordinate axes (Fig. 2a) and h and p 
are the film thickness and pressure respectively at any 
point (x, z). The main assumptions involved are that the 
viscosity 4 be considered constant and that the lubricant 
be an incompressible fluid. These assumptions are closely 
realized when low viscosity lubricants such as water and 
air! are used. The analysis, however, can only be expected 
to give approximate results when oils are employed since 
the viscosity can vary appreciably depending upon the 
severity of the application. Work is currently in progress 
to account for the effects of variation of viscosity. The 
boundary conditions for p will be discussed subsequently. 
Details of the analysis can be found in the appendix. 


pe Oz 


Boundary conditions 


Solutions of Eq. [2] were obtained using two different 
boundary conditions which are denoted by Type 1 and 
Type 2 B.C. 

Type 1 B.C. is illustrated in Fig. 5a and requires that 
the pressure p equal the ambient pressure p,, taken to be 


es 








p=p,70 
. p=p,*0 
ta 2 0 
p=p,=0 
anaes 
(o) (b) 


Fic. 5. Illustration of boundary conditions. 





1 Provided that the bearing is lightly loaded. 
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zero, at the edges of the pad; i.e. p = p, = 0. This permits 
the existence of sub-ambient pressures near the trailing 
edge of the pad for cases where the film shape is diverging 
in this region. Figure 6, drawn on the assumption that the 
ambient pressure is atmospheric, i.e. that p, = 0 psi, 
requires the sub-ambient pressures to be “negative” as 
illustrated by the solid curve. It is clear that there would 
be no “negative” pressures if the ambient pressure were 
raised sufficiently high. The existence of “negative” 
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(dimensionless) 


Fic. 6. Pressure distributions for convex cylindrical pad. 


pressures implies that a tensile force is being exerted on 
the lubricant. As liquids ordinarily cannot withstand 
tensile forces, rupture or cavitation of the liquid lubricant 
film will occur near the trailing edge. The pressure distri- 
bution will then appear as shown by the dotted line in 
Fig. 6 representing the Type 2 B.C. Flow continuity 
considerations (3) require that the point of rupture be 
determined by the additional requirement that dp/dx = 0 
as well as p = 0. Consequently, the Type 2 B.C. may be 
summarized as shown in Fig. 5b requiring that p = p, = 0 
at the edges and along some curve lying within the pad, 
the curve being determined by the stipulation that dp/dx 
=0,p=p, = 9. 

In general, the Type 1 B.C. is realized in applications 
involving lightly loaded bearings employing liquid or 
gaseous lubricants and in applications where the bearings 
operate in a high ambient pressure region as would be the 
case, for example, in pumps for atomic power apparatus (4). 
Type 2 B.C. is fulfilled in applications requiring the use of 
moderate and heavily loaded bearings employing liquid 
lubricants and operating in low ambient pressure regions 
as would be the case, for example, in turbine and generator 
equipment. 


Results 


(a) Cylindrical Pad 
The solutions of Eq. [2] for load capacity and pivot 
position are given in the form of typical curves which are 


illustrated by Figs. 7 and 8 for the case of the cylindrical 
pad. In Fig. 7, the load variable Who?/1UB?L, which for 


given values of minimum film thickness ho, viscosity p, 
speed U and pad dimensions B and L, is directly propor- 
tional to the load capacity W of the pad, is plotted against 
the ratio of crown to minimum film thickness, 5/ho, for 
various values of the film ratio a = hy/ho and Type 1 B.C. 
The location of the pivot is given for various film ratios 
by the plot of x/B vs. 5/ho, Fig. 8. It can be seen that 
operation over a wide range of pivot positions including 
the cases of central pivoting (x/B = 0.5) and pivoting 
ahead of center (x/B < 0.5) is possible. 
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Fic. 8. Pivot position vs. 5/ho, convex cylindrical pad, Type 1 B.C. 


In Fig. 7 a horizontal line labeled “flat pad, optimum 
pivot” is shown. This line represents the value of the load 
variable of a square flat (6 = 0) pad whose pivot has been 
most favorably placed in order to achieve maximum load 
capacity!; in the following discussion it will be used as a 








1 For a moni (L/B = 1) flat pad, x/B = 0.6 yields maximum 
load capacity (1). 
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standard for comparing the performance of crowned pads. 
Figure 7 shows that the convex cylindrical pad is either 
equal or superior to the flat pad with optimum pivot for 
values of 5/ho ranging from zero to about 1.5. The cylindri- 
cal pad attains maximum load capacity when 5/ho = 0.65 
approximately and a = 3.4; reference to Fig. 8 shows that 
this operating condition requires that x = 0.58B. At this 
point, the load capacity is given by 
pUB*L 
W = 0.087———_ [3] 
he? 


which is about 21° superior to the flat pad with optimum 
pivot. 

Since the curves in Fig. 7 reach their optimum values 
to the right of the origin and decline rapidly as 5/ho de- 
creases it is evident that no advantage as regards load 
capacity will be gained by employing concave crowns, 
that is, negative values of 5/ho. This is more clearly revealed 
by the curves for the spherical pad (Fig. 16) which will be 
discussed subsequently. Concave longitudinal crowns 
(Fig. 1b) should also be avoided from a practical viewpoint 
since they foster negative or sub-ambient pressures at the 
leading edge which prevent the building up of a lubricant 
film in starting or, once in operation, encourage its des- 
truction. 

Figures 9 and 10 for load variable and pivot position 
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Fic. 9. Load variable vs. 5/ho, convex cylindrical pad, Type 2 B.C. 


apply to the convex cylindrical pad having Type 2 B.C. 
Comparison of Figs. 7 and 9 reveals that for any given 
value of 5/ho and film ratio a, the load capacity is improved 
by application of Type 2 B.C., the degree of improvement 
being most noticeable at the lower values of the film ratio 
a and the higher values of 5/ho. However, the peak values 
of the load variable are not substantially affected by the 
Type 2 B.C. so that Eq. [3] and the values of 5/ho, a and x 
preceding it in the text are independent of the boundary 
conditions. Comparison of Figs. 8 and 10 shows that the 
pivot position is influenced by the boundary conditions, 
the greatest changes occurring at low values of the film 
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Fic. 10. Pivot position vs. 8/ho, convex cylindrical pad, Type 
2B. 


ratio a and high values of 5/ho as was the case with the 
load variable. Type 2 B.C. restricts the furthest upstream 
pivot position to be about x/B = 0.28 whereas no such 
restriction is required with Type 1 B.C. Another interesting 
comparison of the effects of the boundary conditions is 
given in Fig. 11 where the film ratio a is plotted against 
5/ho for a centrally pivoted pad. 
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Fic. 11. Effect of boundary condition on film ratio, a = hy/he. 


(b) Transverse Pad 

The load variable Who?/»UB?L and pivot position x/B 
are plotted against 5/ho in Figs. 12 and 13 for pads having 
convex (+65/ho) or concave (—8/ho) crowns in the trans- 
verse direction. Figure 13 reveals that operation with pivots 
located centrally is not possible since central pivoting 
requires the film ratio a to be equal to one for which the 
load capacity given by Fig. 12 is zero. Thus, assuming that 
the viscosity of the lubricant is constant, it can be seen 
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that transverse pads must be pivoted eccentrically (i.e. 
_ x/B > 0.5) in order to develop a finite load capacity; a 
similar situation prevails for the flat pad (1). 

Figure 12 shows that the load capacity is a maximum 
for any given film ratio a when the pad is flat, i.e. when 
5/ho = 0. It is also evident that a transverse crown, either 
convex or concave, is very detrimental to load capacity. 
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Fic. 12. Load variable vs. 5/ho, transverse pad. 
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Fic. 13. Pivot position vs. 5/ho, transverse pad. 


The decrease in load capacity occurring with convex trans- 
verse crowns is readily attributed to the increased side flow 
due to the enlarged film thickness at the sides of the pad 
which causes the transverse pressure distribution to be as 
shown by the solid curve in Fig. 14. The explanation for 
the more drastic decrease in load capacity shown in Fig. 12 
to occur with concave transverse crowns is not so evident. 
Consider two transverse pads, one convex, the other con- 
cave, operating with the same minimum film thickness ho 
as illustrated by the inserts in Fig. 14 which represent the 
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Fic. 14. Transverse pressure distributions for concave and convex 
transverse pads. 


end views of the pads. It can be seen that the film thickness 
hg at the center of the concave pad is necessarily greater 
than the minimum film thickness ho at the center of the 
convex pad. Since the pressure developed at any point in 
a lubricant film is inversely proportional to the film thick- 
ness, it follows that the pressure at the center of the 
concave pad will be less than the pressure at the center of 
the convex pad. However, the concave pad will be more 
efficient in preventing side flow because of its converging 
film shape in the transverse direction. Consequently, the 
pressure distribution for the concave pad will be as illus- 
trated by the dotted curve in Fig. 14 and the resulting load 
capacity, represented by the area under the dotted curve, 
will be considerably less than that of the convex pad. If 
the comparison between the two types of transverse crowns 
were made on the basis of a given outlet film thickness h2 
rather than a given minimum film thickness ho, the results 
would be as shown in Fig. 15 where a new load parameter 
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Fic. 15. Effect of outlet film thickness he on load capacity of 
transverse pad. 
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Wh,?/pUB2L is plotted against the ratio of crown to outlet 
film thickness 5/he. It can be seen that the load capacity W, 
for fixed values of he, », U, B and L would increase indef- 
initely as the crown is made more concave, approaching 
infinity at 5/hg = — 1. However, any increase in load capac- 
ity is made at the expense of a decrease in minimum film 
thickness ho for it is evident that ho = 0 when d/ho = —1. 
Figure 12, therefore, based on the minimum film thickness 
ho rather than the outlet film thickness he, is a more 
realistic appraisal of the transverse pad. 

Since the film shape of the transverse pad is never 
diverging in the direction of motion, sub-ambient or 
“negative” pressures will never occur. Therefore, Figs. 12, 
13, 14 and 15 are necessarily based on Type 1 B.C. 


(c) Spherical Pad 
Typical curves for the spherical pad are given in Figs. 


16 and 17 for Type 1 B.C. and Figs. 18 and 19 for Type 
2 B.C. Figures 16 and 17 are drawn to portray the effects 


of spherical concavity (—5/ho) as well as spherical convexity 
(+5/ho). Since the peaks of the curves in Fig. 16 (and 
Fig. 17) occur at 5/ho = 0, it is evident that either spherical 
convexity or spherical concavity reduces the load capacity. 
However, the reduction is more marked for concave 
crowns. The fact that the curves in Fig. 16 do not decline 
as rapidly as the transverse pad (Fig. 12) to the right of 
5/ho = 0 can be attributed to the beneficial effects of the 
longitudinal component of the spherical crown tending to 
mitigate the detrimental effects of the transverse compo- 
nent. That the curves in Fig. 16 indicate a finite load 
capacity is possible when operating with concave spherical 
crowns is mainly of academic interest. Concavity should 
be avoided from a practical standpoint for reasons previously 
set forth. 

Comparison between Figs. 16 and 18 reveals that 
imposition of Type 2 B.C. enhances the load capacity of 
the spherical pad in a manner similar to that previously 
experienced with the cylindrical pad. Figures 17 and 19 












































0.10 T T T T T T T T 
2 
v 
J 
= 0.08 ~ 
° 
é FLAT PAD, OPT. PIVOT, 
€ Pe 
2 
0.06 F oo 
<|5 
F)a 
‘ SX 
~ eae b 
@ 
= 
ec 
a 
> 
a 0:02- 
a 
oO 
4 
° | ! 
-5 -4 -3 -2 -1 ie) 
CROWN - 
MIN. FILM THICKNESS h, 
Fic. 16. Load variable vs. 5/ho, spherical pad, Type 1 B.C. 
1.0 T T T T T T 
z 0.8 
: 
c 
3 
: E 
o 
= 0.6 
ix|o 
z aa 
° pen eee 
nO 0.4 
a ] 
° 
a S 
+) 
> 0.2-r 
a 
° i i | L 
-5 -4 3 2 

















CROWN 


- s (dimensiontess) 





MIN. FILM THICKNESS — h, 


Fic. 17. Pivot position vs. 5/ho, spherical pad, type 1 B.C. 








272 A. A. RAIMoNDI 


illustrate that the spherical pad is capable of operation 
~ over a wide range of pivot positions, including central and 
upstream pivoting, and that Type 2 B.C. (Fig. 19) alters 
the shape of the curves in the same manner as that found 
for the case of the cylindrical pad (Fig. 10). 




















0.10 T T T T 

ry 

Dal 
2 0.08 F rae a 
S 

o 

Cc 

€ FLAT PAD, OPT. PIVOT” 
2 

oF 0.06 4 

“oly 
= D~ | 

a ro:7 

. /pa74 
y Betas * | gi 
< 
a 
Fs = 
GO 0.02 + 
3 o:2—/ ss 
o o: usd/ 

0=1.0 
° 1 | | 4 
0 1 2 3 4 5 
CROWN 3 


dimensioniess) 





MIN. FILM THICKNESS ~~ h, 


Fic. 18. Load variable vs. 5/ho, convex spherical pad, Type 2 B.C. 





(dimensionless) 




















p<|@ 
z 
°o 
- 
Ww 
oO N 021.15 eond 
a EE KN 
we 071.0 
fo) 
> 0.2 4 
a 
° 1 i 1 | 
° 1 2 3 4 5 





: CROWN A 
MIN. FILM THICKNESS ~ ho 





(dimensionless) 
Fic. 19. Pivot position vs. 5/ho, convex spherical pad, Type 2 B.C. 


Eccentric and central pivot position 


The previous curves have demonstrated that crowned 
pads are capable of operating with a wide range of pivot 
positions. However, in practice, a flat pad is usually 
constructed with the pivot located eccentrically (x = 0.6 B 
for a square pad) in order to attain maximum load capacity 
or centrally (x = 0.5 B) in order to achieve reversibility 
of operation. Figure 20, drawn for pads with x = 0.6 B, 
illustrates that the convex cylindrical pad is superior to 
the flat pad over a wide range of 5/ho. It is also evident 
that no advantage is gained over a flat pad by using an 
eccentrically pivoted spherical pad. The data of Fig. 20 


can also be interpreted as implying that an eccentrically 
pivoted pad, originally flat, will benefit from convex 
longitudinal departures from flatness and suffer from 
convex transverse departures. The curves also emphasize 
that any type of concave departure from flatness is extremely 
detrimental. 
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Fic. 20. Load variable vs. 5/ho for eccentrically pivoted pads, 
x/B = 6.0. 


Considerable attention was devoted to the case of the 
centrally pivoted pad in Reference (1). It was demonstrated 
that a departure from flatness of the nature of a longitu- 
dinally convex profile was an important factor in explaining 
the high load capacity experienced with supposedly “‘flat”’ 
centrally pivoted pads for which theory, assuming constant 
viscosity, predicts zero load capacity. This conclusion was 
derived partly from a mathematical analysis based on pads 
of infinite transverse length. Corroboration for pads of 
finite length is given by Fig. 21 where the load variable is 
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plotted against 5/ho for cylindrical, spherical and transverse 
pads with central pivots. It can be seen that both cylin- 
drical and spherical deviations from flatness are capable of 
yielding high load capacities while purely transverse 


departures are not. Optimum load capacity occurs when | 


the crown 6 is roughly! one-half the minimum film thick- 
ness. At this point the cylindrical pad is 8% better than 
the flat pad with optimum pivot and the spherical pad is 
86% as good. A significant aspect of the curves in Fig. 21 
is the steep slope in the vicinity of 5/ho = 0. For the case 
of the cylindrical pad, for example, a load capacity equi- 
valent to the flat pad with optimum pivot is attained with 
a crown equivalent to only 0.15 times the minimum film 
thickness (i.e. 5/ho = 0.15). Pads having such minute 
crowns would in many cases be considered “flat” in 
practice. 

The importance of convexity in centrally pivoted pad 
applications involving the use of low viscosity lubricants 
has been recognized (1, 5, 6). The spherically convex pad 
is usually employed since it is manufactured more easily 
than the cylindrical pad. 


Design example 


The use of Fig. 21 for the design of a spherically crowned 
pad may be illustrated by a typical problem: Calculate the 
maximum load capacity and crown required to attain this 
condition if the following information is known: 


p = 4.5 x 10-8 lb sec/in? (water at 200 F) 

U = 1200 in./sec 

B= L = 2in. 

ho = 0.001 in. 
Reference to Fig. 21 indicates that optimum load capacity 
is attained when 5/ho = 0.6 approximately. Consequently 


5 = 0.6x ho = 0.6 x 0.001 = 0.0006 in. 
The load variable at 5/ho = 0.6 is about 


Who2/»UB2L = 0.0615 


from which the maximum load capacity is given by 


pUBL 
W = 0.0615———— = 106 lb. 
ho? 


If the pad were made cylindrical rather than spherical, the 
load could be increased to 135 lb with no decrease in the 
minimum film thickness. 


Conclusions 


The results of the present analysis may be summarized 
as follows: 

(a) Convexity in the longitudinal direction can contri- 
bute beneficially to the load capacity of pivoted pad bearings. 

(b) Convexity in the transverse direction is detrimental 
to the load capacity of pivoted pad bearings. 

(c) Concavity, either longitudinal or transverse, is very 
detrimental to the load capacity of pivoted pad bearings. 





1 The curves of Fig. 21 reveal that maximum load capiahy is 
attained when 8/ho = 0.43 for the cylindrical pad and 8/ho = 0.60 
for the spherical pad. 


(d) Convexity in the longitudinal direction permits 
central pivot operation and is an important factor in estab- 
lishing the load capacity of centrally pivoted pads. By 
controlling convexity the load capacity of such bearings 
may be increased considerably in some cases. 

(e) The optimum amount of crown (or degree of con- 
vexity) for a square (L/B = 1) centrally pivoted pad is 
roughly one-half the minimum film thickness. At this 
point the cylindrical pad is slightly superior to the flat pad 
with the pivot placed for optimum load capacity and the 
spherical pad is 86% as good. 
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APPENDIX 
1. Cylindrical pad 
(a) General equation for Film Thickness 
In Fig. 4 a section through a crowned pad is shown. Let 
the distance h’ be represented by the parabola with co- 
ordinate axes (x’, y’) and vertex (B/2, 0) such that 
h’ = k(x’ —B/2)? [1] 


The constant k! may be evaluated from the condition 





1 k is the reciprocal of the latus rectum of the parabola which 
can be shown to be related to the radius of curvature R at the 
vertex by the relation k = 1/2R. 
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h' = 8 at x’ = 0 giving k = 45/B?; moreover, since the 
- inclination ¢ will be minute, x’ = x/cos ¢ ~ x. Therefore, 
Eq. [1] may be approximated by 


ragy 


The film thickness h in Fig. 4 at the point (x, y) is given 
by 


h=r-—s cos¢ [3] 
where 


(ha — he) 





r=h-— x [3a] 
Since s = 5—A’ and cos ¢ ~ 1, Eq. [3] may be written 
as 


h=7-8+h' [4] 


whereupon substituting [2] and [3a] into [4] and simpli- 
fying yields the desired equation for the film thickness 


has 
h=h re Bk SF  baY le | 
=e a—a— + — —}i—)}(—- 
l( B a Ja) ) 
Equation [5] is general and holds for either the convex 
(+8) or concave (—8) cylindrical pads illustrated in Figs. 


la and 1b respectively. If the crown 4 is taken to be zero, 
[5] reduces to 


h = In(a—a— 4 — 5 
91a—a ) [Sa] 


which is the familiar expression for the film shape of a 
flat pad. 


(b) Equations for Minimum Film Thickness ho 

Figure 4 illustrates that the minimum film thickness ho 
will occur within the pad length B if the pad is convex. 
The value of x at which h = fo, denoted by the symbol 
xo, may be obtained by differentiating [5] and setting 
dh/dx = 0, giving 





ho{a-1) 1 


= +5 (6] 


diene al 


Substituting x = xo into [5] gives the following equation 
for the minimum film thickness 


+1 —1? 6§ 
a (a—1) 7] 


(ho)convex on he Ee et 163/ha, Bay ho 


It can be seen that if the function he(a—1)/85 appearing 
on the right-hand side of [6] exceeds the value 3, a value 
of xo greater than B may be calculated. This would be the 
correct x9 if the pad profile could be continued beyond the 
trailing edge of the pad. However, since this is not phys- 


ically permissible, ho is interpreted to be the value of h at 
the trailing edge (i.e. ho = he), when he(a—1)/85 > 4. 

When the pad is concave, as shown in Fig. 1b, the 
minimum film thickness always occurs at the trailing 
edge.!-2 Hence, 


(ho)concave = he [7a] 


2. Transverse pad 
(a) General Equation for Film Thickness 

Figure 2a illustrates a square pad which is inclined with 
respect to the moving surface and has a convex crown in 
the transverse, or z direction. If the crowning is parabolic 
and the vertex of the parabola taken on the longitudinal 
center line, the distance e at any point (x, 2) in Fig. 2a is 
given by 


e = 4822/L? [8] 


As the pad is not crowned in the longitudinal direction, the 
film thickness along the longitudinal center line is given 
by [5a]. Hence, the film thickness h at (x, 2) is the sum of 
[5a] and [8], namely 


alee a@] oo 


Equation [9] is valid for either convex (Fig. 2a) or concave 
(Fig. 2b) transverse crowns. 


(b) Equations for Minimum Film Thickness 

It is evident from Figs. 2a and 2b that the minimum film 
thickness will always exist at the trailing edge of the pad.? 
Substituting x = x9 = B in [9] gives 


in in 44(—) [10] 


If the pad is convex (Fig. 2a), ho occurs at z = 0 and 
substitution into [10] gives 


(Ao) convex = he [11] 
If the pad is concave (Fig. 2b) ho occurs at z = L/2 giving 
(ho)concave = he+8 [11a] 


where the crown 6 is understood to be negative. 


3. Spherical pad 
(a) General Equations for Film Thickness 

Figure 3a shows a square pad inclined with respect to 
the moving surface and equally crowned parabolically in 
both the x and z directions, the total crown at the pad 
center being 5. By following analogously the procedures 
previously employed to derive Eqs. [5] and [9] which 
respectively account for longitudinal and transverse crown- 





1 Assuming that a > 1. 


2 When a = 1, ho obviously occurs simultaneously at the four 
corners of the pad. 
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ing, the general equation for the film thickness of a spherical 
pad can be shown to be 


ne In| (aa + =| + 
ava} )z)] 2 


Equation [12] is valid for convex (Fig. 3a) and concave 
(Fig. 3b) spherical crowns. 


(b) Equations for Minimum Film Thickness 
Proceeding as in section 1(b) of the appendix gives 


respectively the location and magnitude of the minimum 
film thickness as 


2hx{a—1) 1 
(*o)convex = B [= + | [13] 
and 
fers 3.3 1 (a-1P? 8 
(ho) convex = he S- ” 165/2h, ~ | [14] 


For the concave spherical pad (Fig. 3b), Eq. [11a] will 
apply for the minimum film thickness. 


4. Analysis 


The problem consists of solving Reynolds equation for 
the pressure distribution in the lubricant film of a slider 


bearing 

hP 6. hP é oh 

“(= = \4- x(x) = 6U— [15] 
Ox\ pp Ox} = Oz\p Oz Ox 


for the various film shapes h which were discussed in the 
previous sections. The pressure is denoted by , the lubri- 
cant viscosity by uw, the runner speed by U; x represents 
the coordinate taken in the direction of motion, and z the 
coordinate taken transversely (perpendicular to the direc- 
tion of motion). The viscosity » will be taken as constant; 
the film thickness h depends on both x and z. The boundary 
conditions which p must satisfy are discussed in the text. 

Following the method of Carter (7), Eq. [15] may be 
transformed into a more convenient form by making the 
substitution 


6uU 
he tas [16] 
giving 
= * ion alsa + =) i” =0 [i7] 
ax2z®—htN\ Ox2® ~— dz? ht a 


It can be verified through [16] that the boundary condi- 
tions for g are identical to those for p and that ap/ax = 0 
implies that ég/éx = 0. 

Since [17] must be solved numerically, it will be con- 
venient to divide the bearing surface into a mesh consisting 
of n+1 equally spaced lines in the x direction and m+1 


equally spaced lines in the z direction as shown in Fig. 22. 
To effect this, the following transformations are helpful 


€ = nx/B 
C = m2/L 


[18a] 
[18b] 


NODE 





—t 
¥ 
n- C0 - 


01234858678 


€ ———+ 


Fic. 22. Bearing surface scribed to form mesh. 


The lines € = 0,1,2...m, and = —m/2, —m/2+1..., 
+m/2 form the required mesh (Fig. 22). In order to include 
the center line £ = 0, m is taken to be an even integer. 

In terms of € and {, [17] reads 


aq mB\20q 1 
ae qj 3 eH 
ht jm B\?2 ahi B oh 
‘ae Gal el ae? 
For the pads studied in this paper, 4 has the form 
h = heG(x, 2) [20] 


where G(x, 2) is a function representing the film shape. 
Equation [5] defines G to be 


eet 8\ /x\/x 
onli AEE] 
B B he] \B/\B 
for the cylindrical pad; Eq. [9] gives 
#8 8\/2\2 
o= [EOE 
B B he] \ L 
for the transverse pad, and Eq. [12] yields 
2 8 \/x 
o= |(e-«5 + 5) *{an)B)” 
B SB 2h2/ \B 
* tied ey) oe 
4 _ — — 
G )+ (aa) (z) ites 


for the spherical pad. 


Substituting [20] into [19], dividing by Bho-* and 
letting 


[20b] 


hat 


where u is subject to the same boundary conditions as p, 
gives 


Ou 


nds g 0 [2 
+ (2S) S-Menerte) = 0 aI 
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_where 
f(E9 
2G @&G\ G'ifseG\2 /aG\2 
olf) -F2)) 
Ox2 = Ag 2 Ox oz 
= [23a] 
2n2Gt 
and 
— BeaG|/éx - 
a(é,¢) = a [23b] 


Since G represents an analytic function, no difficulty will 
be encountered in performing the differentiations in 
[23a, b]. 
The partial derivatives in [22] may be approximated by 
their finite difference equivalents (see Ref. (8)), giving 
m By? 
(m+ —2o)+ (=) (us-+ 4 —2ue) 


—S(€o, So)to+ga(Eo,%0) = 9 [24] 


where the notation is as in Fig. 23. 








Fic. 23. Interior node of bearing mesh. 


Various methods were employed to solve Eq. [24] for 
uo. Among these were a tedious relaxation method by hand, 
a resistance network analogy (7) and a digital computer. A 
10x 10 mesh (n = m = 10) was found to give satisfactory 
accuracy. The values of up are easily converted to pressure 
since according to Eqs. [16] and [21], the pressure parameter 
u is related to the pressure p through the following 
equation 


p= G-ty [25] 





The load capacity of the pad may be obtained by sum- 
ming the pressures 


L/2 B 
W= 2 | pavae [26] 
0 0 


and the pivot position x from 


L/2 B 
xW=2 xpdxdz [27] 
{J 
(see Ref. (9)). 


Numerical integration techniques were used to evaluate 
the integrals in [26] and [27]. 

















Effects of Fluid Film Pressure on Hydrodynamic Lubrication 


By N. TIPE 


The effect of pressure upon hydrodynamic lubrication is reflected by the variation of the density 


and viscosity of the lubricant. 


Proceeding from the function that relates density to pressure in the case of liquids, the author 
obtains the generalized differential equation of a variable x upon which pressure distribution, 
as well as other characteristics, depends. This equation is integrated in the case of two-dimen- 
sional motion; as an application, the problem of plane surfaces and constant viscosity is dis- 
cussed and it is shown that parameter K = 6V yl/Bho*(h'/h2 —1) has an important influence. 

For circular cylindrical surfaces, the density depends on an integral expression the solution of 
which is obtained by means of conventional graphical and numerical computations. 

By admitting finally that the viscosity also varies with pressure, a general method is given 

for solving the two-dimensional problem. 


DEnsITY and viscosity play an important part in the process 
of hydrodynamic lubrication because they are influenced 
by pressure at each point of the fluid layer. 

In a first approximation, the effect of pressure is neglected 
and the hydrodynamic problem is solved by assuming that 
for liquids both the density p and the viscosity p are 
constant. The pressure effect upon » has been determined 
elsewhere (1) but the expressions obtained for the pressure 
p are rather cumbersome. 

Using approximate hypotheses, the variation of p with 
the pressure has also been considered previously (2) for 
particular cases of bearing geometry. This work, however, 
took into account only the effect of p upon the oil flow and 
assumed a parabolic shape for one of the solid surfaces; it 
also admitted two-dimensional motion for the lubricant. 

The purpose of the present paper is (a) to obtain some 
explicit solutions that are easy to apply, and (b) to consider 
the exact variation of p with p. It will also discuss the 
effects upon p and pu of the superimposition of pressure in 
hydrodynamic lubrication. 








Fic. 1. Geometric and kinematic elements of the problem. 





Contributed by the ASLE Technical Committee on Bearings 
and Bearings Lubrication and presented at the Annual Meeting 
of the American Society of Lubrication Engineers held in Buffalo, 
New York, April, 1959. 


1 Professor of Mechanical Engineering, Head of Machinery and 
Mechanisms Division, Institute of Applied Mechanics, Bucharest 
Roumania. 
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Referring to Fig. 1, let x2 be the coordinate of a point 
of the fluid film; 4, the film thickness at the point with 
coordinates x;, x3, measured along two axes in one of the 
bounding surfaces; m, the normal to the same surface at 
the point; and V4;, the velocity component of the surface 7 
upon the axis x;. The known expressions for the fluid 
velocity components are deduced from the Navier-Stokes 
equations: 


Voj5— Vij 


O,= — —x2(x%2—h)+ X2+ Vi; [1] 


Qu Ox; 


Considering the continuity equation and integrating it 
with respect to xg between O and fh, and denoting p, the 
density at a point on the solid surface that does not contain 
the _— for x2, we obtain 


f (p22) 
i = (pv2)n—(pv2)o = prV22—pVie 


Taking into account expression [1] and assuming that 
pressure p does not vary with x2, and hence that pp, = p, 
the Reynold’s equation is deduced in a more general 
form [3]: 


d (hp @ od /h®p 2 
(ee), 2 (em) 
Oxy 


pp Oxy xg \ p Oxg/ 








oh oh 
= 6{2p( V22—Vi2)—p( Voi — Vir) — —p(V23— Vis)}— 
Ox, 0x3 


ag | 


Without restricting the problem [3], we may take 





a4 Op(Voit+ Vu) @p(V23+ Vis) 
| Oxy Ox 
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Voe—Vizg = V29, Vo3 = Vig = 0, so that, if Vy does not 
depend on position, the following expression is obtained: 


a (hp ~ @ /h8p 2 | 
—( pe Oxy! —( pe Oxg 
ph) 


os ofa] o( Vie Va) + (2)+a+ Vu) | [4] 


«1 


In the case of gas lubrication, Eqs. [3] and [4] have forms 
that have already been discussed elsewhere (3). They also 
include the variation of » with position; that is, they show 
the effects of temperature and pressure upon viscosity. It 
should be noted, however, that an approximation was 
initially introduced by considering » = constant in the 
Navier-Stokes equations. 

Denoting by 1/8 the fluid coefficients of compressibility 
and taking into account the fact that the total mass of the 
fluid does not vary with the pressure, we may write: 


a 
dp = a p = po expl(P—po)/B] (5] 


Eliminating the pressure from Eq. [4] by means of 
relation [5], we obtain: 


ca am 
on “le (Va Va) + “| +(Voi+ vu | [6] 


x1 
The viscosity p is a function of pressure p and of position. 
Let 
h\4@ (h\@ 
= mf (—) = 119(p) (-) [7] 
hy hy 


where hy stands for a particular value of h, for example, 
the maximum thickness of the fluid film. 
Performing the substitution (1) 











aa te en 
and then 
are ata oo) 
Sloe ro) 
+(VatVir aon 


Generally speaking, an exponential variation of viscosity 
with pressure may be admitted (3), that is, 


Ff (p) = exp[a(p—po)], 
so that 


p = O(n) = 


oe  eaacmmmaenat. 5 


(- —aB a (10) 


Equation [9] includes in this way the effects of pressure 
upon the viscosity and at the same time takes into account 
liquid compressibility. It is readily seen that for incompres- 
sible lubricants, 


ie 


and that for viscosity not depending on pressure, 


a=0, f(p) = Hp) = a= O(n) =p 


B=, 7) = po, 


The known results (3), and Eq. [6] in the case of the last 
hypothesis, are thus obtained. 

Taking into account only the compressibility (a = 0), 
the solution of Eq. [9] for steady plane motion can be 
easily obtained. Indeed, in Fig. 1, the axes Ox, xg lie on 
surface 1, so that Veg = Vo . dh/dx;. Denoting Vo1+ Vi 
= V, we find that 


dp 641V p c 6u1V ( 





—_ = —— + 
dx, Bh h?-a@ f3-¢ Bh th?-4@ 





ho 
peu) [11] 


in which py represents the maximum density corresponding 
to a section where h = hp. 

The general solution will be, with C an arbitrary con- 
stant, 


| 6Vhopmei f 1 6V1 { dx) 
= |C— ————__| ——exp| — —— }dx,| x 
phy? J h8-9 Bhy® J h2-a 


x p(s f=) [12] 
Bhy® J h?-@ " 
By means of the second relation [5], the pressure at 
every point can be directly obtained. 
As an application, we shall consider the case of plane 
surfaces and constant viscosity, g = 0. If 4; and hg are the 
extreme values, corresponding to x; = 0 and x; = J, where 


l is the covering length of the two surfaces, thickness h 
may be written as 








x1 
h = hy—(n— ha) [13] 


Setting the conditions p = po for x; = 0 and x, = /, 
where, respectively, h = hy and h = he, we find from 
Eq. [12], in which K = 6Vyyl/Bho?[(hi/he)— 1], that 


[1 —(he/h1)] exp(Kha/h1)— 
— [(1/K) + (A2/h1) ]lexp(K) — exp(Khe/hi)] 





P= pot Pin 


[1 —(he/hi)] exp(Khe/h1)— 
— [(1/K)+ (he/hi) [exp(K) — sas 
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In some current cases, the factor K of the exponents 
may assume values much larger than unity, thus permitting 
a simplification of the pressure formula [14]: 


(1/K) + (he/h)— 
— [1 —(he/h1)] exp{—[1 —(A2/h)]K} 
PP = potf in 


(1/K) + (he/h1)— 
—[1—(he/hi)] exp{—[1 —(he/h1))K} 


& potB In[(/i/h)—[(Ar/he)— 1] exp{— [1 — (he/i1)K}}] 
[15] 


in which the second relation [15] is accurate especially for 
values of h;/hg small in comparison with K. 

Figure 2 shows the variation of a dimensionless pressure 
coefficient for various values of K. The compressibility 
influence seems to be negligible when K < 5, both for the 
curve shape and for the pressure values. When K = 20-30, 
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Fic. 2. Pressure coefficient distribution Cp = (p—po)he?/y1V/ for 
various values of parameter K . hi/he = 2. 


which are the highest K values that are possible in prac- 
tice, because of the decrease of the minimum thickness he 
and because of the variation of the other parameters, we 
find a fundamentally different pressure distribution com- 
pared with that of the incompressible-fluid case. 

Figure 3 shows the variation of the load-carrying- 
capacity coefficient, which is defined by the relation 
{ = Fho?/w,VI?x1, the maximum values Cpy of the 
pressure coefficient, and the position of the resulting 
pressure force x;*, that is, the ratio x;*//. Thus, for large 
values of K, the load-carrying capacity under hydrodynamic 
conditions, as well as the maximum pressure coefficient, is 
likely to decrease to 40% of the incompressible fluid value 
as the resulting force approaches the downstream end 
(x:*/1 undergoes a 10% variation). 

In Fig. 4, the influence of the relative surface slope (the 
ratio hy/h2) is considered for a large value of [(//h2)—1]K, 


ie. [(41/he)—1]K = 20. The coefficients { and Cpy present 
a maximum value, as in the incompressible-lubricant case. 

Although the shape of curves is similar, the value 
hy/h2 = 3.6, at which the load-carrying capacity reaches a 
maximum point, is quite different from h/h2 = 2.2, the 
value known to exist when the compressibility is neglected. 
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Fic. 3. Load capacity £, maximum pressure and resultant-force 
position coefficients Cpm, x1*/l, as functions of parameter /i/he = 2. 


The optimum values of the ratio 4;/hg which yield the 
largest load-carrying capacity, lie essentially between 
hy/he = 2.2 and hy/he = 5, and increase with K. 

The above example shows that it is necessary to verify 
the compressibility effect when designing bearings, since 
compressibility may modify the results substantially. 
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Fic. 4. Variation of load capacity { and maximum pressure coeffi- 
cients Cpas as functions of the ratio /1/he when [(/1/h2)—1]K = 20. 


Using @ to denote the angle of the radius vector measured 
from the position where h has maximum value hy, and using 
r, to denote the interior surface radius, c the radial clearance, 
and ¢« the eccentricity ratio (3), we obtain, for circular 
cylindrical surfaces h = c(1+€ cos 6), x; = 730. From Eq. 
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[12], the following equation is derived for g = 0 (wu = wi 
= constant): 


Kee exp[Kif(, 9)] 8) = 


p= Jc-x 
(1+€ cos 6)8 


x exp[— Ki f(e, 4)] 








6V 47 
Ki = bien [16] 
Be? 
1 
f(e,9) = 
(1— a-" 
1 e sin 6 1—e\* 6 
x| ‘ +2arc tan ( tan; | 
(1—e?)# 1+6€ cos@ 1l+e 2 


Although Eq. [16] is quite complicated, it can be used 
for graphical or approximate computations; where any of 
the surfaces are curved, Eq. [12] can be used for the same 
purposes. 

It is possible, however, for the approximation or calcu- 
lation errors to be of the same order or even larger than the 
initial approximation, that is, the approximation that h is 
a linear function of x}. 

By taking into consideration the variation of viscosity 
with pressure, we encounter important calculation diffi- 
culties. For example, in the case of plane motion, the 
differential equation of pressures, expressed by means of 
the variable z, will be 


dr 6Vu1p0 [ =~ 
dx Bm a?-@\ po 
x [rlV/A-aA)— gqyg/A-aP) | (ho/h)| [17] 





“P)s/0-an i 


Usually a> 1/8 and 1/(1—a8) < 0; in its general 
form, Eq. [17] can be solved only by means of an approx- 
imate method. Thus, writing the conditions: x, = 0, 
h = h, p = po, p = po, we obtain from Egs. [10, 13, 17]: 








Po 
= ‘ him = 1 +4Ajh 
77 — 1m 1+4A) 
é) 6V urpol 
Gi 1 Bh {hy —ho)h2 4-4 


(1 el ates. ~| 


Po him 


dn dn 
m™ = m+ (= )au, 2 Tn = Tait (F)_ dew [18] 


When a = 1/8, Eq. [17] can no longer be used, but the 
difficulties can be easily avoided if in the relation that 
defines the variable 7, the constant po/(1—af) is sub- 
tracted : 


N. TIpet 


2 


= (p- Po) 


= mae oe, 


a—>- 


m=) 





( 7 
p= poexp(—) = O(n) [19] 
po 
In case h is a linear function of x}, we obtain the dif- 
ferential equation 
dn 6V p1pol 
= x 
dh Bh, %\(hy —he)h?-4 


x [ex»(=) 2 pee(—)| =0 [20] 


OOS See Sis Sees” ee 
+A : , 
dh h-¢@ p pug h?-4 
_ 6Vurpailho 
Bh %(hy — he)po 





or 





[21] 


The general solution of this equation is: 


1 A \W22-@) 4/h 
-= {c + (=~) x 
p 2-4 pmo 


A 1 
x | M1 (1—@)/[22— o(5— ” R2-@ )| 


exp (- o 5 ° =)| exp . ra [22] 


where W stands for the Whittaker function (4). 

It should also be noted that for small values of the 
parameter K, the corrections due to pressure effects are 
negligible (Fig. 2). Thus it is advisable not to use these 
corrections when considering the liquid compressibility, 
since the errors introduced by linearizing A as a function 
of x; may be greater than the improvement obtained. 

Sometimes, however, we may consider an approximate 
linear variation of h with x , or a variation of the form 
h = c(1+<« cos #), even for complicated curved surfaces, 
when Eggs. [14]-[22] remain valid. 
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